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Nowadays, refrigeration machines have various 
domestic and industrial applications and they 

play a huge role in energy consumption. By doing re-
search studies, it is desired to make these machines 
more effective with less energy consumption [1]. Ins-
pecting the dynamical behavior of the refrigeration 
machines is an important factor in design and control 
of these machines.
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An important factor that affects the performance 
of the refrigeration machines is refrigerant selection [2]. 
Nowadays, refrigerants that have lower Global War-
ming Potential (GWP) and Ozone Depletion Potential 
(ODP) values are begun to take the place of those that 
have higher GWP and ODP values. In refrigeration 
machines, usage of R1234yf as an alternative to R134a, 
which is a refrigerant that is widely used in refrigeration 
machines, is gaining momentum due to its lower GWP 
and ODP values.

AB STR ACT

Machines like air conditioners and refrigerators, which cause significant energy 
consumption in countries around the world, are widely used in industry and residences. 

Analyzing and studying the behavior of these machines with computer simulations can 
optimize performance of them. In this study, thermodynamic modelling and dynamic 
simulation of a vapor compression refrigeration cycle is handled. R134a and R1234yf 
are used as the primary fluid and water is used as the secondary fluid in the refrigeration 
cycle.  R1234yf is a refrigerant, which has low Global Warming Potential (GWP) and 
Ozone Depletion Potential (ODP) and is recently has been begun to use as a substitute of 
R134a. In this study, dynamic behaviors of these two refrigerants are examined in a vapor 
compression refrigerant cycle with fixed operating conditions. Finite Difference Method is 
utilized for the modelling of the evaporator and condenser and Gungrr-Winterton and Travis 
et al. correlations are used for the modelling of the evaporation and condensation proccesses 
respectively. Orifice equation is utilized for the modelling of the expansion valve and 
modelling of the compressor is carried out by first dynamically simuating the heat transfer 
between the gas and surroundings until the gas reaches to compression chamber and after 
that the polytropic compression process in the chamber. For the realization of the dynamical 
simulation, refrigerant fluid mass flow rate is applied to the system as step input. Response of 
the system to the input is observed with transient p-h and coefficient of performance (COP) 
diagrams.  The results showed that COP is started off with the values of 2.079 for R134a 
and 1.711 R1234yf, reached the maximum points of 2.577 for R134a and 2.02 for R1234yf, 
then slowly declined with fluctuations. In the p-h diagram, due to temperature rise of inner 
walls of the evaporator and condenser, condenser outlet and compressor inlet enthalpy values 
started off with 395,945 kJ/kg and 231,714 kJ/kg for R134a, 361,557 kJ/kg and 230,750 kJ/
kg for R1234yf, then approached to the saturation curve with time and reached the values of 
393,957 kJ/kg and 233,808 kJ/kg for R134a, 359,547 kJ/kg and 231,917 kJ/kg for R1234 yf.
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sion room, the heat transfer between the refrigerant and the 
environment is considered. Then the polytropic compressi-
on process equation is utilized after the refrigerant arrives 
to the compression room. For the expansion valve, orifice 
equation is utilized [1]. Mass flow rate of the refrigerant is 
applied to the system as the step input.  Afterwars, the dyna-
mic effect of R1234yf and R134a refrigerants to the system’s 
coefficient of performance, required compressor work, coo-
ling load, pressure-enthalpy and temperature-entropy cha-
racteristics are investigated. 

The rest of the paper is considered as follows. In the se-
cond chapter, dynamical modelling of the refrigeration cycle 
is described. In the third chapter, the results are discussed in 
detail and the fourth chapter concludes the paper.

MODELLING OF THE SYSTEM

A basic refrigeration cycle consists of four components, 
namely, the evaporator, the condenser, the compressor 
and the expansion valve. The refrigerant absorbs the 
heat from the evaporator and evaporates, then the gas is 
compressed in the compressor and directly its pressure 
and indirectly its temperature increases. Afterwards, the 
excess temperature is emitted in the condenser and the 
pressure of the refrigerant is decreased to the condenser 
inlet pressure level in the expansion valve. A diagram of a 
basic refrigeration cycle is given in Fig. 1.

In the following subsections, the dynamical modelling 
of the each component is given.

Evaporator

The finite difference method is utilized for the model-
ling of the evaporator. A cross-flow evaporator with one 
dimensional fluid flow is considered. Gungor and Win-
terton [16] correlation is utilized for the modelling of the 
evaporation process. The heat convection coefficient can 
be calculated with Gungor and Winterton correlation 
shown in equations through 1-7.

One of the first studies in dynamical modelling of the 
refrigeration cycles is conducted by the American National 
Standarts Bureau which investigated the steady-state beha-
vior of the chiller [3] and boiler [4]. Moreover, the first studi-
es that aim to optimize the system design and increase the 
energy saving have taken their place in the literature [5-7]. 
Chi and Didion [8] developed a software that can achieve 
the dynamical analysis of their heat pump called TRPUMP 
and includes the models of the all components in lumped 
parametric form and they compared the results that they 
acquired from the software with the results reported by the 
American National Standarts Bureau. Bonne et al. [9] studi-
ed the dynamical simulation of a heat pump with a comp-
ressor driven by an electrical motor and its on-off control. 
MacArthur [1] modelled a vapor compression cycle to ac-
complish the closed-loop control of the system, achieved the 
dynamic simulation, investigated the stability and response 
of the system and then compared these results with the ex-
perimental results. Chen and Lin [10] studied the optimal 
component combination to decrease the energy consump-
tion of a small-scaled refrigeration system. In this study, the 
authors aimed to find the most favorable design combinati-
on of the compressor, the evaporator, the condenser and the 
capillary tube in order to reduce the energy consumption. 
Fu et al. [11] achieved the dynamical modelling of a dual-
mode air-to-water heat transfer based heat pump. The stu-
dies in this field are published over time and still continuing 
with developing control strategies [12] and dynamical mo-
delling of various system variations [13].

The effect of R1234yf and R1234ze refrigerants, which 
are recommended as a substite of the R134a, to the perfor-
mance of the system are still studied. Yataganbaba et al. [2] 
studied the exergetic analysis of two-compressor refrigera-
tion cycle with R1234yf and R1234ze refrigerants and com-
pared the exergetic behavior of these two refrigerants. Mo-
ta-Babiloni [14] studied the effects of R134a, R1234yf and 
R1234ze refrigerants both experimentally and theoretically 
to the system performance, condenser outlet temperature 
and evaporator outlet temperature. Belman-Flores et al. [15] 
experimentally studied the effects of R1234 yf and R134a to 
the performance and evaporator and condenser outlet tem-
peratures of a domestic refrigerator.

In this study, a vapor compression refrigeration cycle 
is considered. Thermodynamic and dynamical modelling of 
the system is achieved. R134a and R1234yf refrigerants are 
considered as the primary fluids and water is considered as 
the secondary fluid. Evaporator and condenser is modelled 
with the finite difference method and evaporation and con-
densation processes is modelled with Gungor and Winter-
ton [16] and Travis et al. [17] correlations respectively. Mo-
delling of the compressor is accomplished with two separate 
processes. First, until the refrigerant arrives to the compres-

Figure 1. A basic refrigeration cycle
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( ) 0o o
hx f

h h h pVa T T
t x A

ρ ρ∂ ∂
− − − =

∂ ∂
                              (13)

where ρ  shows the fluid density, Va shows the fluid 
velocity, oh  shows the convection coefficient, op  represents 
the outer tube diameter and fT  represents the secondary 
fluid temperature. The wall temperature of the evaporator 
can be calculated as Eq. 14

( ) ( ) 0hx
i i r hx o o hx f

TC V h p T T h p T T
t

ρ ∂
− − + − =

∂
          (14)

where C  shows the spesific heat of the wall and V  
shows the volume of the wall.

Condenser

Modelling of the condenser follows the same procedure 
of the evaporator except the condensation process is mo-
delled with the Travis et al. [17] correlation. The wall and 
the secondary fluid behavior equations of the evaporator 
are valid for the condenser. Primary fluid behavior of the 
condenser can be calculated as the following equations.

f f f f
c fg

m h m h
m h dx

t x
∂ ∂

= +
∂ ∂

 

                                             (15)

( )g g g g
o o r hx c fg

m h m h
h p dx T T dx m h

t x
∂ ∂

= − + +
∂ ∂

 

             (16)

where cm  shows the mass flow rate of the condensing 
fluid.

Compressor

Modelling of the compressor is achieved in two separate 
processes. First, the heat transfer between the fluid and 
the environment is considered until the fluid arrives to 
the compression room. Then, the polytropic compressi-
on process equation is utilized after the refrigerant arri-
ves to the compression room. An example demonstration 
of the compressor is given in Fig. 2.

The heat transfer equations that models the fluid tem-
perature change until the fluid arrives to the compression 
room are given in Eqs. 17-19.

( ) ( ) ( )3 1 1 1 11fl fl co cyl ss
V T T h T T h T Tρ − = − − −                 (17)

( ) ( ) ( )5 1
cyl

cyl cyl cyl ci cyl co cyl

dT
C V h T T h T T

dt
ρ = − − −         (18)

fg

qBo
Vhρ

=                                                                          (1)

0.5 0.10.91 v l
tt

l v

xX
x

ρ µ
ρ µ

   − =     
     

                                       (2)

1.16 0.861 24000 1.37(1 / X )ttE Bo= + +                                (3)

6 2 1.17

1
1 1.15 10 Re

S
x E−=

+
                                              (4)

0.8 0.4
1 0.023Re Pr /h k d=                                                   (5)

( ) 0.550.12 0.5 0.67
1055P logpool r rh P M q− −=                             (6)

1tp poolh Eh Sh= +                                                                  (7)
where Bo represents the boiling number, q shows the 

heat transfer rate, Xtt shows the Martinelli coefficient, x rep-
resents the quality of the vapor, k shows the heat conduction 
coefficient, M shows the molar mass and v and l subscripts 
represents the gas and liquid phases, respectively. Gnielins-
ki [18] correlation is utilized for the single phase turbulent 
flows. Nusselt number can be calculated with the use of 
Gnielinski correlation as in Eq. 8.

( )( )
( )2/3

/ 2 Re 1000 Pr
1 12.7 Pr / 2

f
Nu

f
−

=
+

                                            (8)

where Nu represents the Nusselt number, Pr shows the 
Prandtl number, Re shows the Reynolds number and  f  rep-
resents the friction factor. The friction factor and the Rey-
nolds number can be calculated by using Eq. 9-11.

Re VDρ
µ

=                                                                            (9)

( ) 2

64                                   Laminar 
Re
0.79ln Re 1.64         Turbulence       

f

f −

=

= −
           (10)

where ρ shows the fluid density, V represents the fluid 
velocity, D shows the pipe diameter and µ represents the flu-
id viscosity. The equations for the calculation of the behavi-
or of the primary fluid are given in Eq. 11-12.

g g g g
e fg

m h m h
m h dx

t x
∂ ∂

= −
∂ ∂

 

                                               (11)

( )f f f f
i i hx r e fg

m h m h
h p dx T T dx m h

t x
∂ ∂

= − − −
∂ ∂

 

              (12)

where fm , gm  ve em  shows the mass flow rate of the 
liquid, gas and liquid-gas phases, respectively, fh , gh  ve fgh  
represents the enthalpy of the liquid, gas and liquid-gas pha-
ses, respectively, ih  represents the convection coefficient of 
the fluid, ip   shows the inner tube diamater and hxT  and rT  
represents the wall and primary fluid temperatures, respec-
tively. The behavior of the secondary fluid can be calculated 
by utilizing the Eq. 13.  

Figure 2. Inner design of the compressor [1]
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( ) ( ) ( )1
1 2 1 1 1

s
sh sh sh s s s o s

dTC V h T T h T T
dt

ρ ∞= − − −             (19)

where fl, cyl ve sh subscripts shows the primary fluid, 
the cylinder and the outer shell of the compressor. Mea-
nings of the other symbols and subscripts can be inferred 
from Fig. 2. The fluid enters the compressor in T1 tempera-
ture, then, it interacts with the environment and heats up to 
T3 temperature and compressed in the compression room. 
Compression process in the compression room can be rep-
resented by the following equation.

1

4

3

cond

evap

T P
T P

γ
γ
−

 
=   
 

                                                                  (20)

where T4 shows the compressor outlet temperature, 
Pcond and Pevap represents the condenser and the evaporator 
pressures and γ  shows the isentropic compression coeffici-
ent.

Expansion valve

The modeling of the expansion valve is accomplished by 
utilizing the orifice equation given in James and James 
[19]. The fluid enthalpy is assumed to be steady between 
the enterance and exit of the expansion valve. The orifice 
equation is given in Eq. 21.

( )0.0683 cond evapm x P P= −                                             (21)

where x shows the openness measure of the valve ne-
edle in mms.

RESULTS

Mass flow rate of the primary fluid with 0.2 kg/sec is app-
lied to the system as step input. The input is applied to 
the system from the enterance of the evaporator and af-
ter each cycle completion, a time step is executed. R134a 
and R1234yf are utilized as the primary fluids and water 
is utilized as the secondary fluid. Thermodynamic and 
thermophysical property equations of R134a, R1234yf 
and water are acquired from Tillner-Roth and Baehr [20], 
Richter et al. [21] and Wagner and Pruβ [22], respectively. 
Isentropic compression ratios of R134a and R1234yf are 
considered as 1.2 and 1.1, respectively. Walls of the evapo-
rator and the condenser and shell of the compressor are 
considered as made of steel. Internal pressure of the eva-
porator is taken as 200 kPa and openness amount of the 
expansion valve needle is taken as 1.1 mm. By utilizing 
the orifice equation, it is calculated that the internal pres-
sure of the condenser is 796.6 kPa. Under these circums-
tances, R134a boils at approximately -10°C and conden-
ses at 31°C, while R1234yf boils at -13°C and condenses at 
30.5°C. Inner and outer tube diamaters of the evaporator 

and the condenser are considered as 0.01m. and 0.018 m. 
while their lenghts are taken as 14 m. Flow velocity of the 
both fluids are taken as 0.7 m/sec., under this circums-
tance, they both flow in turbulence. Initial temperatures 
of the environment, outer shell of the compressor and the 
cylinder are taken as 25°C and corresponding convective 
heat transfer coefficients are selected. In the evaporator, 
initial temperatures of the primary fluid, the secondary 
fluid and the wall are considered as -11°C, 0°C and 0°C, 
while in the condenser, the secondary fluid and the wall 
initial temperatures are considered as 23°C and 23°C. Fi-
nally, time steps are taken as 3 sec. and length steps in the 
evaporator and the condenser are taken as 0.1 m. More-
over, pressure drops in the evaporator and the condenser, 
kinetic and potential energy changes are neglected in the 
simulation and it is assumed that there are no leakings at 
the pipe connections and no heat loss to the environment 
from all equipments. 

The simulation is accomplished in the Java program-
ming language and contains 600 sec. time frame. The tem-
perature-entropy (T-s) and the pressure-enthalphy (p-h) 
diagrams at the initial and the final states are given in Fig 3, 
Fig. 4, Fig. 5, and Fig. 6.

Figure 3. Temperature-entropy diagram for R134a at initial and final 
states

Figure 4. Pressure-enthalpy diagram for R134a at initial and final states



13

M
.S

. T
ur

gu
t, 

M
.T

. C
ob

an
 / 

H
it

ti
te

 J 
Sc

i E
ng

, 2
01

8,
 5

 (S
pe

ci
al

 Is
su

e:
 S

el
ec

te
d 

Pa
pe

rs
 fr

om
 th

e 
21

st
 N

at
io

na
l T

he
rm

al
 S

ci
en

ce
s a

nd
 T

ec
hn

ol
og

y 
Co

ng
re

ss
) 0

9–
14

By looking at the the Fig. 3, it is seen that, for R134a, 
the evaporator-, the compressor- and the condenser- outlet 
temperatures are initially -6.17°C, 90.07°C and 23°C, respec-
tively and finally, they reach to -8.51°C, 71.85°C and 24.47 

°C. By looking at the the Fig. 5, it is seen that, for R1234yf, 
the evaporator-, the compressor- and the condenser- out-
let temperatures are initially -5.15°C, 84.37°C and 23.01°C , 
respectively and finally, they reach to -7.45°C, 70.08°C and 
23.86°C. By looking at these results, it can be seen that, the 
condenser and the evaporator wall temperature changes 
over time and thus the superheat and the subcool tempe-
ratures are decreased and increased, respectively, over time. 
Also, the compressor outlet temperature is decreased due to 
the heat transfer from the shell and the environment. The 
condenser and the evaporator temperatures are tend to get 
inside of the saturation dome. After these temperatures get 
inside of the dome, the system loses stability and the COP 
drops to zero. Variations of the COP, required compressor 
work and the cooling load over time for both R134a and 
R1234yf are given in Fig. 7, Fig. 8 and Fig. 9, respectively.

As can be seen in figures, since the superheat tem-
perature decreases over time, required compressor work 
also decreases. Moreover, the zig-zags in the heat transfer 
behavior over time of the evaporator occur because of the 

instabilities in the evaporation correlation. It can be seen in 
Fig. 9 that R134a absorbs more heat from the evaporator, ho-
wever it requires similar amount of compressor work with 
R1234yf. Therefore, it can be concluded that performance 
of R134a is greater than R1234yf. The performance compa-
rison is given in Fig. 7. This phenomena occurs because the 
thermodynamic and thermophysical properties of R134a 
is more favorable than R1234yf’s. The system coefficient 
of performance ripples because of the zig-zags in the heat 
absorbtion from the evaporator and after a small overshoot, 
it slowly decreases. After the superheat temperature drops 
below zero, the COP value rapidly converges to zero.

Figure 5. Temperature-entropy diagram for R1234yf at initial and final 
states

Figure 6. Pressure-enthalpy diagram for R1234yf at initial and final 
states

Figure 7. COP variation over time for R134a and R1234yf

Figure 8. Required compressor work variation over time for R134a and 
R1234yf 

Figure 9. Cooling load variation over time for R134a and R1234yf
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CONCLUSION

In this study, the dynamic behavior of a vapor compressi-
on cycle with R134a and R1234yf working fluids is inves-
tigated. Modelling of the evaporator and the condenser 
is achieved with the finite difference method. Modelling 
of the compressor is accomplished with first, finite diffe-
rence method, then the isentropic compression equation. 
Finally, modelling of the expansion valve is done with the 
orifice equation. The simulation results showed that the 
evaporator and the compressor wall temperatures decre-
ase and increase, respectively, over time. Therefore, the 
superheat and the subcool temperatures decrease and 
increase, respectively, over time. After the the superhe-
at and the subcool temperatures drops below zero, the 
system loses stability. Also, it is found that, the perfor-
mance of R134a is better than R1234yf and required 
compressor work of the system and the heat absorption 
from the evaporator decreased over time. The coefficient 
of performance slowly decreased after a small overshoot. 
The authors plan to study on control algorithms that can 
maximize the system coefficient of performance in the 
future works.
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