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Abstract

Aiming to mitigate the problem of harmful emissions arising from the use of conventional fossil fuels, the
performances of alternative fuels, namely LNG, LPG, biodiesel, ethanol, methanol, and hydrogen in an HCCI
engine have been analyzed. Thus, a thermodynamic model that considers the gas composition of combustion
products and the specific heat temperature dependency of the working fluid has been developed. It allows examining
the influence of key engine parameters such as the compressor pressure ratio, ambient temperature, equivalence
ratio, engine speed, and the compressor isentropic efficiency on the performance of the HCCI engine. The reliability
of the model has been successfully verified against various theoretical and experimental data from the literature.
Results showed that LNG performs the best in terms of brake efficiency, exergy efficiency, and placed second in
terms of brake specific fuel consumption. With the exception of the latter, although it is associated with a higher
energy value, hydrogen produces lower performance compared to the other fuels assessed. For all fuels, the largest
exergy destruction rates occur in the HCCI engine. It ranges between 78.4 and 87.8 % of the total exergy destruction
rate according to the fuel used. The order of exergy destruction rates within the other components differs from one

fuel to the other.
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1. Introduction

Although diesel engines are regarded as the best prime
mover of ships due to their high thermal efficiency, they
produce a large amount of pollutants such as sulfur oxides
(SOx) and nitrogen oxides (NOx). In addition, the
combustion of diesel oil contributes to global warming
through carbon dioxide (CO2) emissions. Fortunately, it is
possible to reduce these emissions to some extent using
multiple reliable strategies. An alternative mode of
combustion known as “Homogeneous Charge Compression
Ignition (HCCI)” emerges as a strong candidate among
these strategies. It is a combustion process that combines
characteristics of both spark-ignited engines and diesel
engines. The HCCI technology requires fuel and air mixing
before they are introduced into the cylinder (like in Sl
engines) and the mixture spontaneously ignites due to the
temperature increase during the compression stroke (like in
Cl engines). Despite their difficult control of the ignition
timing, these engines provide, like-diesel engines, high
efficiency with low NOx and PM emissions.

This technology also offers high fuel versatility and can
be used as long as it can auto-ignite at a reasonable
compression ratio for a large selection of fuels of different
octane/cetane numbers. Since the HCCI combustion is
completely managed by chemical kinetics, it has little
sensitivity to fuel characteristics.

Several studies have been performed on the suitability
and merits of HCCI engines fuelled with various fuels.
However, only a few researches that have
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thermodynamically analyzed the whole HCCI engines are
available in the literature. For example, Khaliq et al. [1]
evaluated the effects of turbocharger pressure ratio, ambient
temperature, and compressor adiabatic efficiency on first
and second laws efficiencies and the exergy destruction
taking part in each component of an HCCI engine operating
on wet ethanol. It has been shown that the performances
regarding the first and second laws of the engine depended
more on the turbocharger pressure ratio rather than the two
remaining parameters. They pointed out that most of the
destruction of exergy occurred in the HCCI engine
(90.09%), while about 4.39% of the total exergy destruction
was assigned to the heat transfer and fuel vaporization
processes and about 4.08% of the total destruction of
exergy occurred in the catalytic converter. The turbine and
the compressor were responsible for about 1.43% of the
destruction of exergy in the whole system. Trivedi and
Haleem [2] analyzed the effect of varying the effectiveness
of the regenerator on the efficiency of an HCCI engine
running on wet ethanol. Results indicated that the first and
second law-based efficiencies drop as the regenerator
effectiveness increases. It is also reported that the exergy
destruction in the combustion process made the HCCI
engine dominate compared to the other exergy destruction
factors, and the catalytic converter came second. Fatehi et
al. [3] carried out an energy and exergy study of isobutane-
fueled HCCI engine. This study demonstrated that with the
increment of the charge temperature at the engine inlet
deteriorates the indicated work, maximum pressure, and
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entropy generation, while the temperature reigning in the
cylinder, availability loss due to heat transfer through
cylinder walls, and total availability is increased. The
results showed also that an increase in the engine speed
increases the total availability and decreases the heat loss
availability. An exergy analysis on the combustion process
in HCCI engine running on fuel mixture in different
proportions of natural gas/DME employing single-zone
model was undertaken by Jafarmadar and Javani [4]. The
model incorporates a combustion mechanism considering
83 species with 360 reactions. It was revealed that for the
variation of the excess air ratios of DME from 6.5 to 14.7
while keeping constant for natural gas (=7.1), the exergy
efficiency enhanced to reach 30.2%, and the irreversibilities
are reduced to 15.4%.In its turn, the initial temperature
reduces the irreversibility and increases the exergy loss by
heat transfer. In a previous study, Djermouni and Ouadha
[5] analyzed thermodynamically an HCCI engine,
turbocharged and fuelled with natural gas. The findings
indicate that thermal and exergetic efficiencies were
enhanced under the increment of the equivalence ratio,
engine speed, and compressor pressure ratio. However,
these efficiencies were found to decrease when increasing
the ambient temperature. An energy and exergy study of a
hydrogen operated HCCI engine coupled to an organic
Rankine cycle has been carried out by Khaliq [6]. It was
observed that only 49.4% of the total exergy input was
available as a useful exergy output and about 44.6% was
lost due to irreversible processes in the system components.
Mamalis and Assanis [7] presented modeling of a boosted
HCCI engine based on the second law analysis. Results
showed that the system can achieve up to 10 bars mean
effective pressure with a maximum brake efficiency of
39%. A study using the first and second thermodynamic
laws was carried out by Li et al. [8] to study the energy and
energy mapping of three different regimes of combustion in
internal combustion engines. Results have shown that
HCCI exhibits the highest quality of energy and energy,
and CDC does the worst. Djermouni and Ouadha [9]
compared the performance of an HCCI engine running on
natural gas fuel to LPG as fuels by varying some operating
parameters such as compressor pressure ratio and
equivalence ratio. Khaliq et al. [10] carried out a
thermodynamic study on an HCCI engine fuelled with
hydrogen-enriched wet-ethanol. Results showed that the
system’s energetic and exergetic efficiencies increased with
increasing the hydrogen energy supply in the air-fuel
mixture. The system exergy analysis showed the HCCI
engine exhibited the highest destruction of exergy, and the
rise in the hydrogen fraction augmented the maximum
available work. Namar and Jahanian [11] carried out a
thermodynamic analysis of a hydrogen-fueled HCCI engine
to assess the effects of engine input parameters on its
performance. Results have shown that the irreversibility and
exergy parameters are primarily affected by the closing
pressure of the inlet valve and the equivalence ratio.

The current work aims to present a comprehensible
thermodynamic model that depicts the functioning
operations of a turbocharged HCCI marine engine. Due to
many reasons, such as the exorbitant cost for the
procurement of full size marine engine test bed, a model
that requires only a few data and translates them into useful
parametrical results relying on thermodynamics and proven
empirical correlations, is always welcomed. Furthermore,
the present study adopts a thermal management strategy to
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handle the inlet temperature required for a successful
combustion in the engine, by using the heat generated by
the compressor and a variable displacement pump.
Moreover, this study accesses the performances of as many
as six fuels fed into an HCCI marine engine.

2. Thermodynamic Modeling
2.1 Investigated Engine and Assumptions

An eighteen-cylinder, turbocharged and intercooled
HCCI engine is considered in the present study to assess its
performance by varying some operating parameters such as
the engine compression ratio, the fuel-air equivalence ratio,
the engine speed, the turbo-compressor pressure ratio, and
the engine inlet temperature. Table 1 summarizes the
engine specifications.

Table 1. Main engine specifications.

Number of Cylinders 18
Bore (B) x Stroke (S), mm 510 x 600
Engine compression ratio (rc) 17
Engine speed (N), rpom 500
Equivalence ratio (¢) 0.4
Compressor pressure ratio (rp) 5.5

A schematic of the system used for the thermodynamic
analysis is illustrated in Figure 1. It consists of an HCCI
engine, a turbo-compressor, a mixer, an intercooler, a
turbine, and a catalytic converter. The turbo-compressor
sucks ambient air at state 1 to compress it in order to reach
T, and p2. The compressed air is partially cooled by water
to attain the required temperature Ts. The partially cooled
air is mixed with the injected liquid fuel in the mixer and
ensures its vaporization. The premixed gaseous charge
enters the engine to realize compression, combustion, and
exhaust processes according to the Otto cycle. Exhaust
gases from the engine at state 6 enter into the catalytic
converter to eliminate the remained unburned fuel and
carbon monoxide, before expanding in the turbine to
produce the required power to drive the compressor, while
the extra flux is bypassed via the waste-gate of the turbine.
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Figure 1. Schematic of the system.

The system thermodynamic modeling and analysis are
founded on the following assumptions:
— All processes operate under conditions of steady-
state.
— Kinetic and potential rates of energy and exergy
are neglected.
— Ambient temperature and pressure are 25°C and
101.325 Pa, respectively.
— The combustion is assumed successful for the
given conditions (no misfiring).
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2.2 Alternative  Fuels and Fluid
Thermodynamic Properties

Due to their non-renewable nature and their harmful
pollutant emissions, fossil fuels, mainly petroleum-based
fuels, will be less used in the future, and abandonment
programs are already developed in many developed
countries. This situation has spotlighted the interest in a
rapid transition to alternative fuels. In addition to a suitable
high volumetric energy density, alternative fuels should
meet standards imposed by the IMO regulations.

A large variety of fuels that can be mixed with air before
ignition can be used to power HCCI engines. The mixture’s
combustion is fully controlled by chemical Kinetics.
Different fuels have different auto-ignition temperatures
that can be obtained using appropriate intake temperature
and compression ratio. Generally, the fuel auto-ignition
temperature decreases with increasing the carbon atoms
number [12].

As alternatives, in the present and the near future, liquefied
natural gas, LPG, Hydrogen, ethanol, methanol, and
biodiesel are considered as serious solutions. However,
availability and economic aspects make some of them more
realistic solutions than the others. These alternative fuels
are explored in the present study. Liquefied natural gas
(LNG) as a fuel has been used for the propulsion of LNG
carrier vessels for decades, by using the LNG boil-off gas
to run steam turbines. Due to its higher hydrogen-carbon
ratio compared to conventional marine fuels, natural gas
burning results in lower CO, emissions. Furthermore, NOx
emissions are significantly lowered. The utilization of LNG
as fuel does not produce SOx as it does not contain sulfur.
It also eliminates completely PM emissions. Liquefied
Petroleum Gas (LPG) is a well-established fuel mainly used

Working

as a cleaner substitute for gasoline for automobiles. It is a
blend of propane and butane with different proportions.
Hydrogen is a zero-emission fuel that can be extracted from
other compounds using electrolysis and steam-methane
reforming techniques. However, currently, hydrogen fuel
costs are higher than conventional fuels. Ethanol (ethyl
alcohol) is an alternative fuel commonly derived from corn
and sugarcane. It has been developed a few decades ago
mainly to replace gasoline. In addition to the reduction of
emissions, the engine can run under higher compression
ratios thanks to the higher octane rating of ethanol allowing
higher efficiency. As an alternative fuel, it is usually used
as a mixture of ethanol and gasoline. It can be also used to
100% ethanol. Methanol (methyl alcohol) is an alternative
fuel that can be extracted from natural gas or biomass. It
can be also synthesized from carbon dioxide and hydrogen.
As in the case of ethanol, it has been mainly developed to
replace gasoline. Due to its high octane rating, methanol as
fuel can offer higher thermal efficiencies. Biodiesel is an
alternative fuel with similar physical properties to diesel
fuel. It can be derived from renewable sources such as
animal fats and vegetable oils. Biodiesel, ethanol, and
methanol are eco-friendly, non-toxic, bio-degradable, and
oxygenated fuels. The above mentioned alternative fuels
have different physicochemical properties. Thanks to their
simple molecule structures (with the exception of
biodiesel), the combustion of these fuels produces much
lower pollutant emissions compared to traditional fuels.
More particularly, emissions of Particulates and
Hydrocarbons are considerably reduced using these fuels.
Properties of diesel fuel and alternative fuels considered in
this study are summarized in Table 2.

Table 2. Properties of diesel fuel and alternative fuels.

Properties Methanol Ethanol LNG LPG Biodiesel  Hydrogen
Density (kg m™) 798 794 450 510-580 880-920 0.0838
Auto-ignition temperature (K) 743 635 810 727.6-783.15 422 858
Flammability limits (vol. % air) 6-36 3-19 4-16 2.2-9.5 - 4-75
Stoic. air—fuel ratio on mass basis 6.5 9.1 17.2 15.49 12.55 343
Net heating value (MJ/kg) 20.1 27.0 46-50.2 46.3 37.4 119.9
Flame temperature (K at 100 kPa) 2163 2193 2233 2243.15 2287 2318
Octane number 109 109 120 112 - 130
Cetane number <5 8 -10 - 49-58 -
Kinematic viscosity (mm?/s) 0.7-15 11 0.14-0.29 1.55-2.8 4-6 110
Heat of evaporation (kJ/kg) 1147 873 479 428 200 -
Molar Mass (kg/kmol) 32.04 46.07 18 51 296.5 2.015

A careful analysis of the system should take into account
the real composition of the working fluid in each state.
According to the process under consideration, the working
fluid may be considered as air, fuel, fuel-air mixture, or a
mixture of burned gases. Furthermore, due to the large
temperature variations, a temperature-dependent specific
heat capacity at constant pressure, cp, is considered to
improve the accuracy of the thermodynamic model.

The working fluid is assumed to be a perfect gas. Thus its
specific heat capacity at constant pressure is dependent on
temperature only. Literature data for temperatures ranging
between 298 and 6000 K have been correlated to the
following power-law form:

Cpi = Zn(;aiTi

where a; are constants determined by regression analysis
using literature data for each species.

)
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The expressions of enthalpy, internal energy and entropy
are derived from Eq. (1), using

h (T) =M, + [ c, (T)dT
U (T)=h (T)-RT

5 (T’ p)zsoo,i +J%JT(-I—)dT_RIn(p) @

c,i(T) Y, pj
Sieaci (T, P, Y, )= | 2=—dT —RIn| ==
(T = 2 g
where hgo; and spo,i are the integration constants calculated
according to an arbitrary reference state. For each gas, the
enthalpy constant of integration is the sum of two parts: a
part calculated by adjusting h = 0 at 25°C and a part
representing the gas enthalpy of formation. For entropy, the
integration constant is calculated by adjusting s = 0 at 25°C
and 101.325 kPa. Note that the reactive mixture specific
entropy is not only dependent on the temperature and
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pressure, but also on the molar fraction of the component in
the mixture yi.

Thermodynamic properties of the combustion products
mixture are calculated as the summation of the properties of
individual products:

Gy (T) = 205, (T)

(1) =2, (7)

0y (T)= 250, (T) ®
50(T)= 25, (T.7)

Sm‘reau: (T ) = kZ;‘ stk (T1 pl yl)

where the subscript k denotes the single species and X is
its mass fraction.

2.3 Thermodynamic Analysis

Conventionally, the performances of marine engines
have been widely assessed using the first law of
thermodynamics. This approach takes into account only the
quantity of energy and allows the calculation of the thermal
efficiency, power, and heat release. However, in addition to
the quantity of energy, energy quality is an important
indicator of energy utilization. Unfortunately, the energy
quality cannot be obtained using only the first law of
thermodynamics.  Accordingly, the second law of
thermodynamics, through the concept of exergy, can
achieve this task by providing detailed information on the
thermodynamic processes during an engine cycle. In
particular, it permits quantifying the exergy destructions in
each component of the system and the overall system
exergy efficiency.
The balance equations for mass, energy, and exergy are
given as

Zmin =Zmout

Q _W =Zmout hout _Zminhin (4)
D EXg D W, + > Ex - Ex =Ex,

j i in

I out
Within the balance equation of exergy, the first term
denotes for the exergy related to a heat transfer, which is
given by:

. T .
Ex, ={1-=2 5
~[-E)e 0
whereQ is the rate of heat transfer across a boundary in

kwW,W is the mechanical power rate in kW, T is the
instantaneous temperature across the boundary in K and To
is the reference state temperature in K.

The second term relates to exergy transfer accompanying
the work interaction. The third and the fourth terms
correspond to the exergy transfer accompanying mass
crossing the boundaries at the inlet and outlet of the control
volume, respectively. A stream exergy rate, Ex , is the sum
of thermomechanical and chemical exergy rates, i.e.

Ex =Ex" +Ex® =m[(h—h,)-T,(s—s,) |[+Ex*  (6)
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where Ex " is thermomechanical exergy flow rate, h and s
signify the specific enthalpy and entropy of the working
fluid, respectively, whereas the subscript 0 denotes the dead
state which is generally specified by a temperature of
298.15 K and a pressure of 101.325 kPa.

The rate of chemical exergy of a gas mixture, Ex®, is
calculated using the following expression:

Ex* =(m, +m, )ﬁTOZk: y, In[%} )

where vy; is the ith constituent molar fraction in the exhaust
gas and y]is the ith constituent molar fraction in the

reference environment. The latter is considered a mixture of
ideal gases with the following composition on a molar
basis: N2, 75.67%; O,, 20.35%; CO,, 0.03%; H,0, 3.12%

and other, 0.83%. R is the universal gas constant and To is
the environment temperature.

The term on the right hand side of Equation (4) represents
the total exergy destruction rate in the control volume. It is
correlated to the entropy generation by the Gouy-Stodola
equation:

EX D = TOS gen (8)

where, S'gen is the rate of entropy generation during the

process.

In the following sections, the exergy balance equation is
applied to the engine subsystems, namely the turbocharger
compressor, the intercooler, the mixer, the engine, the
turbine and the catalytic converter.

2.3.1 Turbocharger Compressor

The compressor is required to provide a compressed air
supply for the engine to improve the power and efficiency.
The compressor inlet state (1) is defined by its temperature
T and its pressure p;. For a given pressure ratio, rp= p2/ps,
the compressor outlet properties (state 2) are calculated in
two steps. First, the temperature at the final state of the
isentropic compression is determined numerically by
satisfying the following condition:

S25 = S1 (9)
Then, properties at state 2 are calculated by a numerical

inversion method and considering the compressor

isentropic efficiency defined as

Tog = e = TNy (10)
Wee h2 - hl

Applying energy and exergy balance on the compressor
yields

EXp wom = EX; —EX, +W
D ,comp ] 1 ] 2 p (11)
=Ex, —Ex, +m, (h,—h,)
2.3.2 Intercooler
The air compression in the turbocharger is always

accompanied by an inevitable increase in temperature. The
latter has a negative effect on the density of air. Therefore,
cooling is necessary to keep density in a suitable operating
range. Furthermore, in HCCI engines, the intercooler plays
a role as a combustion controller by altering the charge
temperature entering the engine (thermal management).

Cooling water goes into the heat exchanger at a known
temperature Ty and leaves it at Ty taking off some of the
heat from the air charge. Thus, the latter is cooled to a
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temperature T3, which can be calculated once its enthalpy is
determined using the definition of thermal effectiveness:

H,=eH,+H,(1-¢) (12)
where ¢ is the intercooler effectiveness.
The exergy destruction rate in the intercooler is given by

Ex Dlntz(EXZ EXs)—(EXm—EXQ) (13)

2.3.3 Mixer

The fuel is injected using the timed injection method. This
device is represented herein by a mixer with two inlets for
air and fuel and one outlet for the homogeneous charge.
The temperature at state 5 could be obtained by a numerical
inversion method based on the energy balance of the
mixing process:

Hq = H, +(H, -H, ) (14)
where H,, denotes the latent heat of vaporization of the fuel.

The exergy destruction rate in the mixer may be written as
EXo i = EX; + EX, — EX; (15)

D mix

2.3.4 HCCI Engine

HCCI engines operation can be treated using the Otto cycle
as depicted in Figure 2. The actual air mass flow rate
delivered to the engine is given by

Mol (% .TS)\/d N

. =77VO|A/dN — (16)
2x60 2x60
where N is the engine speed and o is the volumetric
efficiency calculated based on the compression ratio and the
engine inlet temperature by the following expression [13]:

c T5
-1 313+(%) (T, -273.15) ()

During its introduction in the engine, the temperature of the
premixed charge prepared in the mixer is increased by the
fraction of residual gases left from the previous cycle
according to the following equation [14]:
s
1-Yyr, (p./p +7—1)
where f is the residual gas fraction, pe/piis the ratio between
exhaust and inlet pressures.
During the compression process (1'-2"), the air introduced
is heated up to ignition and combustion. For a given
compression ratio, properties at state 2’can be calculated
similarly to state 2 using compression isentropic efficiency.
The power consumed for the compression of the air-fuel
mixture is given by

nvol =

(18)

W, _,. = (m, +m, )(u, —u,.) (19)
The exergy destruction rate is calculated using
Exox 2 =To (Sgensz +Qr2/To) (20)

where Sgen,l,_z, and Q,H, are the entropy generation and heat

loss rates throughout the compression process (1'-2"),
respectively.

HCCI engines are characterized by very fast combustion
with a rapid rise in pressure and it can be modeled as
constant volume heat gain process (2'-3").

For the combustion reaction, it is assumed that air contains
21% of oxygen and 79% of nitrogen. Furthermore, it is
supposed that the nitrogen in the air cannot undergo
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chemical reactions to produce NO and NO,. Under these
statements, the general form of the reaction of one kmol of
fuel (CxHy0O;) with air is written as

CXHyOZ+%(x+ y/4—12/2)(O, +3.76N,) — (21)
n,CO, +n,H,0+n,N, +n,0, +n,H, +n,CO
Products mixture composition can be determined assuming
the equilibrium criteria by employing the Newton method
to solve a set of nonlinear equations. In addition, heat loss
resulting from heat flow across the cylinder wall can be

determined using

QI,Z’—3’ = hcA(Ts' _Tw) (22)
Where A is the heat transfer area and Ty is cylinder wall
temperature.

The convection heat transfer coefficient, he, is calculated
using a modified Woschni correlation for HCCI engines
[15]:

h, =3.26L°%p,,, " Ta "0 (23)
where L stands for the engine stroke, o the mean gases
velocity and payg and Tayg are the gases average pressure and
temperature.

The temperature, T, , at the final state of the combustion

processes is obtained by an iterative method under the
following condition:
M ogmp LHY = Q, 55 = (ma + My )(ua _uz-) (24)
where 7comb 1S the combustion efficiency and LHV the fuel
lower heating value.

The exergydestruction rate throughout the combustion is
calculated using

E'XD’2L3V T ( gen,2'-3' +Q2 3/ comb)

Teombs Sgenvz,fs, and QH, are the mean gases
temperature, entropy generation rate, and heat rate during

the compression process (2'—3'), respectively.

The working fluid parameters at the final state of the
expansion process (3'—4") are also calculated similarly to
the compression process (1'-2").

The power produced during the expansion (3'—4") is given
by

W3 -4 (m +mf )(h _h4') (26)

The exergy destruction rate throughout the expansion
process is calculated using

EXDS -4 _T (Sgens -4 +Q|3 4/T)
where Sgen,H, and Q, ,_, are the entropy generation rate and

(25)

where

(27)

heat loss rate during the expansion process (3'—4'),
respectively.

The temperature T, is calculated by assuming the

blowdown process (4'-5') as an adiabatic expansion
process.

The exergy destruction during the blowdown process is
calculated using

EXD,4’—5’ =T (Sgen,4’—5’ + Q'|,4'75' /To )

where S

(28)
genar—s @nd Q _are the entropy generation and

heat loss rates during the blowdown process (4'-5"),
respectively.
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Figure 2. Working cycle in a “p-v” diagram

The indicated power produced by the engine is the
difference between expansion and compression powers,
while the indicated efficiency is defined by the ratio of
engine power and the heat added during combustion:

Wi =Wy, Wy, (29)
W,
=" (30)
mf 77comb LHV
The brake mean effective pressure, bmep, can be
determined by:
. V\/'i x 2% 60
bmep =imep —fmep = T—fmep (31)

The friction mean effective pressure, femp, sum of
pumping, mechanical rubbing, and auxiliary mean effective
pressures can be calculated using the following expression
[16]:

—4 _
fmep = ri4 c +0.475x10°N +3.95x10°° sz (32)
where, S » Is the mean piston speed.
The engine brake power is then determined using
. bmepxV, xN
b ST oA (33)
2x60
The engine brake efficiency is expressed as
W, a0
771“ mf 77comb LHV

The exergy destruction occurring in the engine is the sum of
exergy destruction rates resulting from compression,
combustion, expansion, and blowdown processes:

EXD,HCCI = EXD,I’—Z’ + EXD,Z’—S’ + EXD,B’—A’ + EXD,4’—5’ (35)
The fuel chemical exergy for a gaseous fuel is given by

[17]:
ex” :(1,033+0.0169X_Mj LHy
X X

where x and y are the numbers of carbon and hydrogen
atoms respectively.

For a liquid fuel, the fuel chemical exergy is calculated
using [18]:

(36)

1.0401+01728™ + 004322 +
ch c c

X" = ¢ o LHV
0.2169—,(1—2.0628—,]
C c

37)

!

where ¢', h', o', s’ and n’are the mass fraction of
carbon atom (C), hydrogen atom (H), oxygen atom (O),
nitrogen atom (N), and sulfur atom (S) respectively.
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2.3.5 Catalytic Converter
Within the catalytic converter, unburned carbon monoxide
and hydrocarbons that may be contained in the exhaust
gases leaving the engine are controlled. The exhaust gases
gain some thermal energy by burning the aforementioned
substances andT7 can be determined by assuming adiabatic
combustion, such that:

> n [ +AR), = X n (R +aR)
Products Reactants
The exergy destruction within the catalytic converter is
obtained by

EXD,cat =T, (87 _Ss +Qcm /‘T7)

where 37—36 is the entropy generated in the catalytic

(38)

(39)

converter, Q'Cat is the heat acquired from burning unburned
hydrocarbons and carbon monoxide.

2.3.6 Turbine

The turbine recovers part of the high enthalpy content in the
exhaust gases considering a constant pressure turbocharging
(area (7-7°-8°-8) in Figure 2) and uses it to produce the
power required by the turbocharger compressor through
expansion. The exit temperature of the turbine, Ts, is
determined by knowing the turbine isentropic efficiency.
Thus, the exergy destruction is expressed as

EXp, =EX, —Exgy -W,

. . (40)
=Ex, —Exg—(m, +m, )(h, —hy)

3. Model Verification
A FORTRAN program based on the aforesaid assumptions
and equations has been developed to simulate the HCCI
engine using alternative fuels from energy and exergy
viewpoints. The developed thermodynamic model accuracy
has been verified by comparing results with available data
provided in the constructor catalog where the engine works
in Dual Fuel mode LNG-diesel [19]. It was verified also for
HCCI mode using hydrogen [20] and ethanol [1]. The same
operating parameters used in the references cited have been
introduced in the developed code to verify the accuracy of
the model.
Table 3 resumes the comparison results between calculated
values and those available in the constructor catalog [19].
The relative error between the two types of data is
acceptable with a maximum of 4.1% for the bsfc
calculation.

Table 3. Model verification results using the constructor
catalog data [19]

Present Model Catalog [19]  Error
T, 508.16 508.16 0%
P2 4.08 4.08 0%
Ts 316.15 316.15 0%
Ts 628.1 603.15 1.252%
W, (kW) 17383.74 17550 0.947%
7in(%) 49.21 48.13 2.240%
bmep (bar) 18.9169 19.1 0.959%
bsfc(kJ/kWh) 7785.744 7479 4.101%
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Figure 3.a shows a comparison between the calculated
mean effective pressure and indicated power values with
those measured by Antunes et al. [20] for engine inlet
temperatures ranging from 85 to 110°C. It can be observed
that the calculation results using the established model are
basically consistent with those of the literature. The same
trend is observed between the two types of data. The mean
deviation values are 2.36 and 2.59% for the indicated mean
effective pressure and the indicated power, respectively.
This deviation may be explained by the assumptions used
which do not mirror the actual engine operation. Moreover,
the heat transfer and friction correlations used need to be
recalibrated based on experimental data which are not
available for the case studied. Finally, some engine features
such as fuel injection, valve lift, and pressure losses within
intake and exhaust manifolds are not supported by the
model proposed.

Similarly, the computed results in terms of the indicated
engine efficiency have been compared to those presented in

——[20] —=— Present model
9 (== [20] —— Present model 9.0
85}~ | 85
0 T
@/52 Max. error: 3.01% 2(5) %
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Figure 3. Verification cases results: (a). Comparisons with
the model of Khalig et al. [1]

4. Results and Discussions

The thermodynamic model described above has been used
to develop a FORTRAN code, according to the flowchart
given in Figure 4, to analyze the six alternative fuels under
various operating parameters, namely engine compression
ratio (rc), fuel-air equivalence ratio (¢), engine speed (N),
the engine inlet temperature (Tin) and turbo-compressor
pressure ratio (rp). Performance parameters of the engine,

namely the brake power output (W.b ), the brake specific

fuel consumption (bsfc), the brake thermal efficiency (7m),
the exhaust gas temperature (Texn), and volumetric
efficiency (7o) have been calculated as a function of
selected engine parameters. For fixed engine inlet
temperature, the volumetric efficiency depends only on the
engine compression regardless of the fuel nature.
Furthermore, individual and overall exergy destruction rates

(EXD) and the exergy efficiency (7e) have been also

evaluated as second-law parameters. As mentioned, the
model considers real compression and expansion processes
and heat transfer losses.

The compression ratio, the quotient of the combustion
chamber’s maximum volume to its minimum volume, is a
key engine parameter that seriously affects the efficiency of
the engine. It is also extremely crucial for the proper auto-
ignition and functioning of a diesel engine. Figure 5
illustrates the variation of the brake specific fuel
consumption, the brake power, the exhaust gases
temperature, the brake efficiency, and the exergy efficiency
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Khaliq et al.[1] for several compressor pressure ratio
values in Figure 3.b. A good agreement between the types
of results is observed, which confirms the reliability of the
model developed. Fortunately, the difference between the
predictions of the two models is less than 4.3%. This
deviation can be explained by the assumptions used in the
two models. In fact, Khalig et al. [1] have adopted
apolytropic assumption for compression and exhaust
processes and they assigned a fixed exhaust gases
composition under all operating conditions. However, in
this work, as mentioned earlier, real compression and
expansion processes based on isentropic efficiencies were
adopted. Moreover, the composition of exhaust gases
changed with respect to the operating conditions.
Furthermore, the model takes account of heat transfer
within the engine.

—— Present model
45} /
401 /

35 / Max. error: 4.3%
X Avr. crror: 2.92%

23 -
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(1]

measurements of Antunes et al. [20]; (b). Comparisons with

with the compression ratio while maintaining the other
parameters constants (r, = 5.5, Tin = 365 K, ¢ = 0.4, N =500
rpm). The compression ratio was changed from 6 to 27.

Theoretically, the increase of the compression ratio
improves both the brake power output and brake efficiency.
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Figure 4. Thermodynamic modeling flowchart.
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However, for an actual cycle that includes real processes,
the compression ratio affects differently the brake power
output and brake efficiency. The brake power output and
brake efficiency first increase and then start to decrease
with increasing the compression ratio. The same behaviour
has been obtained by Hassan et al. [21]. In fact, due to
increased values of in-cylinder gases temperature and
pressure, the brake power and brake efficiency are
obviously increased as the compression ratio rises.
However, due to the increase of the amount of heat transfer
between combustion gases and the cylinder walls, they
decrease for higher compression values. The amount of heat
that could be converted to work output is undoubtedly
reduced. The optimal compression ratio corresponding to
maximum brake efficiency depends on the fuel nature. It is
16 for methanol, 18 for ethanol, 9 for LNG, 18 for LPG, 20
for biodiesel, and 15 for hydrogen. The exergy efficiency
behaves similarly to the brake thermal efficiency but with
different magnitudes as illustrated in Figure 5. For a fixed
compression ratio, the engine uses a higher amount of fuel
exergy compared to the fuel energy values, which results in
lower exergetic efficiencies as compared to brake

efficiencies. For compression ratios lower than 15, the
highest engine performances (brake power output and brake
and exergetic efficiencies) are associated with LNG fuel
followed by methanol, biodiesel, LPG, ethanol, and
hydrogen. For example, for rc= 15, the average drops in
brake thermal efficiency compared to LNG are 18, 21.3,
33.6, 33.65, and 55.1% for methanol, biodiesel, LPG,
ethanol, and hydrogen, respectively. The same trend is
recorded for the exergetic efficiency. Methanol returns the
highest brake specific fuel consumption, followed in order
by ethanol, biodiesel, LPG, LNG, and hydrogen for
compression ratios higher than 9. This is due to the
combined influence of the stoichiometric air-fuel ratio and
the lower heating value. The exhaust gases temperature
decreases with increasing the compression ratio. It is found
to be the highest for hydrogen and the lowest for LNG. This
is attributed to the poor conversion of heat into work for the
first and the better conversion of the second. The
volumetric efficiency is insensitive to the fuel nature.
According to equation (17), the volumetric efficiency is
reduced as the compression ratio rises.

— Methanol — Ethanol — LNG — LPG — Biodiesel — Hydrogen
0

3

bsfe (ke/kWh)

25 35
20t 30}
25t
= 15}
2 £
< 10 =
e = 15t
5./__—-—-\
10}
0 i
10 20 30
140 1050
135} 900}
2 130} & 750
5 =
= = 600
125} E‘“
450}
120 - ' '
0 10 20 30 0 10

20 30 0 1020 30

Figure 5. Engine performance variations for alternative fuels as function of the compression ratio (rp= 5.5, Tin= 365 K, ¢

= 0.4, N =500 rpm).

The equivalence ratio is the primary parameter that
determines the supplied energy. The engine performances
are plotted versus the equivalence ratio in Figure 6 when
the other parameters have been maintained constants (rc =
17, rp, = 5.5, Tin = 365 K, N = 500 rpm). Results showed
that, for all fuels, the brake specific fuel consumption is
decreased with the increase of the equivalence ratio.
However, the brake power output, brake and exergy
efficiencies, and the exhaust gases temperature increase.
This means that the conversion of the thermal energy
released by the fuel at higher equivalence ratios is more
efficient as observed by Hassan et al. [21]. The increase of
equivalence ratio involves a higher heat release rate due to
the larger amount of fuel that is auto-ignited at several
locations. Overall, LNG fuelled HCCI engines perform
better in terms of thermodynamic performance under the
operating parameters considered in the current study.
Higher values of in-cylinder temperature and air-fuel
equivalence ratio of LNG give better brake efficiency

118/ Vol. 24 (No. 4)

compared to the other fuels. It is followed, in order, by
methanol, biodiesel, LPG, ethanol, and hydrogen. It is also
observed that the specific fuel consumption decreases with
the increase of fuel-air equivalence ratio as expected from
the definition of the. bsfc is higher for methanol and ethanol
fuels due to their inferior lower heating value compared to
the other fuels. The engine exhaust gas temperature
increases with increasing the equivalence ratio as illustrated
in Figure6.This is can be attributed to high temperatures at
the end of combustion which increases with increasing the
mass of fuel burned. In addition, the exergetic efficiency
increases as a consequence of the higher temperatures
attained by the combustion for higher equivalence ratios.
All exergy efficiency values are less than the corresponding
brake efficiency values, due to the degradation of
temperature as heat is transferred and stored. Since this
degradation is reflected in the efficiencies based on exergy
and not in those based on energy, exergy efficiencies are
considered more meaningful.
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Figure 6. Engine performance variations for alternative fuels as function of the equivalence ratio (r.= 17, rp= 5.5, Tin=

365 K, N = 500 rpm).

Performance variations with respect to the engine speed for
the assessed fuels are shown in Figure 7. Overall, and in
consistence with Caton [22] and Kyritsis et al. [23], the
engine brake power output, the brake efficiency, and the
exergy efficiency are increased with the increment of
engine speed for all fuels considered. A higher engine speed
increases the charge-flow intensity and improves the
mixing of fuel and air. Also, the heat loss to the cylinder

wall is reduced due to shorter combustion time which
overpowers the increase of frictional and pumping losses.
Furthermore, higher engine speed implies higher air and
fuel mass rates resulting in higher maximal temperatures
and pressures. The brake specific fuel consumption is
reduced as the engine speed rises. Again, the order of the
fuels in respect of their performances is respected for the
same reasons as for the equivalence ratio effect.
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Figure 7. Engine performance variations for alternative fuels as function of the engine speed (r.= 17, r,= 5.5, Tin = 365

K,¢=0.4).

The engine performances have been also obtained for
engine inlet temperatures ranging from 345 to 385 K
(Figure 8). Matching the trends obtained by Khalig et al.
[1], Hassan et al. [21] and Primus and Flynn [24], the
increase of the engine inlet temperature results in a decrease
of the brake power output, brake efficiency, and exergy
efficiency, while the brake specific fuel consumption, the
exhaust gases temperature and the volumetric efficiency are
raised. This is mainly due to the increase of the heat loss
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rate through the cylinder walls as a result of the increase of
the temperature of combustion gases, as well as the
deterioration of the charge density with an increase of inlet
temperature for the same inlet pressure. For example, the
brake power output is reduced roughly by 4.7 % on average
for every 10 K in the case of methanol, LNG, and biodiesel,
while it is reduced by 6.5% for ethanol and LPG, and 8.5%
for hydrogen.
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Figure 8. Engine performance variations for alternative fuels as function of the engine inlet temperature (r.= 17, r,= 5.5,

N =500 rpm, ¢ = 0.4).

Turbocharger operating parameters play a crucial role in
harvesting the exhaust gas energy efficiently. In fact, only a
part of the exhaust energy is converted to mechanical work
by the exhaust gas turbine. The converted proportion
depends essentially on the turbine pressure ratio and on the
efficiency of the turbocharger. In the following, the effect
of the turbo-compressor pressure ratio (rp) on the engine
performance is examined. In order to explain the effect of
the turbo-compressor pressure ratio, the engine output
parameters have been calculated for r, values ranging from
3.5 to 7.5. Results in terms of the engine brake thermal
efficiency, the engine brake power, the exhaust gases
temperature, and the engine exergy efficiency for the six
fuels tested are presented in Figure 9. They are obtained for
an engine compression ratio of 17, an engine inlet

temperature of 365 K, an air-fuel equivalence ratio of 0.4
and an engine speed of 500 rpm. At first glance, all fuels
behave similarly, increasing the turbo-compressor pressure
ratio increases the thermal and exergy efficiencies, the
brake fuel specific consumption, the brake power, and the
exhaust gases temperature. Indeed, increasing the amount
of air with higher pressures in the engine cylinder increases
the fuel quantity and by the way, it increases the power
output. For example, for LNG fuel, it is observed that when
the compressor ratio is elevated from 3.5 to 7.5, the brake
power is increased by 138%, while the thermal efficiency is
enhanced by11%. Overall, LNG performs the best,
followed, in order, by methanol, biodiesel, LPG, ethanol,
and hydrogen.
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Figure 9. Engine performance variations for alternative fuels as function of the turbo-compressor pressure ratio (r.= 17,

Tin = 365 K, N = 500 rpm, ¢ = 0.4).
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From a second-law point of view, it is important to quantify
the exergy destructions in each component of the system in
order to assess its overall performance. Exergy destructions
in each component of the system have been evaluated and
related to the total exergy destruction in the system using

%AEX, = EXD

%100 (41)
D

A mapping of exergy destruction rates in the whole system
is performed for fixed operating conditions (r. = 17, r,= 5.5,
Tin= 365 K, ¢ = 0.4, N = 500 rpm). Thus, the percent of
exergy destruction rates within all the components of the
system are presented in Figure 10 for the six fuels tested.
The comparison between exergy destruction rates of the
individual component shows that the HCCI engine is the
major source of the irreversibility of the system. Depending
on the fuel, it counts alone for 79.9 to 87.8% of the total
exergy destruction rate in the system. The remaining
components (turbo-compressor, intercooler, mixer, catalytic
converter, and turbine) are responsible of only 12.2 to
20.1% of the total exergy destruction rate of the system. For
example, for LNG fuel, the exergy destruction rate of the

compressor, the turbine, the heat exchanger, the mixer and
the catalytic converter are only 2.2, 2.6, 3.1, 2.4, and
10.9%, respectively. The exergy destructions in the system
are mainly due to the irreversible nature of the combustion
process, heat transfer through a finite temperature
difference, friction, and mixing process. The exergy
destruction in the HCCI engine is mainly due to the
combustion reaction and to the large temperature difference
during heat transfer between the combustion gases and the
surrounding. The frictional effects, pressure drops, and heat
losses to the environment are the main causes of the exergy
destruction in the turbine. The exergy destruction within the
compressor originates from the fluid flow losses due to
fluid shear and throttling. The exergy destruction in the
intercooler is due to the finite temperature difference
between the cooling water and the intake air, which
interchange heat. It can be concluded that the HCCI engine
is the key component for any suggested improvements, due
to its large exergy destruction amount.
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Figure 10. Exergy destruction mapping within the system (r.= 17, r,= 5.5, Tin= 365 K, ¢= 0.4, N = 500 rpm).

The above results show that the HCCI engine
irreversibilities are dominant. Hence, Figure 11 is dedicated
to a detailed analysis of the exergy rate during the different
processes occurring in the HCCI engine. From Figure 10, it
can be observed that combustion is the key process for
improvements due to its large exergy destruction amount.
The latter represents 70.43 to 90.71 % of the total exergy
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losses within the HCCI engine. The large exergy
destruction rate during the combustion process is associated
with large temperature variation. The compression stroke
produces less irreversibility compared to the combustion
process (3.1 — 22.21%). Expansion and exhaust strokes
generate minor irreversibilities due to lower temperatures
and pressures of the expanding working fluid.
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5. Conclusions
In this paper, the performance of prospective alternative
fuels, namely natural gas, LPG, biodiesel, ethanol,
methanol, and hydrogen in an HCCI engine have been
analyzed. The engine-output parameters considered in the
present study include the brake specific fuel consumption,
the brake thermal efficiency, the brake power, the exergy
efficiency, the exhaust gases temperature, and the
volumetric efficiency. Results showed that the assessed
fuels behave differently in an HCCI engine. Further
conclusions are raised below:

— The engine operating parameters considered in the

present study (rc, rp, Ti, N and ¢) affect
considerably the engine performance. Generally,
the engine performances are improved with
different levels by rising the engine operating
parameters cited above, due mainly to a better
combustion process.

— The fuel nature has a significant impact on the
thermal performance of an HCCI engine. The
highest engine performance values are obtained
using LNG as fuel, followed, in order, by
methanol, biodiesel, LPG, ethanol, and hydrogen.
Although hydrogen is associated with a higher
energy value, it produces lower performance
compared to the other fuels assessed.

— Qualitatively, the exergetic efficiency behaves
similarly to the brake efficiency but exhibits much
lower magnitudes.

— The exhaust gas temperature is mainly affected by
the specific fuel consumption. The highest value of
exhaust gas temperature (621.13°C) is obtained
with hydrogen and the lowest (284.58°C) is
attained in the case of hydrogen as fuel at standard
conditions.

— The exergy analysis led to several notable
findings. Most of the exergy destruction rates
(78.9-87.8%) occur in the HCCI engine. The order
of exergy destruction rates within the other
components differs from fuel to other. As a result,

122/ Vol. 24 (No. 4)

a large potential can be achieved to improve the
system efficiency by reducing HCCI engine
exergy losses. This can be done by improving the
combustion processes.
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Nomenclature

bsfc Brake specific fuel consumption (g/kWh)
bmep Brake mean effective pressure (kPa)
Ex Exergy rate (kW)

ex Specific exergy (kJ/kg)

h Specific enthalpy

imep Indicated mean effective pressure (kPa)
LHV Lower heating value (kJ/kg)

m Mass flow rate (kg/s)

W Power (kW)

Q Heat transfer rate (kW)

S Specific Entropy (kJ/kg.K)

Greek Symbols

P Intercooler effectiveness

) Fuel-air equivalence ratio

n Efficiency

Subscripts

b Brake

comb, comp  Combustion, Compressor

gen Generated

i Indicated

int Intercooler

is Isentropic

mix Mixer

out Output

t Turbine

th Thermal

vol Volumetric
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