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Abstract 

A software to simulate the dynamic operation of climate control system for a generic 
automobile has been developed.  The transient nature of passenger cabin temperature 
and relative humidity are predicted using the principles of thermodynamics.  Analysis 
include detailed simulations of every component of the automobile air conditioning 
network.  The methodology is validated by comparing the simulation results with the 
experimental results. 
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1.   Introduction 

 Traditionally, development of a prototype 
system in the auto industry requires extensive 
and expensive wind tunnel testing before the 
design enters the production line. Car manufac-
turers are therefore looking for ways to improve 
competitiveness by reducing the number of time 
consuming prototype tests. Combining the use of 
theory, simulations, and limited number of ex-
perimental data has been proven to be successful 
over the years and is therefore recognized as a 
modern tool by the designers. The software pre-
sented will help minimize the costly and time-
consuming procedures to integrate a prototype 
air conditioning (A/C) system to desired climate 
objectives. 

 The paper will be presented in two parts; 
Part I will be limited to A/C circuit only and the 
remaining part, Part II will address climate mod-
eling of the passenger space. 

2. Part I: A/C System Simulation 

 The goal of this part is to present a com-
puter model to simulate the dynamic features of 

an automotive A/C system under realistic condi-
tions (idle, highway, city traffic, etc.). 

 The mathematical modeling for the individ-
ual components will be presented first. The tran-
sient simulation models of the air handling sys-
tem (or ventilation system) including blower and 
air ducts will also be described. Finally, the 
methodology developed for dynamic simulation 
of an automotive A/C circuit will be addressed in 
detail.  
 

2.1  Compressor model 

In the earlier studies (Cherng 1989, Davis 
1972) the compressor was modeled based on a 
reversible compression process of an ideal gas 
with constant specific heats.  An alternative ap-
proach recommended here is that the compressor 
is modeled numerically using first and second 
laws of thermodynamics coupled with compres-
sor characteristics.  Compressor characteristics 
are those for isentropic efficiency and the volu-
metric flow rate.  They were generated from 
compressor test data in terms of compressor 
speed and compression ratio.  Given the refriger-
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ant inlet enthalpy and compression ratio, refrig-
erant mass flow rate and the outlet enthalpy can 
now be calculated using these characteristics. 
 

2.2  Orifice tube model 

The main function of the orifice tube (capil-
lary tube) is to regulate the flow rate of the re-
frigerant and to throttle it to the evaporator suc-
tion pressure level.  The flow rate across the ori-
fice tube is controlled by tube size and length, 
pressure difference between the inlet and the 
outlet, and the degree of inlet subcooling.  The 
orifice tube model developed in this study was 
based on the standard definition of flow in capil-
lary tube (White 1994). 

)pp(2ACm outinin0d0 −ρ=&             (1) 

The discharge coefficient Cd was obtained 
experimentally and provided by the sponsor. 
Other variables are described in the nomencla-
ture section. The state of the refrigerant leaving 
the orifice tube with the given values of the inlet 
refrigerant enthalpy and the outlet pressure is 
based on the isenthalpic flow assumption. 

The results of the predicted orifice tube be-
havior were verified against experimental data, 
and shown in TABLE I. 

TABLE I. Predicted Flow Rate Across Orifice Tube. 

Dia. 
(m) 

Pin 
(bar) 

Pout 
(bar) 

Sub-
cooling 
(0C) 

Calc. 
Flowrate 
(gm/s) 

Test 
Flowrate 
(gm/s) 

Error 

(%) 

9.58 E−4 13.7 2.8 29.2 25.297 23.951 5.620 

9.58 E−4 25.6 4.8 13.2 23.614 21.899 7.831 

1.821 E−3 29.0 11.9 15.6 89.497 85.458 4.726 

1.821 E−3 25.2 10.1 8.0 67.923 64.955 4.569 

2.3  Evaporator model 

The geometry of the evaporator in this 
study is a plate-fin type of evaporator which is 
used widely in automotive A/C systems.  

Simulation of the evaporator to conve-
niently describe the operation under all circum-
stances requires the study of heat transfer, pres-
sure drop in the single-phase as well as two-
phase regions including the evaporator geometry 
and the thermal inertia of the core material. The 
majority of research work (Davis 1972, Cherng 
1989, Kyle 1993, Castro 1993, Ali 1995, Khamsi 
1997, and Selow 1997) for the evaporator simu-
lation was completed using the steady-state ef-
fectiveness NTU method (Kays 1984). However, 
this is not deemed to be an appropriate method-
ology for the objectives of this study. 

A transient model (Huang 1998) takes into 
account the “local” influences on the heat trans-
fer and pressure drop, temperature, and phase 
change at the refrigerant side. Along the direc-
tion of the refrigerant flow, the evaporator is 

divided into a number of smaller control vol-
umes, or elements, to evaluate the local heat 
transfer and pressure variations within the seg-
ment. When the flow conditions are specified at 
evaporator inlet and the initial conditions are 
given, the calculations for a small control volume 
proceed in the refrigerant flow direction until it 
reaches the evaporator exit as depicted in Figure 1. 

inlet

outlet

air in

air out

fluid in
fluid out

a control volume

 

Figure 1.  Control volume model of evaporator 

A small element of a cross-flow evaporator 
with fins is shown in Figure 2. The fins and flow 
channels are lumped to effectively yield an indi-
vidual metal tube with the refrigerant flowing in 
the interior and air passing over the exterior 

∆ L

Refrigerant

Air flow

Fins

Wall

 
Figure 2.  Evaporator element. 

2.4  Governing equations 

The conservation of energy applied on the 
evaporator wall, refrigerant, and the returning air 
in each element yield a set of three coupled dif-
ferential equations (Chiang 1995). 

Metal: 
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)TT(Ah
dt

dT
cV

Waaa

Wrrr
W

WWW

−η′+

−=ρ

           (2)
 

Refrigerant: 
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Air: 
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Heat transfer coefficient and pressure drop 
correlations are based on Dittus-Boelter (Özisik 
1985) and Darcy-Weisbach (White 1994) for 
single-phase, Chen (Özisik 1985) and Chisholm 
(Hewitt et al. (1994) for two-phase fluids respec-
tively. The air-side heat transfer and pressure 
drop were calculated from the experimental data 
provided by Kays and London (1984). The com-
puter implementation requires that values for 
initial air pressure and temperature, initial refrig-
erant pressure and temperature, refrigerant inlet 
pressure, enthalpy and flow rate, air inlet pres-
sure, temperature, and evaporator configuration 
are given at the start. Optimum time step size 
was determined through numerical experimenta-
tion.  

It is important to note that in this study 
evaporator was considered “dry” for convenience 
and speed of calculations. Therefore mass trans-
fer between the evaporator coil surface and the 
air; and the water film resistance and its effect on 
the heat transfer and the pressure drop were ne-
glected. While wet evaporator is scientifically 
correct mode of operation, the prediction of the 
state of conditioned air coming out of the evapo-
rator was within acceptable error margin and was 
not deemed essential at that stage. The “wet” 
evaporator model is under evaluation and the 
improvements to the code will be made available 
later.  

2.5  Condenser model 

The geometry of the condenser in the pre-
sent study is a high capacity parallel-flow type 
condenser frequently used in automotive air-
conditioning systems. It consists of multiple pas-
sages for refrigerant flow and finned cross-flow 
passages for air. A transient mathematical model 
similar to that of evaporator was developed to 
calculate the condenser performance with the 
given geometry and pre-specified refrigerant and 
air inlet conditions. The governing equations 
used are the same as those used for the evapora-
tor. The air-side heat transfer coefficient was 
based on the correlations proposed by Kays and 
London 1984. For the two-phase condensing 
region, heat transfer coefficient was calculated 
using correlation recommended by Akers et al. 
(Özisik 1985). 

Along the direction of the refrigerant flow a 
condenser is divided into a number of small ele-
ments. The elements are not necessarily the same 
because of unequal number of flow channels, as 
shown in Figure 3. Each segment is treated as a 
separate heat exchanger element and the amount 
of heat transfer and refrigerant pressure drop in 
that segment is calculated with the corresponding 
correlations. 

 

Figure 3.  A real condenser and an equiva-

lent horizontal tube condenser. 

3.   Air Handling System 

In the automotive applications, air ducts are 
usually exposed to hot environment such as the 
instrument panel (IP) or engine compartment. 
The heat from the engine block and the solar 
radiation transmitted through the windshield 
cause the IP unit and the space beneath to 
achieve high temperatures. The hot environment 
causes the air in the ducts gain heat after leaving 
the evaporator core before reaching the registers. 
The state of air entering the passenger compart-
ment is crucial to the HVAC system design, and 
it is an important input parameter to the calcula-
tions of cabin temperature and humidity. It is 
therefore essential that a realistic assessment of 
the air in the registers be made under transient 
state. Air handling system model in this analysis 
is considered to include two submodels, one for 
blower and the other for air-duct network. 

To evaluate the blower performance; the 
pressure rise and power input to blower operat-
ing at a temperature different from test condition, 
the relationships among these performance pa-
rameters are established through fan laws 
(ASHRAE 1996) based on supplier provided 
characteristics.  

For transient internal flows it is desired to 
predict pressure variations and heat transfer be-
tween the wall and the fluid using standard con-
servation laws. Utilizing the discretized control 
volume approach to model air ducts, the net ef-
fects of the pressure losses and heat transfer are 
obtained by summing up the local variations for 
each single element. 

The air ducts were appropriately divided 
into several control volumes when needed to 
resolve complex geometries. Based on the first 
law of thermodynamics, the three governing 
equations for the duct, the internal fluid, and the 
ambient air were derived similar to evaporator 
model (Huang 1998). 

The heat transfer coefficient for internal 
flows are readily available in any standard text-
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book. Convective heat transfer coefficient exter-
nally were predicted as cylinder in cross flow 
under prevailing external state of air; forced or 
natural. The pressure losses in the duct and duct 
fittings were determined using Darcy-Weisbach 
equation (White 1994), combined with the ex-
perimental loss coefficients and expressed in a 
single equation below. 
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With known boundary conditions and geo-
metric profiles for the air ducts, the system resis-
tance to the air flow caused by the duct network, 
evaporator coil, etc. can be calculated through air 
handling system submodel. The system resis-
tance is then used to determine the system volu-
metric flow rate at any instant of time during 
simulations.  The air flow rate is the operating 
point at which the system pressure loss, given by 
Equation 5, is just balanced by the pressure head 
developed by the blower. 

In a similar fashion, refrigerant hoses were 
divided into small elements to account for the 
local variations of temperature and pressure. 

4.  A/C System Integration 

From the mathematical point of view, there 
are three parameters needed to describe a refrig-
eration loop, Figure 4. They are; the discharge 
pressure (or high-side pressure), the suction pres-
sure (or low-side pressure), and the refrigerant 
flow rate. These parameters vary if operating 
conditions change in any of the A/C unit compo-
nent and are essential constraints which must be 
provided to determine a specific refrigeration 
loop.  

In general, the balance point for the A/C 
system is defined as the point at which the high-
side flow rate pumped by compressor exactly 
equals the low-side flow rate restricted by the 
orifice tube. Consequently, the design character-
istics of the compressor and orifice tube serve as 
two independent constraints to the refrigeration 
cycle. The other constraint comes from the re-
frigerant inventory balance. At any instant of 
time the total refrigerant mass stored in the com-
ponents and connecting lines must equal the ini-
tial refrigerant mass charged into the system. 
However, predicting refrigerant inventory in the 
components, especially in the two-phase flow 
region, is a very complex task and was not the 
goal of the study presented here. Research in this 
area has not fully matured due to the uncertain-
ties involved in the void fraction correlations. 
For the sake of simplicity, and computational 
expediency a reasonable compromise was pro-
posed to supply an alterative constraint; the re-
frigerant state at the evaporator exit. 

T

s

Discharge pressure, pd

Suction pressure, ps

mMass flow rate,

High side

Low side

 

Figure 4.  Refrigeration loop - constraints 

4.1  Solution algorithm 

An effective computer algorithm along with 
the stable numerical method is required to 
achieve a balanced refrigeration loop from the 
design characteristics of components and their 
operating conditions. The flow chart in Figure 5 
shows the principal steps used to integrate a 
complete A/C system.  

The compressor model first uses initial 
guesses of the current discharge and suction 
pressures and an assumption of refrigerant state 
(enthalpy) at the evaporator exit to calculate re-
frigerant high-side flow rate and exit enthalpy. 
After the refrigerant state is updated due to heat 
and pressure losses in the connecting hoses, the 
condenser model then calculates the refrigerant 
state leaving the condenser as a function of flow 
rates and states of the entering refrigerant and the 
external air. The orifice tube model then uses 
inlet refrigerant state and the current suction 
pressure to calculate the low-side flow rate 
through the orifice tube. The discharge pressure 
is being updated until the two flow rates match to 
within a specified tolerance. Afterwards, the al-
gorithm moves to the evaporator model.  

The evaporator model determines exit state 
of the refrigerant based on the inlet state, con-
verged flow rate, and return air stream flow rate 
and properties across the evaporator. Since the 
refrigeration loop is a closed system, the refrig-
erant enthalpy at the evaporator exit, where cal-
culations start and end, must remain the same 
after a cycle loop is completed. The estimate in 
suction pressure keeps improving until the en-
thalpies converge at the evaporator exit. When 
both the flow rate and the refrigerant enthalpy at 
evaporator exit converged, the refrigeration cycle 
is said to be balanced. Note that the real fluid and 
thermal effects along the interconnecting hoses 
are also accounted for in the A/C system integra-
tion. 
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Figure 5.  Flow chart for system integration. 

The numerical method used in the current 
research is the shooting method (Chapra 1988). It 
is based on converting the boundary-value prob-
lem into an equivalent initial-value problem by 
assuming a sufficient number of initial values.  

5.   Experimental Verification 

To validate the simulation models pre-
sented, tests were carried out for a light truck 
with a single A/C unit. The schematics of HVAC 
system for this vehicle are illustrated in Figure 6. 

During wind tunnel testing, the vehicle is 
initially soaked by use of heating panels on the 
roof until the inside air temperature in the pas-
senger cabin reaches to 60oC while the ambient 
temperature is held constant at 43.3oC. At time 
zero, the vehicle begins to move at the speed of 
30 mph (miles per hour) during the first 30 min-
utes. The speed is then increased to 40 mph in 
the next 30 minutes, and then up to 60 mph in the 
following 30 minutes before the vehicle is 
brought to full idle at 5401 seconds. After that 
the vehicle is maintained at idle for the remain-
der of the test, for another 30 minutes. 

The models were verified by comparing 
computer-simulated results with the wind tunnel 
test data. Figures 7, and 8 show the comparisons 
of predicted average air temperature at the 
evaporator outlet, and front panel registers outlet 
with the experimental measurements. Since the 
cooled air leaving the evaporator picks up heat in 
the supply air duct as it approaches the registers, 
the temperature shown in Figure 8 is slightly 
higher than that in Figure 7. 

 

Figure 6.  A/C system circuit 

6.   Part II: Climate Control Modeling 

In general, there are four environmental 
properties which impact human comfort: dry 
bulb temperature, relative humidity, air velocity, 
and the mean radiant temperature, and all vary in 
time. An acceptable range of temperature and 
relative humidity for a person in summer cloth-
ing pursuing mainly sedentary activity would be 
between 24oC to 27oC and 30% to 70% relative 
humidity. Most of the relevant work in the area 
of in-car climate control do not take into account 
the effects of humidity on either the passenger 
comfort or on the calculated interior temperature. 
The model presented here predicts both the tran-
sient dry bulb temperature and relative humidity. 

 

Figure 7.  Air temperature at evaporator outlet. 
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Figure 8.  Front panel register air temperature. 

Among available literature, thermal load 
calculations were usually performed without 
considering the vehicle heat storage effect. How-
ever, it is essential that heat capacity of the ex-
ternal and internal structures be included in the 
analysis since they act as a major heat source 
during the first 10 minutes of A/C pull-down 
during testing. Table 2 compares the present 
model other available models.  

Davis (1972) and Cherng (1989) studied the 
climate control of an automotive vehicle by 
simulating the components of the A/C unit and 
then integrating the evaporator air output to the 
passenger compartment to determine the air tem-
perature variations. The passenger compartment 
was simulated using a lumped three-dimensional 
zonal approach using the thermal resistance con-
cept between the zones. Kohler (1990) investi-
gated the transient humidity and temperature 
responses of a bus with a capacity of 50 persons. 
Lumped HVAC system simulation is integrated 
into their model. Reported predictions and ex-
periments are in good agreement. Experiments 
were limited to a period of one hour while the 
vehicle was at rest under solar loading. Bos 
(1993) for the first time simulated automotive 
passenger compartment climate using a lumped 
system approach. However, the thermal loads 
were estimated based on the steady-state vehicle 
shell structure discounting the transient thermal 
inertia. Eisenhour (1996) described in-cabin heat 
flux with a steady-state energy balance equation 
that accounts for the thermodynamic interactions 
between the interior temperature, outlet tempera-
ture, and the interior air flow. Stancato and 
Onusic (1997) developed a simulation model to 
calculate the steady-state heat loads in the cab. 
The heat loads included solar radiation through 
glasses, conduction through the body walls and 
glasses, conduction through the motor compart-
ment, fresh air intake/infiltrations, passengers 
and equipment. 

TABLE II.  Comparison of Available Models. 

 

 

Passenger Compartment 

Model 

Author 
Heat Storage 

Effect 

Relative 

Humidity 

Modeling 

Huang et al. (1998) 

(current model) 
yes yes 

Stancato et al. (1997) none none 

Khamsi et al. (1997) none yes 

Selow et al. (1997) none yes 

Eisenhour (1996) none none 

Bos (1993) none yes 

Kohler et al. (1990) none yes 

Cherng at al. (1989) none none 

Davis et al. (1972) none none 

 

The vehicle passenger compartment model 
presented here was developed using lumped sys-
tem approach. The variations of the temperature 
and relative humidity are calculated based on the 
vehicle transient heating/cooling conditions, such 
as solar load over opaque surfaces and through 
the windows, convective and conductive heat 
loads toward the cabin, passenger heat and mois-
ture loads on the interior air, and the A/C unit 
conditioned air into the volume. For validation 
the simulation results are compared to the ex-
perimental data. 

7.   Vehicle Thermal Load Evaluation 

The solar load on the vehicle’s exterior sur-
faces is calculated using the anisotropic HDKR 
model proposed by Reindl et al. (Duffie 1991). It 
should be noted that although proposed thermal 
load seems to be in agreement with test data 
available from wind tunnel simulations, more 
validation against outdoor field data would be 
needed. 

The net energy absorbed by the opaque sur-
faces of the vehicle exterior is determined by 
balancing solar radiation to the surface by emis-
sion to environment, convective/radiative loss (or 
gain) externally, conduction toward the vehicle, 
convection/radiation internal. The vehicle exte-
rior under solar radiation is at a higher surface 
temperature than that of interior. High surface 
temperature naturally results in higher heat loads 
to the vehicle. 

Solar radiation, which passes through the 
glasses and incidents on the vehicle interior sur-
faces, is modified by an appropriate manufac-
turer supplied transmittance-absorptance product.  
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7.1  Passenger heat and moisture load 

The heat and moisture load from the pas-
sengers is a very complex issue. Since the ther-
moregulatory system of the body will maintain 
an essentially constant internal body temperature, 
it can be assumed that a heat balance will exist 
for the human body for long exposures to a con-
stant thermal environment with a constant meta-
bolic rate. Therefore, the heat generation will 
equal the heat dissipation, and there will be no 
significant heat storage in the body.  

The model that describes the heat and mois-
ture generated from passengers to the ambient 
inside the cabin are developed based on the 
methodology described by Fanger (1970). This 
model assumes that under thermal equilibrium 
and negligible heat storage within the body heat 
added to the air from passengers is contributed 
by sensible heat loss from skin and by sensible 
respiratory loss. It also allows specification of 
passenger variables such as height, weight, cloth-
ing level, and activity type. 

Moisture load generated by humans is con-
sidered from respiration, sweating, as well as 
from the natural diffusion of water through the 
skin. Each term is calculated separately with ap-
propriate empirical correlations. The increase in 
human moisture load on the vehicle interior will 
cause the value of the cabin relative humidity 
increase if not adequately controlled, and bring 
about an uncomfortable environment for the pas-
sengers. 

7.2  Vehicle heat load 

The thermal loads on a vehicle are those of 
the convective and conductive heat loads, which 
do not include the heat load from the passengers, 
solar radiation striking the exterior surfaces and 
passing through the windows of the vehicle. The 
solar radiation on the individual surface serves as 
a source term when calculating the convective 
and conductive heat loads.  

The amount of heat load on the vehicle var-
ies with the changes in the boundary conditions 
imposed on both the exterior and interior sur-
faces; the surface temperature, air velocity, and 
solar radiation. 

The vehicle considered in this investigation 
is a light truck. The primary volume of interest is 
the passenger compartment. To simplify the ve-
hicle model, it is appropriate to consider that a 
passenger compartment has six sides: top, bot-
tom, front, rear, driver side, and passenger side. 
Each side consists of several surface elements, 
and each surface element typically consists of 
one layer for a glass surface or up to as many as 
five layers for the rest. 

A surface element on a particular side is set 
up as a rectangle or an equivalent rectangle for 
otherwise different surface shapes. The thermal 
properties of a surface and its subsequent layers 
are assumed to be uniform and are of the same 
material and thickness. Each surface element will 
be defined by several parameters including direc-
tion, slope, internal and external conditions such 
as temperature, and air velocity, as well as struc-
ture and material characteristics. 

During the wind tunnel testing, the passen-
ger space is essentially at a different temperature 
from those of the environment and the engine 
cell. At the beginning of the simulation, the vehi-
cle is at steady state where the air temperature 
inside the passenger volume is 60oC, and the 
ambient temperature is constant 43.3oC. Conduc-
tive and convective heat loads to the cabin are 
determined by the external air temperature, the 
vehicle speed, the varying interior temperature, 
coupled with the heat capacity of the car shell. 

To account for the transient heat capacity of 
surface elements, each surface element is consid-
ered as a composite slab. The thickness of a slab 
is much less than the length and the width of the 
slab. It is then reasonable to assume that tem-
perature varies only in the x-direction along the 
surface normal. The general one-dimensional 
transient heat conduction equation which gov-
erns the physical process of interest here is given 
by 


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It is assumed that thermal properties (con-
ductivity, density, specific heat, etc.) and tem-
perature are uniform within each individual layer 
or control volume. Thus, for each control volume 
there is only one grid point which denotes its 
homogeneous properties. The number of grid 
points is created in response to the number of 
layers plus two boundary points in each surface 
element. For example, five grid points are re-
quired to represent a three-layer surface element. 

The numerical scheme adopted to discretize 
Equation 6, was that of Patankar (1980). To 
evaluate the heat load on a surface element, the 
surface temperatures at the boundary nodes must 
be computed. The surface temperatures are ob-
tained through a discretized equations by march-
ing in time from the given initial temperature 
distribution and the boundary conditions. The 
boundary condition values are those of solar ra-
diation, heat transfer coefficients on the exterior 
and interior sides. Note that the interface conduc-
tivities in the composite wall are carefully evalu-
ated by linear variation between two adjacent 
grid points.  
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To simplify the calculation, the algorithm 
will compute current heat loads based on the heat 
transfer coefficients obtained at the previous time 
step. With knowledge of the interior surface 
temperatures and cabin temperature the total 
convective heat load to the passenger space is 
hence obtained by summing up the thermal load-
ing on every surface element. This conduc-
tive/convective heat load plus the solar and hu-
man loads are then used in the lumped transient 
analysis as the source terms to calculate the pas-
senger compartment temperature and humidity 
variations. 

7.3  Lumped system model 

To perform system benchmark comparison 
and parametric study it is unnecessary to develop 
a computer simulation tool. The passenger com-
partment was analyzed using the lumped capaci-
tance method. It is assumed that the temperature 
and humidity inside the passenger compartment 
is spatially uniform at any instant of time during 
the process. This assumption implies perfect 
mixing of the air inside the compartment at all 
time. In addition, a lumped analysis of the inte-
rior masses (seats, IP, floor console, etc.), which 
act either as a heat source or heat sink, is in-
cluded in the analysis.  

The flow of energy and air in and out of the 
passenger compartment is described by four cou-
pled nonlinear ordinary differential equations. 
These equations are based on dry air mass bal-
ance, vapor mass balance, interior air energy 
balance, and cabin interior mass energy balance. 

Air enters the vehicle from two sources, in-
filtration and the air conditioner. Air exits the 
vehicle only by return air vents. The air entering 
and exiting the vehicle carries with it a certain 
amount of moisture. While the moisture enters 
the vehicle through infiltration, conditioned air. 
It is also added to the system by passenger per-
spiration and respiration. These sources provide 
the basis for mass balance of both dry air and 
vapor. 

7.4  Energy balance equations 

The energy rate equations one for air and 
other for the cabin interior masses are expressed 
through conventional means (Huang 1998). It is 
more convenient however to formulate the above 
differential equations in terms of temperature and 
humidity ratio, so that the final forms would con-
tain the desired variables and are readily solved 
by applying appropriate numerical methods. 

Three coupled non-linear equations are now 
obtained in terms of the cabin air temperature Tp, 
the cabin air humidity ratio w, and the interior 
equivalent mass temperature Tm.  
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Here Ω represents the part of solar heat load 
which is absorbed by the internal masses, the rest 
is therefore given away to air by means of radia-
tive interactions. Another way would be consid-

ering Ω=1 and adding nonlinear radiative heat 
transfer component to Equation 9. From the 
views of computational expediency and the ob-
jectives in mind the first lumped model has been 
chosen. 

It should be noted that interior masses have 
been lumped into one, with a temperature, heat 
capacity, exposed area, and heat transfer coeffi-
cients of Tm, (mc)m, A, and h respectively. In the 
analysis the convective coefficient h has been 
optimized for better comparisons. The improved 
model by considering multiple masses such as 
seats and panels, is under consideration and will 
be presented later. 

Since the relative humidity is also one of 
the important variables that define human com-
fort, the designer is therefore interested in the 
relative humidity rather than the humidity ratio. 
However, it is the humidity ratio which is re-
quired for the solution of the governing equa-
tions. 

8.   Numerical Method Implementation 

The Equations, (7), (8) and (9), were solved 
simultaneously using a classical fourth-order 
Runge-Kutta method with step size control 
(Chapra 1988). The water vapor contributed 
from human, infiltration, and A/C cooling air 
were considered and calculated separately. The 
current (n+1 step) values of average humidity 
ratio as well as temperature are calculated based 
on the values of both humidity ratio and tempera-
ture at the previous time step (n step). The re-
moval of moisture is handled automatically in 
this explicit algorithm. The return air (at n step) 
leaving the passenger compartment carries the 
moisture to the evaporator, where it condenses 
and moisture content is reduced. Then, the 
evaporator model uses this return air information 
(at n step) to calculate the current (n+1 step) 
value of conditioned air humidity ratio and tem-
perature, which are now the input parameters for 
the calculations of passenger compartment hu-
midity ratio and temperature (at n+1 step).  
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Note that the concept used for the step size 
control is to take local truncation error as the 
difference between two predictions using the 
Range-Kutta method with different step sizes. 
The difference in these two calculations repre-
sents an estimate of the local truncation error. If 
the error is too small, the algorithm would in-
crease the step size, or decrease it if the error is 
too large. This adaptive computational scheme 
has been proven to be a successful way to reduce 
CPU time by one to two orders while still yield-
ing satisfactory results 

9.   Results And Discussions 

Figure 9 presents the predicted/experimen-
tal interior average air temperature profile as a 
function of time for a baseline vehicle. As the 
vehicle speed increases, the interior air tempera-
ture uniformly drops toward a steady state value 
due to the surge of conditioned air into the vol-
ume. The overall trends of the calculated results 
are consistent with the experimental data with an 
error margin of 5% error. 

 

Figure 9.  Vehicle interior air temperature 

The predicted relative humidity inside the 
cabin is shown in Figure 10. Initially, the cabin 
is assumed to have a relative humidity of 35% 
and the ambient is pre-defined to have a constant 
value of 65% over time. During the first 100 sec-
onds, the variation of relative humidity shows a 
rise to a value of about 38% (not shown because 
of fine scale) due to the sharp drop in interior 
temperature after the A/C unit is switched on at 
time zero. After 300 seconds, the humidity dis-
tribution is relatively steady. This is expected 
and is also consistent with the experimental data 
presented by Kohler 1990. Unfortunately, there 
is a shortage of experimental data regarding the 
transient relative humidity in the passenger com-
partment. The rate equations for the temperature 
and humidity ratio are coupled, since the tem-
perature predictions are accurate it is tempting to 
assume that the relative humidity value predic-
tions are also within an appropriate range. 

The model is used next for parametric study 
which enable the designer to achieve optimum 

design objectives without even testing an actual 
vehicle.  

Figure 10.  Vehicle interior relative humidity. 

A parametric study under various glass type 
selection is shown in Figure 11. Previous simula-
tions were for a glass type of privacy. Simula-
tions are for various other types where front, 
driver, and passenger side were kept as tinted. 
These simulations show that solar-reflective 
glass and a larger blower (not shown) will effec-
tively improve the comfort level of the vehicle 
interior. 

 

Figure 11. Air temperature-glass type variation. 

10.   Summary 

A software package has been developed for 
the design and simulation of an Automotive Cli-
mate Control System. The methodology intro-
duced allows the designer to test the effects of 
design, component, and structural changes on the 
temperature and moisture variations of the pas-
senger compartment. This software package aims 
minimizing the costly and time-consuming pro-
cedures for integrating a prototype A/C system. 
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Nomenclature 

A area (m2) 
c specific heat (kJ/kg-K)  
CD discharge coefficient 
D diameter (m) 
f friction factor 
h heat transfer coefficient (W/m2-K) 
i specific enthalpy (kJ/kg) 
k thermal conductivity (W/m-K) 
Ki minor loss coefficients 
m&  mass flow rate (kg/s) 
p pressure (N/m2) 

Q&  heat transfer rate (kW) 
T temperature (K) 
t time (s) 
U fluid speed (m/s), overall heat transfer 

coefficient (W/m2-K) 
V volume (m3) 
w humidity ratio 
ρ density (kg/m3)  
η′  area-weighted fin efficiency 

Ω defined in Equation (9) 

Subscripts: 

AC air conditioning unit 
a air 
c compressor , also convective 
h hydraulic. human 
in or i inlet, also infiltration 
m interior equivalent mass in the cabin 
o orifice tube 
out or o outlet 
p passenger cabin 
s solar 
v vapor 
w evaporator  
r refrigerant 
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