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ABSTRACT

In this study, the thermal performance ofAIZO3, TiO, and ZnO nanofluid in horizontal

microchannels was investigated experimentally and numerically. ALLO; (13nm), TiO,  ¢orrespondence to: Beytullah Erdogan,

Biilent Ecevit University, Department

of Mechanical Engineering, Zonguldak,
TURKEY

E-Mail: beytullaherdogan@hotmail.com
Tel: +90372 2911633

(10-25nm) and ZnO (18nm) nanoparticles in water to prepare nano-powders with 0.5%,
0.7% and 1.0% volumetric concentration.A set of experiments was set up for experimenta-
tion. For this purpose, micro-channels of 20 cm in length were used at different surface
temperatures (15, 25, 40 ° C) from different materials (400, 750, 1000 pm). In addition,
nanofluids with different inlet temperatures, volumetric flow rates (20, 35, 50 mL/min)
and concentration ratios are used using nanofluids. Temperature, flow and pressure meas-
urements are based on heat transfer, heat transfer coefficient, Nusselt number, pressure
drop and friction factor. The values required for the calculations are measured separately.
The effects of parameters such as microchannel diameter, particle type, flow velocity and
volumetric ratio on the friction factor, temperature distribution, pressure drop, Reynolds
and Nusselt numbers with Taguchi method will be determined in the flow program and
compared with the experimental study. In addition, this study will be a preliminary model
for the design and analysis of new generation cooling radiators with nanofluid which are

not used in diesel engines conforming to Euro 5/6 emissions norms.

Keywords:
Microchannel; Nanochannel; Reynolds Number; Nusselt Number; Numerical Analysis

INTRODUCTION

Bhattacharya et al. [10], using Al,O,-Water nano-fluid,
studied numerically the heat transfer characteristics
of laminar forced convection of the nano-fluid in their
works. Chen et al. [9] quantitatively analyzed the heat

Nowadays, the cooling systems are used in various
areas such as energy transfer, computer systems,
electronic systems and heating. Cooling systems pro-
vide much more efficient results with recent techno-

logy. For decades, many studies include nanofluids
that used as refrigerant for cooling systems.

The nanoparticle is a solution formed by the sus-
pension of the nanoparticles in the liquid homogeneo-
usly and allowing the transport of the particles through
the base liquid. Generally, metal particles and oxides are
suspended and transported in pure water or ethylene
glycol. We anticipated the heat transfer will be increase
by the thermodynamic properties of nanoparticles.

In recent years there have been many studies on
the use of nanofluids in cooling systems. Some of those;

transfer characteristics of a nanoparticle with different
nanoparticle volume cross-sections. Lelea [13] determi-
ned the heat transfer performance numerically, taking
into account the effect of viscous dispersion in the la-
minar flow regime. Heyhat [4] examined how the heat
transfer coefficient and the friction factor change in a
horizontal circular tube experimentally. Sahin et al. [2]
examined the effects of volumetric concentration and

Reynolds number on heat transfer and pressure drop
performance experimentally. Karimzadehkhouei et al.

[3] also studied TiO,-Water nanofluids, differently from
Al O,-Water nanofluids. They have examined the pres-
sure drop and heat transfer properties of neuroplates
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in horizontal smooth microtubes for thermally developing
flows under constant heat flow conditions with using na-
nofluids. Ahmet et al. [11] who used the Cu-pure water in
their studied examined the heat transfer gain and pressure
drop characteristics of nanoparticles flowing through the
isothermally heated curved canal path using numerical
methods in their studies. Tsai-Chein et al. [12] also studied
Carbon Nanotube-Water nano-fuel, which is different from
Cu-Su nano-fuel. They examined the performance of the
microchannel cooler using these two nanofluids.Azmi et
al. [5], used TiO,-Water nanofluid in their experiments, and
examined the heat transfer coefficient and friction factor in
turbulent flow at different volumetric concentrations, cons-
tant heat flow condition. Azmi et al. [5] experimentally in-
vestigated the heat transfer coefficient and friction factor of
a copper circular tube using a SiO,-water nanofluid in addi-
tion to the TiO,-Water nanofluid in a different study. Bhan-
vase et al. [6] investigated the effects of the nano-flow rate
and inlet temperature on the heat transfer performance in
the case of constant heat flow experimentally. Haghigi et al.
[7] examined the cooling performance of a small-diameter
tube using Al,O,-Water and CeO,-Water nanofluids, unlike
TiO,-Water nanofluids. Ho et al. [8] examined the results
in different microchannels obtained for the maximum wall
temperature, thermal resistance, mean heat transfer coef-
ficient, pump power and friction factor with varying Rey-
nolds in their work. Mohammed et al. [3] have applied three-
dimensional simulations for varying Reynolds numbers at
a constant volume for a triangular-shaped microchannel,
a constant volume flow at the top plate, and evaluated the
results.

In this study, the heat conductive coefficient, heating
performance and Nusselt numbers of water based nanof-
luids that have different temperatures(50—60°C) flowing
on three different flow rates in the horizontal circular mic-
rochannels that are at various surface temperatures (10,
25, 40°C), materials (400, 750, 1000um) and diameters are

Figure 1. Schematic display of the test set.

02

Table 1. Properties of nanoparticles.

Nang ?)‘l{grr:egtirs Density Z’; thi < Thermq[ Conductivity
Particle (m) (kg/m3) kg K) Coefficient (W/m.K)
A1203 13 3890 778 46

Tio, 25 3900 710 10

Zn0 18 5606 500 54

examined by using Taguchi method experimentally. This
study examined many different parameters in the same ex-
perimental setup and obtained the results that shown on the
graphics unlike other studies in the literature. These results
that obtained is modeling numerically(CFD) and compare
with experimental results.

MATERIAL AND METHODS

Properties of Nanoparticles

In this study, A1203, TiO2 and ZnO, used as nanopartic-
les and incorporated in to water as the base fluid were.
Table 1 shows the nanoparticle properties.

Preparation of Nanofluids

The nanofluids were prepared using an ultrasonic
homogenizer(Characteristics of the ultrasonic homo-
genizer: Optics Ivymen System, CY-500, Power: 500W,
Frequency: 20kHz, Probe Diameter / Length: ©¥5.6 /
60mm). AIZOB, TiO, and ZnO nanoparticles were mixed
with pure water, and they were set to volumetric concent-
ration of 0.5%, 0.7% and 1%. The mass quantities of the
nanoparticles and pure water used in the nanoparticle
solution were measured using a precision scale based on
the required amounts for volumetric concentration of
the nanoparticles. Solubility has been proven by looking
at the SEM images provided with homogeneity.



Figure 2. Test set.
Thermophysical Properties of Nanoparticles

The individual thermal conductivity coefficient for each
volumetric concentration was measured with Decagon
KD2-Pro (KS-1 Probe) and viscosity AND SV-10. The
values obtained at the end of these measurements are
transformed and plotted into a correlation which can
give almost real results in the intermediate values by the
curve fitting method. The specific heat and density valu-
es of the nanofluids are calculated and used from general
equations.

Test Set

Experimental set include; the pump and regulator, hea-
ting bath, cooling bath, micropipes that working dimen-
sions, heat exchanger made of polymer materials, insu-
lating materials, heat exchanger made of stainless steel,
temperature sensors, pressure sensor, data logger and PC.
In Fig. 1 the test set is shown schematically, while in Fig.
2, the actual experiment set is given.

Table 2. Nusselt numbers as a result of verification experiments.

Volumetric Flow (mL/min) 10 15 17 20
7,0 448 440 444 44,8
7.0 16,2 19,2 19,9 21,3
T, faceyn °C) 10,1 10,1 10,1 10,1
T, faceyout °C) 9,9 9,9 10,0 10,0
Pressure Drop (bar) 1,150 1,680 1,900 2,300
Nusselt Number (Sieder-Tate) 3,342 3,809 3,964 4,171
Nusselt Number (Edwards) 4,066 4,244 4,311 4,409
Nusselt Number (Full Developed) 3,66 3,66 3,66 3,66
Nusselt Number (Experimentally) 3,081 3,496 3,785 4,011

03

Verification Experiments

Verification experiments have been conducted to check
that the system is working properly before starting the
experiments. In the verification experiments, hydrody-
namic and thermally developed laminate flow condition
in a circular cross-section with constant surface tempe-
rature limit were investigated. Nusselt numbers and heat
transfer coefficients were found. The results of the ex-
periments were compared with the Sieder-Tate and Ed-
wards equations, which are valid in the literature with
the selected conditions. Micropipes with a diameter of
400pm were used in verification experiments and pure
water was used as a fluid. Table 2 and Table 3 show the
experimental Nusselt numbers and heat transfer coeffici-
ents, respectively.

Table 3. Heat Convection Coefficient as a result of verification experi-
ments.

Volumetric Flow (mL/min) 10 15 17 20
7,0 44,8 44,0 444 44,8
T OO 16,2 19,2 19,9 21,3
T o fucein (°C) 10,1 10,1 10,1 10,1
T esaceron (°C) 9,9 9,9 100 10,0
Pressure Drop (bar) 1,150 1,680 1,900 2,300
Heat  Convection  Coefficient

(Sieder-Tate) (W/mK) 5404 6177 6436 6766
Heat  Convection  Coefficient

(Edwards) (W/mK) 6574 6881 7000 7175
Heat Convection Coefficient (Full 18 5
Developed) (W/mK) 59 5934 594 5955
Heat  Convection  Coefficient 4982 5668 6146 6527

(Experimentally) (W/mK)

B. Erdogan et al. / Hittite ] Sci Eng, 2018, 5 (Special Issue: Selected Papers from the 21 National Thermal Sciences and Technology Congress) o1-07
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Data Analysis and Important Formulas

The values of Nusselt number, heat transfer coefficient
and heat transfer calculations are obtained at the end of
this research. The general formula given below of cross-
flow heat exchangers was used for calculation heat trans-
fer.

Q:m*cp*(ToutiTin) (1)

m=p*V 2

Here m isflowrate, C, is specific heat of nanofluid, T,
is the inlet temperature of nanofluid in the microchannel,
T. is the outlet temperature of the nanofluid in the microc-
hannel, p is density of nanofluid and, V indicates the mul-
tiplication of nanofluid velocity and surface area at the inlet
of microchannel. The general formula of cross-flow heat
exchangers is used for calculation of convective heat trans-
fer coefficient as given below.

Q=h*A*AT, 3)
A=7z*D*L @)
AT =Tin _Tsurface,in (5)
ATout = Tout _Tsurface, out (6)
AT, = (AT, - AT, )/ In(AT,, - AT,,) ?)

In these formulas, A is inner surface area of microchan-
nel, D is the inner diameter of microchannel, L is length of
microchannel, 7'

surface,in

rochannel surface, T’

surface,out

is the temperature of the inner mic-
is the temperature of the outlet

surface of the microchannel, AT, is the logarithmic average

temperature belonging to the nanofluids, Q is the amount
of heat transfer, /1 is conductive heat transfer coefficient.
The following equations were used while calculating Nus-
selt number. In this formulas, 4, is conductive heat transfer-
coefficient of the inner surface of the pipe, Di is the inner
diameters of pipe and k is the thermal conductivity coeffici-

ent.
NU:(h*D)/k (8)
Sieder-Tate(Re<2300)
Nuy, =1.86G7" (4, / )" )
Edwards(Re<2300)
Nuy,, =3,66+0,065Gz / (1+0,04Gz*") (10)

Heat Convection Coefficient
hlhe = Nuthek / Din (W /mzK) (11)

The Principle of the Working System

The piston pump, which draws fluid from the nanofluid
tank, was set from the digital indicator. In order to bring
the nanofluid to the desired temperature, hot water was
supplied through a heat exchanger made of stainless ste-
el material. In the other heat exchanger chamber made
of polymer material, in which the micro-tube is located,
cold water was simultaneously supplied from the cooling
chamber to cool the nanofluid. The pressure regulator,
which was connected to the pump, regulates the flow
while the pump delivering the nano-fuel from the tank
to the system. The nanofluid coming out of the regula-
tor that entering the double tube heat exchanger made of
stainless steel material. The nanofluid at the desired tem-
perature that coming out from dual tube heat exchanger
enters the micro pipe. The temperature of the nanofluid
flowing through the micropipeis reduced with the cold
water circulating in the cross flow heat exchanger. is the
temperature of it was measured by another temperatu-
re sensor located at the outlet of the micro channel. The
heat transfer state was examined in terms of the tempe-
rature. The nanofluid coming out from the micro-pipe is
again poured into the nanofluid tank with the used hoses.
This ensures continuity in the system.

Experimental Study

The nano-powders (Al,O,-pure water, TiO,-pure water
and ZnO-pure water) initially prepared at volumetric
concentrations are also poured into the nanofluid tank
at the desired amount. This amount is set with a precisi-
on scale. The metal pipes in the system are covered with
insulating materials against any heat loss. The connecti-
on points on the system are connected with fasteners for
preventing any leakage. In the heat chamber, the heated
water is heated to a stable temperature value at the nano-
particle inlet temperature of the micro-tube. This stable
temperature is monitored from the computer through
the data logger located in the system. In the same way,
if it is desired to circulate a few degrees of cold water in
the heat exchanger reservoir surrounding the micro-pipe,
the cooling bath is cooled until the stable temperature
condition was obtained. This stable temperature value
similarly controlledfrom the computer. By setting the de-
sired flow rate from the flow rate indicator on the pump,
nanofluid transfer is started in the system. From this po-
int, the microchannel inlet temperature of the nanofluid
and the temperature of the cold water circulating outside
the micro tube are expected until the desired value was
stabilized. When the required conditions were met, the
amount of heat transfer was calculated by the obtained
data.



Table 4. Taguchi Experimental Values.

Factors
Test B C D E F G
e e S
1 SS 381 ALO; 0.5 52.8 11.9 20
2 SS 381 Tio, 0.7 58.4 24.3 35
3 SS 381 ZnO 1.0 67.0 40.6 50
4 SS 762 ALO; 0.5 56.8 24.2 50
5 SS 762 Tio, 0.7 72.6 389 20
6 SS 762 ZnO 1.0 50.8 9.1 35
7 SS 1026 ALO; 0.7 49.2 38.6 35
8 SS 1026 Tio, 1.0 58.6 10.4 50
9 SS 1026 ZnO 0.5 73.9 20.0 20
10 PEEK 381 ALO; 1.0 64.6 24.6 35
11 PEEK 381 Tio, 0.5 47-4 39.9 50
12 PEEK 381 Zn0O 0.7 63.8 9.8 20
13 PEEK 762 ALO; 0.7 65.7 10.6 50
14 PEEK 762 TiO, 1.0 51.6 24.9 20
15 PEEK 762 Zn0 0.5 59.0 40.0 35
16 PEEK 1026 ALO;s 1.0 60.4 39.2 20
17 PEEK 1026 TiO, 0.5 68.0 10.6 35
18 PEEK 1026 Zn0 0.7 47.9 23.7 50
Taguchi Method of these parameters and instead of doing thousands of

The Taguchi method is a very effective method that is
used to obtain the best results in long-term and highly
variable experiments, which can accommodate many
different parameters. Under normal conditions, without
using this method, each nanofluid can be used at diffe-
rent concentrations, at different micropipe diameters,
different micropipe materials, different flow rates, dif-
ferent temperature values, etc.The excessive number of
experiments mustbe done in order to apply each conditi-
on. The Taguchi method suggests the optimum number

Figure 3. Verification experiments for Nusselt numbers.

05

experiments for this study, we present the values that will
give the best results in the 18 experiments shown in Table
2. This also saves cost and time.

Numerical Modeling

Numerical modeling analysis was performed with

ANSYS CFD (computational fluid dynamics) program.

The thermophysical properties of experimentally found
nano-fluids were introduced to the program of equations
belonging to the given data. The experimental data used

Figure 4. Verification experiments for heat convection coefficient.
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Figure 5. Verification experiments for heat transfer.

in Table 4 are compared with the numerical modeling.

RESULTS AND DISCUSSION

Verification Experiments Results

As shown in Fig. 3 and Fig. 4, Nusselt numbers and heat
transfer coefficients are calculated using the Sieder-Ta-
te and Edwards equations, and they were shown on the
figure by curve fitting method. Fig. 5 shows the amount

Figure 6. Nusselt number graphic.

of heat transfer obtained by using these results. Experi-
mental Nusselt numbers and heat transfer coefficients
obtained from the test results were also transferred by
the curve fitting method and compared with the results
calculated by formulas. Also in Figure 5, the calculated
heat transfer amount from the experimental results was
compared with the results found in the formulas. In these

Figure 7. Heat convection coefficient graphic.

Figure 8. Heat transfer graphic.

graphs the relation between Nusselt numbers and heat
transfer coefficients with Reynolds value are shown. The
results that using the formulas in the literature obtained
were close to the experimental results. Experiments have
been carried out in a number of different ways to see the
transition regime between the laminar flow and the tur-
bulent flow. Fig. 6, 7, and 8 show the Nusselt numbers,

Figure 9. Comparison of Nusselt numbers compared to fluid types.

heat transfer coefficients and heat transfer quantities fo-
und in the experiments with the optimum experimental
parameters presented by the Taguchi table, and the Nus-
selt numbers, heat transfer coefficients and heat transfer
quantities found in the numerical studies in the same
parameters. As can be seen in Fig. 11, the best thermal
performance was achieved with the Al,Os;-water nanof-
luid. Compared to pure water, 15.3% higher heat transfer
was achieved. The second best performer is the nanofluid

Figure 10. Comparison of heat convection coefficient compared to fluid
types.



Figure 11. Comparison of heat transfer rate compared to fluid types.

ZnO-water nanofluid. 2.2% less heat transfer than water
was obtained with TiO,.

CONCLUSION

In this study, the Nusselt number, heat transfer coeffici-
ents and heat transfer amount of A1203—water, TiOz—water
and ZnO-water nanofluids flowing in a horizontal circu-
lar microchannel under constant surface temperature
conditions were calculated experimentally and numeri-
cally. Pure waterwas used as the base liquid. The results
can briefly given as follows:

1)The concentrations and waiting times of the nano-
particles should be well adjusted. If it's not set well, there
might be crashes in the nanofluid and sedimentation may
occur. Nanoparticles in the melt can cause plugging of the
tubes. This can adversely affect both the operation of the
system and the thermal performance.

2)The equations given in the literature used in the cal-
culations should be chosen according to the ambient condi-
tions used in the experiments.

3)When the pipe diameter is reduced, the heat transfer
rate was increasing.

4) The best thermal performance was obtained with
Al203-water nanofluid.

5) Nanoparticles with the highest thermal conductivity
capacity may not provide the best value for heat transfer.
The thermal conductivity of the ZnO nanoparticle was hig-
her than that of the other nanoparticles, but the AlZOS—water
nanofluid had the highest heat transfer value as a result of
the experiments.
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ABSTRACT

D 1achines like air conditioners and refrigerators, which cause significant energy

consumption in countries around the world, are widely used in industry and residences. ¢y, espondence to: Mert Sinan Turgut,
Analyzing and studying the behavior of these machines with computer simulations can  Ege University, Department of Mechanical
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optimize performance of them. In this study, thermodynamic modelling and dynamic ==
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simulation of a vapor compression refrigeration cycle is handled. R134a and R1234yf
are used as the primary fluid and water is used as the secondary fluid in the refrigeration
cycle. R1234yf is a refrigerant, which has low Global Warming Potential (GWP) and
Ozone Depletion Potential (ODP) and is recently has been begun to use as a substitute of
R134a. In this study, dynamic behaviors of these two refrigerants are examined in a vapor
compression refrigerant cycle with fixed operating conditions. Finite Difference Method is
utilized for the modelling of the evaporator and condenser and Gungrr-Winterton and Travis
et al. correlations are used for the modelling of the evaporation and condensation proccesses
respectively. Orifice equation is utilized for the modelling of the expansion valve and
modelling of the compressor is carried out by first dynamically simuating the heat transfer
between the gas and surroundings until the gas reaches to compression chamber and after
that the polytropic compression process in the chamber. For the realization of the dynamical
simulation, refrigerant fluid mass flow rate is applied to the system as step input. Response of
the system to the input is observed with transient p-h and coefficient of performance (COP)
diagrams. The results showed that COP is started off with the values of 2.079 for R134a
and 1.711 R1234yf, reached the maximum points of 2.577 for R134a and 2.02 for R1234yf,
then slowly declined with fluctuations. In the p-h diagram, due to temperature rise of inner
walls of the evaporator and condenser, condenser outlet and compressor inlet enthalpy values
started off with 395,945 kJ/kg and 231,714 k]/kg for R134a, 361,557 kJ/kg and 230,750 kJ/
kg for R1234yf, then approached to the saturation curve with time and reached the values of
393,957 k]/kg and 233,808 k]/kg for R134a, 359,547 k]/kg and 231,917 k]/kg for R1234 yf.

Keywords:
Refrigeration cycles; Dynamic Simulation; System Modelling; Thermodynamics;

Global Warming Potential

INTRODUCTION

owadays, refrigeration machines have various An important factor that affects the performance
domestic and industrial applications and they  of the refrigeration machines is refrigerant selection [2].
play a huge role in energy consumption. By doing re-  Nowadays, refrigerants that have lower Global War-
search studies, it is desired to make these machines = ming Potential (GWP) and Ozone Depletion Potential
more effective with less energy consumption [1]. Ins-  (ODP) values are begun to take the place of those that
pecting the dynamical behavior of the refrigeration  have higher GWP and ODP values. In refrigeration
machines is an important factor in design and control ~ machines, usage of R1234yf as an alternative to R134a,
of these machines. which is a refrigerant that is widely used in refrigeration
machines, is gaining momentum due to its lower GWP

and ODP values.
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One of the first studies in dynamical modelling of the
refrigeration cycles is conducted by the American National
Standarts Bureau which investigated the steady-state beha-
vior of the chiller [3] and boiler [4]. Moreover, the first studi-
es that aim to optimize the system design and increase the
energy saving have taken their place in the literature [5-7].
Chi and Didion [8] developed a software that can achieve
the dynamical analysis of their heat pump called TRPUMP
and includes the models of the all components in lumped
parametric form and they compared the results that they
acquired from the software with the results reported by the
American National Standarts Bureau. Bonne et al. [9] studi-
ed the dynamical simulation of a heat pump with a comp-
ressor driven by an electrical motor and its on-off control.
MacArthur [1] modelled a vapor compression cycle to ac-
complish the closed-loop control of the system, achieved the
dynamic simulation, investigated the stability and response
of the system and then compared these results with the ex-
perimental results. Chen and Lin [10] studied the optimal
component combination to decrease the energy consump-
tion of a small-scaled refrigeration system. In this study, the
authors aimed to find the most favorable design combinati-
on of the compressor, the evaporator, the condenser and the
capillary tube in order to reduce the energy consumption.
Fu et al. [11] achieved the dynamical modelling of a dual-
mode air-to-water heat transfer based heat pump. The stu-
dies in this field are published over time and still continuing
with developing control strategies [12] and dynamical mo-
delling of various system variations [13].

The effect of R1234yf and R1234ze refrigerants, which
are recommended as a substite of the R1344, to the perfor-
mance of the system are still studied. Yataganbaba et al. [2]
studied the exergetic analysis of two-compressor refrigera-
tion cycle with R1234yf and R1234ze refrigerants and com-
pared the exergetic behavior of these two refrigerants. Mo-
ta-Babiloni [14] studied the effects of R134a, R1234yf and
R1234ze refrigerants both experimentally and theoretically
to the system performance, condenser outlet temperature
and evaporator outlet temperature. Belman-Flores et al. [15]
experimentally studied the effects of R1234 yf and R134a to
the performance and evaporator and condenser outlet tem-
peratures of a domestic refrigerator.

In this study, a vapor compression refrigeration cycle
is considered. Thermodynamic and dynamical modelling of
the system is achieved. R134a and R1234yf refrigerants are
considered as the primary fluids and water is considered as
the secondary fluid. Evaporator and condenser is modelled
with the finite difference method and evaporation and con-
densation processes is modelled with Gungor and Winter-
ton [16] and Travis et al. [17] correlations respectively. Mo-
delling of the compressor is accomplished with two separate
processes. First, until the refrigerant arrives to the compres-
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sion room, the heat transfer between the refrigerant and the
environment is considered. Then the polytropic compressi-
on process equation is utilized after the refrigerant arrives
to the compression room. For the expansion valve, orifice
equation is utilized [1]. Mass flow rate of the refrigerant is
applied to the system as the step input. Afterwars, the dyna-
mic effect of R1234yf and R134a refrigerants to the system’s
coefficient of performance, required compressor work, coo-
ling load, pressure-enthalpy and temperature-entropy cha-
racteristics are investigated.

The rest of the paper is considered as follows. In the se-
cond chapter, dynamical modelling of the refrigeration cycle
is described. In the third chapter, the results are discussed in
detail and the fourth chapter concludes the paper.

MODELLING OF THE SYSTEM

A basic refrigeration cycle consists of four components,
namely, the evaporator, the condenser, the compressor
and the expansion valve. The refrigerant absorbs the
heat from the evaporator and evaporates, then the gas is
compressed in the compressor and directly its pressure
and indirectly its temperature increases. Afterwards, the
excess temperature is emitted in the condenser and the
pressure of the refrigerant is decreased to the condenser
inlet pressure level in the expansion valve. A diagram of a
basic refrigeration cycle is given in Fig. 1.

Figure 1. A basic refrigeration cycle

In the following subsections, the dynamical modelling
of the each component is given.

Evaporator

The finite difference method is utilized for the model-
ling of the evaporator. A cross-flow evaporator with one
dimensional fluid flow is considered. Gungor and Win-
terton [16] correlation is utilized for the modelling of the
evaporation process. The heat convection coefficient can
be calculated with Gungor and Winterton correlation
shown in equations through 1-7.
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heat transfer rate, X, shows the Martinelli coefficient, x rep-
resents the quality of the vapor, k shows the heat conduction
coefficient, M shows the molar mass and v and / subscripts
represents the gas and liquid phases, respectively. Gnielins-
ki [18] correlation is utilized for the single phase turbulent
flows. Nusselt number can be calculated with the use of
Gnielinski correlation as in Eq. 8.

_ (f/2)(Re~1000)Pr
1+12.7(Pr*?) 1 12

®)

where Nu represents the Nusselt number, Pr shows the
Prandtl number, Re shows the Reynolds number and f rep-
resents the friction factor. The friction factor and the Rey-
nolds number can be calculated by using Eq. 9-11.

VD
Re=2" )
U
f= ﬂ Laminar
Re (10)
f =(0.79In Re—1.64)’2 Turbulence

where p shows the fluid density, V represents the fluid
velocity, D shows the pipe diameter and pt represents the flu-
id viscosity. The equations for the calculation of the behavi-
or of the primary fluid are given in Eq. 11-12.

om_h om_h
= Mhy ———dx (1)
oX
o, h, om;h, ,
— hy pidx (T, —Tr)—de—mehfg 12)

where m, m; ve m, shows the mass flow rate of the
liquid, gas and liquid-gas phases, respectively, h;, h; ve hy
represents the enthalpy of the liquid, gas and liquid-gas pha-
ses, respectively, h; represents the convection coefficient of
the fluid, p; shows the inner tube diamater and T, and T,
represents the wall and primary fluid temperatures, respec-
tively. The behavior of the secondary fluid can be calculated
by utilizing the Eq. 13.
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where p shows the fluid density, Va shows the fluid

ho:O (Thx -T ) =0 13)

velocity, h, shows the convection coefficient, p, represents
the outer tube diameter and T; represents the secondary
fluid temperature. The wall temperature of the evaporator
can be calculated as Eq. 14

OT,,

ot
where C shows the spesific heat of the wall and V

va - hi P (Tr _Thx ) + ho P, (Thx _Tf ) =0 (14')

shows the volume of the wall.
Condenser

Modelling of the condenser follows the same procedure
of the evaporator except the condensation process is mo-
delled with the Travis et al. [17] correlation. The wall and
the secondary fluid behavior equations of the evaporator
are valid for the condenser. Primary fluid behavior of the
condenser can be calculated as the following equations.

omh, am,h,

Fa m.hy, + Y dx (15)
om h om h
f: h, P dX (T, =T, )+ —=2dx +mh, (16)

where M. shows the mass flow rate of the condensing
fluid.

Compressor

Modelling of the compressor is achieved in two separate
processes. First, the heat transfer between the fluid and
the environment is considered until the fluid arrives to
the compression room. Then, the polytropic compressi-
on process equation is utilized after the refrigerant arri-
ves to the compression room. An example demonstration
of the compressor is given in Fig. 2.

Figure 2. Inner design of the compressor [1]

The heat transfer equations that models the fluid tem-
perature change until the fluid arrives to the compression
room are given in Egs. 17-19.

prVfI (T3 7T1) = hco (Tcyl - Tl) -h sl (Tl 7Tsl)

dT,
(Ccyl pcyIchI )T;yl = hci (TS _Tcyl ) - hco (Tcyl _Tl) (18)

17)
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ar, _
dt

where fl, ¢yl ve sh subscripts shows the primary fluid,

(Cshpshvsh ) hsl (TZ - Tsl) - hslo (Tsl - Too ) (19)

the cylinder and the outer shell of the compressor. Mea-
nings of the other symbols and subscripts can be inferred
from Fig. 2. The fluid enters the compressor in T, tempera-
ture, then, it interacts with the environment and heats up to
T, temperature and compressed in the compression room.
Compression process in the compression room can be rep-
resented by the following equation.

r-1
L — IDcund !
TS Pevap

where T, shows the compressor outlet temperature,

(20)

cond

pressures and 7 shows the isentropic compression coeffici-
ent.

P, and P, represents the condenser and the evaporator

Expansion valve

The modeling of the expansion valve is accomplished by
utilizing the orifice equation given in James and James
[19]. The fluid enthalpy is assumed to be steady between
the enterance and exit of the expansion valve. The orifice
equation is given in Eq. 21.

1)

where x shows the openness measure of the valve ne-

M = 0.0683X,( Payng — Passp)

evap
edle in mms.
RESULTS

Mass flow rate of the primary fluid with 0.2 kg/sec is app-
lied to the system as step input. The input is applied to
the system from the enterance of the evaporator and af-
ter each cycle completion, a time step is executed. R134a
and R1234yf are utilized as the primary fluids and water
is utilized as the secondary fluid. Thermodynamic and
thermophysical property equations of R134a, R1234yf
and water are acquired from Tillner-Roth and Baehr [20],
Richter et al. [21] and Wagner and Pruf [22], respectively.
Isentropic compression ratios of R134a and R1234yf are
considered as 1.2 and 1.1, respectively. Walls of the evapo-
rator and the condenser and shell of the compressor are
considered as made of steel. Internal pressure of the eva-
porator is taken as 200 kPa and openness amount of the
expansion valve needle is taken as 1.1 mm. By utilizing
the orifice equation, it is calculated that the internal pres-
sure of the condenser is 796.6 kPa. Under these circums-
tances, R134a boils at approximately -10°C and conden-
ses at 31°C, while R1234yf boils at -13°C and condenses at
30.5°C. Inner and outer tube diamaters of the evaporator
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and the condenser are considered as 0.01m. and 0.018 m.
while their lenghts are taken as 14 m. Flow velocity of the
both fluids are taken as 0.7 m/sec., under this circums-
tance, they both flow in turbulence. Initial temperatures
of the environment, outer shell of the compressor and the
cylinder are taken as 25°C and corresponding convective
heat transfer coefficients are selected. In the evaporator,
initial temperatures of the primary fluid, the secondary
fluid and the wall are considered as -11°C, 0°C and 0°C,
while in the condenser, the secondary fluid and the wall
initial temperatures are considered as 23°C and 23°C. Fi-
nally, time steps are taken as 3 sec. and length steps in the
evaporator and the condenser are taken as 0.1 m. More-
over, pressure drops in the evaporator and the condenser,
kinetic and potential energy changes are neglected in the
simulation and it is assumed that there are no leakings at
the pipe connections and no heat loss to the environment
from all equipments.

The simulation is accomplished in the Java program-
ming language and contains 600 sec. time frame. The tem-
perature-entropy (T-s) and the pressure-enthalphy (p-h)
diagrams at the initial and the final states are given in Fig 3,
Fig. 4, Fig. 5, and Fig. 6.

Figure 3. Temperature-entropy diagram for R134a at initial and final
states

Figure 4. Pressure-enthalpy diagram for R134a at initial and final states



Figure 5. Temperature-entropy diagram for R1234yf at initial and final
states

P-h diagram for R1234y al t=0 P-h diagram for R1234y! at =600 sec.

Pressure (kPa)
Pressure (kPa)

1 15 2 25 3 s 4 45 1 15 2 25 3 35 4 45
Enthalpy (J/kg) 10° Enthalpy (J/kg) 10°

Figure 6. Pressure-enthalpy diagram for R1234yf at initial and final
states

By looking at the the Fig. 3, it is seen that, for R134a,

the evaporator-, the compressor- and the condenser- outlet
temperatures are initially -6.17°C, 90.07°C and 23°C, respec-
tively and finally, they reach to -8.51°C, 71.85°C and 24.47
°C. By looking at the the Fig. 5, it is seen that, for R1234yf,
the evaporator-, the compressor- and the condenser- out-
let temperatures are initially -5.15°C, 84.37°C and 23.01°C,
respectively and finally, they reach to -745°C, 70.08°C and
23.86°C. By looking at these results, it can be seen that, the
condenser and the evaporator wall temperature changes
over time and thus the superheat and the subcool tempe-
ratures are decreased and increased, respectively, over time.
Also, the compressor outlet temperature is decreased due to
the heat transfer from the shell and the environment. The
condenser and the evaporator temperatures are tend to get
inside of the saturation dome. After these temperatures get
inside of the dome, the system loses stability and the COP
drops to zero. Variations of the COP, required compressor
work and the cooling load over time for both R134a and
R1234yf are given in Fig. 7, Fig. 8 and Fig. 9, respectively.

As can be seen in figures, since the superheat tem-
perature decreases over time, required compressor work
also decreases. Moreover, the zig-zags in the heat transfer
behavior over time of the evaporator occur because of the

13

Figure 7. COP variation over time for R134a and R1234yf

Figure 8. Required compressor work variation over time for R134a and
R1234yf

Figure 9. Cooling load variation over time for R134a and R1234yf

instabilities in the evaporation correlation. It can be seen in
Fig. 9 that R134a absorbs more heat from the evaporator, ho-
wever it requires similar amount of compressor work with
R1234yf. Therefore, it can be concluded that performance
of R134a is greater than R1234yf. The performance compa-
rison is given in Fig. 7. This phenomena occurs because the
thermodynamic and thermophysical properties of R134a
is more favorable than R1234yf’s. The system coefficient
of performance ripples because of the zig-zags in the heat
absorbtion from the evaporator and after a small overshoot,
it slowly decreases. After the superheat temperature drops
below zero, the COP value rapidly converges to zero.
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CONCLUSION

In this study, the dynamic behavior of a vapor compressi-
on cycle with R134a and R1234yf working fluids is inves-
tigated. Modelling of the evaporator and the condenser
is achieved with the finite difference method. Modelling
of the compressor is accomplished with first, finite diffe-
rence method, then the isentropic compression equation.
Finally, modelling of the expansion valve is done with the
orifice equation. The simulation results showed that the
evaporator and the compressor wall temperatures decre-
ase and increase, respectively, over time. Therefore, the
superheat and the subcool temperatures decrease and
increase, respectively, over time. After the the superhe-
at and the subcool temperatures drops below zero, the
system loses stability. Also, it is found that, the perfor-
mance of R134a is better than R1234yf and required
compressor work of the system and the heat absorption
from the evaporator decreased over time. The coefficient
of performance slowly decreased after a small overshoot.
The authors plan to study on control algorithms that can
maximize the system coefficient of performance in the
future works.
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he first generation of refrigeration compressors is reciprocating type compressors, the sec-
ond generation is scroll type, and the third generation is screw type compressors that are
available on the market. Although the need of semi-hermetic refrigeration compressor in
Turkey market is 15000 per year, there is no any domestic manufacturer of semi-hermetic re-
frigeration compressor, and consequently Turkey imports all of the refrigeration compressors

from abroad market. In this study, the performance and the manufacturing processes of the
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semi-hermetic refrigeration compressor that is designed and manufactured with a hundred

percent of domestic opportunities are investigated. The performance tests of the compressor

are done, the catalogue of the compressor is prepared and it is 12 % more efficient in com-

parison with equivalent European one.
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INTRODUCTION

he heart of the vapor-compression refrigeration

machines are the compressors. The widely used
refrigeration compressor types are the reciprocating,
screw, centrifugal and vane. Reciprocating compres-
sors consist of suction and discharge valves regula-
ting pumping process and pistons moving back and
forth in cylinders. The screw, centrifugal and vane
compressors all use rotating elements. The workhor-
se of refrigeration industry is the reciprocating comp-
ressor, built in sizes ranging from fractional-kilowatt
to hundreds of kilowatts of refrigeration capacity.
Reciprocating compressors may be single-cylinder
or multi-cylinder. In multi-cylinder compressors the
cylinders can be arranged V-type, W-type, or in-line
type. The working principle of reciprocating comp-
ressors as follows; low-pressure refrigerant is drawn
into cylinder through a suction valve during suction
stroke of the piston, then the piston compresses the
refrigerant and pushes it out through a discharge
valve during discharge stroke. Suction and discharge
valves are usually located in the cylinder head. The
reciprocating compressor may be open, hermetic, or
semi-hermetic type. A compressor whose crankshaft
extends through the compressor housing so that a
motor can be externally coupled to the shaft is called
open-type compressor. A seal must be used where the

shaft comes through the compressor housing to pre-
vent refrigerant from leaking out. In hermetic-type
compressor, motor and compressor are enclosed in
the same housing to avoid the leakage at the seal. In
this case, the motor is electrically insulated to opera-
te even though it is in contact with refrigerant. The
cold suction gas is drawn across the motor to keep
the motor cool. Hermetic compressors are employed
from 19th century and widely used in domestic refri-
gerators, air-conditioners because of their simplicity
and flexibility of refrigeration capacity.

Many mathematical models and simulations of re-
ciprocating compressors are available in open literature.
Navarro et al. [1] proposed a new model for reciproca-
ting compressors. The model solves out the general effi-
ciency and volumetric efficiency by employing 10 empi-
rical parameters that can be determined by curve fitting
of experimental results. They proposed a curve fitting
method based on Monte Carlo method that allows
using some experimental results from the compressor’s
catalogue for curve fitting. Bin Yang et al. [2] propo-
sed a comprehensive model for a semi-hermetic CO2
compressor. The model consists of three sub-models
that simulate kinematics, compression process and
friction losses. The model is validated for compressor
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power and mass flow rate. Damle et al. [3] proposed an ob-
ject oriented numerical simulation. Pe’rez-Segarra et al.[4]
proposed a thermodynamics model calculating volumetric
efficiency, isentropic efficiency and combined mechanical-
electrical efficiency. Klein [5] proposed a semi-analytical
model determining performance curve of a compressor.
The model is validated by employing a calorimetric experi-
mental setup. Refrigerant-12 is used as a heat source while
cooling the condenser by a chiller. Flesch and Normey-Rico
[6] designed a calorimeter for evaluating the performance
of a refrigeration compressor; they proposed a model to cal-
culate the performance parameters by using measured data.

In this study, designing, manufacturing and perfor-
mance testing processes of a semi-hermetic, 4-piston ref-
rigeration compressor is presented. All the processes are
based on domestic facilities. The processes presented in this
study are design, material selection, stress analysis, comp-
ressor manufacturing, motor design, manufacturing the
rest of the compressor’s components, and design and manu-
facturing of calorimetry.

MATERIAL AND METHODS
The Compressor

Thermodynamics design calculation of the compressor is
done according to the model given by Bin Yang et al. [2].
Some geometrical dimension of the designed compressor
is given in Table 1. The design of the compressor is done
by using Solidwork (see Fig. 1). All of the components of
the compressor are manufactured in Turkey.

Table 1. Compressor dimensions

Semi-hermetic reciprocating

Type refrigeration compressor
Number of piston 4
Bore diameter 55mm
Stroke 39,5 mm
Revolution 1450 rpm
Displacement rate 0.009072 mM3/s

Material selection

The microstructural investigation and chemical analysis
of compressor bodies are performed in Bock and Bitzer

Figure 1. Explosion of designed and manufactured compressor

compressors in order to enlighten material selection of
the designed compressor in this work. The cross secti-
ons of both compressors are subjected to metallographic
investigation. The sample surfaces are grounded using
120,240,320,600,800 and 1200 mesh papers and polished
using 6, 3 and 1um diamond solutions. Fig. 2 and 3 show
microstructural images of Bock and Bitzer compressor
bodies and engine crank surfaces, respectively. The mic-
rostructural investigation of piston materials is perfor-
med for both compressors. Fig.4 shows microstructural
investigation results of both piston materials

The systematic investigation is carried out for comp-
ressor body material selection as shown in Fig. 2 to 4. These
systematic investigations lead to the selection of compressor
body materials as GG 25. The chemical analysis results of
the designed compressor body material are given in Table
2. Standard E-145 and E-171 are selected as piston and rod
materials.

Figure 2. Microstructures of compressor (a) Bitzer trademark (b) Bock
trademark

Figure 3. Microstructure of compressor crank and connecting rod
surfaces (a) Bitzer trademark (b) Bock trademark

Figure 4. Microstructures of piston materials (a) Bitzer trademark (b)
Bock trademark



Table 2. The chemical composition of the designed compressor body
material

Material  C Si Mn P Si

GG25 3.28 2.14

0.750 0.014 0.023

Structural Reliability of Critical Parts

Compressor body and crankshaft are evaluated to be the
most critical parts to check structural reliability because
they are subjected to variable loading as a result of recip-
rocating motions. Therefore, displacement, strain and
stress distributions of compressor body and crankshaft
are analyzed using Finite Element Method by means
of Solidworks Professional (Dassault Systémes SOLID-
WORKS Corp., Waltham, Massachusetts, USA). The
membrane valve controlling the flow of cooling gas is not
analyzed specifically because it is more prone to failure
due to fatigue. Structural analysis of compressor body
is executed for the conditions representing explosion of
pressure tanks. According to this, a 4.6 MPa pressure
is applied all over the inside of compressor body without
assembling crankshaft, pistons and electric motor with
caps kept closed. If compressor body can bear this much
loading conditions, it is safe for service conditions which
are less critical. For instance, maximum pressure expe-
rienced in service is 2.3 MPa and it occurs only inside of
cylinders, not all over the inner side of compressor body.
The Von-Misses stress distribution and displacement
distribution for the compressor body under 4.6 MPa
pressure is given in Figure-5 below. As can be seen from
Fig. 5, the maximum stress (198 MPa) occurs around
the center of cap at the pistons side. Compressor body
is made of cast iron (GG25) and the maximum stress is
much lower than the ultimate tensile strength of GG25.
Ultimate tensile strength is approximately 327 MPa ba-
sed on tensile testing of material. Maximum displace-
ment is around 0.1432 mm and it is evaluated to a small
displacement which does not lead to yielding. Conside-
ring the fact that analysis conditions are tougher than the
actual service conditions, it is concluded that compressor
body is structurally reliable. For the crankshaft dynamic
conditions are necessary to be considered in the analysis
due to its high angular velocity. For this purpose, a quasi-
static approach is utilized where the maximum possible
inertial loads are applied statically to the shaft. Velocity
and accelerations are calculated based on rotational ve-
locity created by electric motor. Pressure loads coming
from piston heads and inertial effects determines the loa-
ding conditions on the crankshaft transferred by connec-
ting rods. For one round of a crankshaft, all the loads are
determined and the most critical case is determined to be
5373 N, 3063 N, 1719 N and 2243 N coming from all four
connecting rods in the angles of 0%, 93°, 180" and 246" res-
pectively. Crankshaft is constrained on one bearing radi-
ally, axially and tangentially while it is constrained only
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radially on other bearing. With this type of boundary set
up, the worsening effect of torque coming from electric
motor is also taken into account for the most conservati-
ve estimate for reliability.

The maximum Von-Misses stress under these condi-
tions is turned to be 184 MPa for the crankshaft and the
maximum displacement is about 0.057 mm. These values
are quite safe when the strength values of crankshaft mate-
rial (forge steel) are considered. These analyses proved the
structural reliability of compressor body and crankshaft
under static and quasi-static conditions respectively. Howe-
ver, a modal analysis may also be necessary especially under
high rate of rotational speeds. Modal analysis is also exe-
cuted using Solidworks Professional and the frequencies for
the first five modes are found to be 1680.7 Hz, 3585.5 Hz,
4996.2 Hz, 5304.6 Hz and 7749.9 Hz. The angular speed for
service conditions is 24.16 Hz (1450 rpm) and this is much
smaller than the frequency of first mode. Therefore, it is pre-
dicted that vibrations will not be a problem under the set-up
considered in this compressor.

The Motor

In this study, three phase squirrel cage induction motor
has been chosen as the drive motor of the compressor
due to suitable for semi-hermetic refrigeration compres-
sor and ease of manufacture. Design power of the comp-
ressor is 7.5 kW and revolutions per minute are 1450 rpm.
In order to provide 7.5 kW output power of the motor,
stator and rotor core length has been chosen as 120 mm.

Figure 5. Finite element analysis results for compressor body (a) Von-
Misses stress distribution (b) Displacement distribution
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Table 3. Data for the designed induction motor

Number of stator slots 36
Outer diameter of

190 mm
stator
Outer diameter of

114 mm
stator
Number of conductor

27

per slot
Number of wires per
conductor 3
Wire diameter 0.861 mm
Slot filling factor 51.2(%)
Number of rotor slots 32
Air gap 0.5mm
Inner diameter of rotor 32.65mm
Skew width 1slot

Figure 6. The cross-sectional image of the designed induction motor

In order to get desired speed, stator windings have been
chosen as 4 poles. Since the compressor and motor will
be in the same body, the stator outer and inner diameter
values are defined as given in the Table 3. Performance
analysis of the motor was carried out by using Maxwell,
which software is using analytical and finite elements
methods. As a result of the analysis, the motor is manu-
factured according to the data, which are given in Table-3
and placed in the main body of the compressor. Since the
insulation of the winding wires is manufactured accor-
ding to the coolant flow, the stator slot filling factor has
been chosen about 50%. The cross-sectional image of the
designed induction motor is given in Fig. 6.

Design and Manufacture of Calorimetric Setup

A calorimetric experimental setup is designed to deter-
mine the coefficient of performance (COP) of the ma-
nufactured compressor. The illustration of the setup is
shown in Fig. 7. After charging oil into the manufactured
compressor, it is connected to the setup. An oil separa-
tor is used after compressor exit to ensure a precise mass
flow rate measurement of the working fluid, which is
Refrigerant-404A.

Figure 7. Calorimetric Experimental Setup

An air-cooled condenser with PID controlled-fan is
used in the setup. The PID control on the condenser fan
allows regulating the condensation temperature. The con-
denser unit is placed in outdoor environment. A plate heat
exchanger (PHE) is used as subcooler that is connected to
a chiller unit. Depending on the outdoor temperature, in-
complete condensation may occur in the condenser. The
subcooler ensures a complete condensation. Otherwise,
incomplete condensation results in unstable working con-
ditions, as a result, the system does not reach to steady con-
ditions in case of incomplete condensation.

The Working Principle of Calorimeter

The calorimeter is the most important equipment of the
experimental setup. Basically, the calorimeter is a tank
containing a helical coil, refrigerant-134a, and electrical
heater as it is seen from Fig. 8. R-404A, which is the wor-
king fluid of the experimental setup, boils while flowing
through the coil. Heat sink to the coil is R-134a which is
available at the bottom of the tank. The heater is immer-
sed into liquid R-134a. The heater causes liquid R-134a
to evaporate. And vapor of the R-134a rises and contacts
to the coil and condenses on it while R-404A evaporates
inside the coil. The state of R-404A is superheated vapor
at the coil exit. The core idea designing the calorimeter is
to provide an isothermal heat sink to the working fluid of
R-404A. Charging pressure of the R-134a inside the tank
is around 6 bar corresponding 20 °C saturation tempera-
ture. The heater is equipped with PID-capacity control
that changes the heater power to ensure a desired super-

Figure 8. Calorimeter



heat of R-404A. Because refrigeration capacity of a comp-
ressor is given according to the superheat at the compres-
sor inlet in compressor’s catalogues, the superheat value
is attained as a control parameter. The PID control of
the heater measures the temperature of R-404A at the
inlet of the coil and calculates desired temperature of the
R-404A at the exit of the coil by adding a set value of su-
perheat to the inlet temperature. The PID control arran-
ges the heater power according to difference between the
desired and the measured exit temperature.

The Calculations of Calorimeter

Heat transfer surface area of the coil and the pressure
drop across the coil are important parameters for desig-
ning the coil. Heat transfer surface area of the coil is cal-
culated as follow,

Q.

Ux(T-T.) v

p%,coil =

where As,coil, Qev, UT,T, denote surface area of the
coil based on outer diameter, refrigeration capacity of the
compressor, overall heat transfer coefficient of the coil, sa-
turation temperature of the fluid inside the tank (R-134a),
and evaporation temperature of the fluid flowing inside the
coil, i.e., R-404A, respectively. Qev in Eq. 1 must be the ma-
ximum refrigeration capacity of the compressor.
Total tube length of the coil,

_ &,coil
oil
zxd,

©)

where Lcoil is the open length of the coil tube, and do is
outer diameter of the tube. The inner diameter of the tube
is determined by calculating pressure drop.

Overall heat transfer coefficient for the coil is calcula-
ted as follows,

T 1 @
h h

coil i coil,0

where h and h_, stand for convective heat trans-
fer coefficient inside and the outside of the coil, respectively.
The thermal resistance of the tube wall is ignored in Eq. 3.

Convective heat transfer coefficient inside the coil,
heoilj, is called convective boiling heat transfer coefficient
(CBHTC) in the literature. Correlations are available for
CBHTC in helical coil [7-11]. The most famous one among
those correlations is Schrock—Grossman’s correlation
[7,8]. Zhao et al.[8] made some modifications on Schrock—
Grossman’s correlation to make it more accurate, namely
the accuracy of the modified correlation is around %12. The

modified Schrock—Grossman'’s correlation is given below,

h
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where h_, .is CBHTC, h and Re, are liquid only heat
transfer coefficient and Reynolds number for the total flow
assumed to be liquid, di inner diameter of coil tube, D, is
helix diameter of coil, X, is Martinelli parameter, B, is boi-
ling number, i__is enthalpy of vaporization, M, is mass flow
rate of working fluid, G is mass flux, q is heat flux, Q,, eva-
poration heat rate in the coil or another saying compressor
refrigeration capacity, As,coil is coil surface area, A_is cross-
sectional area of coil tube, and the subscript lo denotes for
liquid only.

CBHTC, h_,, in Eq. 4 is calculated depending on the
quality, namely, x. Therefore, the local hcoil,i is calculated by
incrementing the quality, dx, from its value at the inlet of
the coil to unity. Then, integral average of hy; is calcula-
ted as follows,

[ P

x (1)

coil i —
The quality at the coil inlet is calculated by using the
correlation given below,

X =0.00675(1+0.00167T,,  +0.00472T, )(T,, .- T.,)  (12)

ev

where T is temperature of working fluid (R-404A)
at coil exit, Tev is evaporation temperature inside the coil.
Because laminar film condensation occurs at outer surface
of the coil, i.e., tank side, the correlation known as Nusselt
theory [12] is used for the tank side heat transfer coefficient.

Y.A. Kara et al. / Hittite ] Sci Eng, 2018, 5 (Special Issue: Selected Papers from the 21* National Thermal Sciences and Technology Congress) 15-24



Y.A. Kara et al. / Hittite ] Sci Eng, 2018, 5 (Special Issue: Selected Papers from the 21*t National Thermal Sciences and Technology Congress) 15-24

h

coil,0 (13)
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where subscript v stands for vapor phase, T, is conden-
sation temperature of R-134a inside the tank, T  is wall tem-
perature of the coil that is calculated as follows,
T,=-9 47

w ev
coil i

(14)

The parameter i_fg"' in Eq. 3 is calculated as follows,
iy =iy +0.68c,, (T, -T,) (15)

The coil surface area is calculated according to the
flowchart given in Fig 9.

When the pressure drop is calculated, it must be taken
into consideration that the flow is two-phase and the cons-
truction of the coil is helix. Two-phase flow pressure drop in
a helical coil is calculated by using the correlation given by
Zhao et.al.[8]. The correlation is given briefly for the reader
convenience. Generally, the two-phase frictional multiplier
is employed to correlate the frictional pressure drop of two-
phase flow. Its definition is

@i} — APTP
AR,

(16)

where AP, is the two-phase flow frictional pressure
drop and AP, is the single-phase frictional pressure drop.
Zhao et al. [8] suggested following correlation, which has an
uncertainty of +15%, for the two-phase frictional multiplier.

Figure 9. Flowchart

20
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Py
Friction factor for single-phase flow in helical coil is
calculated by using White correlation [8].

f =0.08Re, ¥* +0.012(d, / D,y )" (18)

The single-phase frictional pressure drop is calculated
as follows,
2
AR, = 4f Lo &7 (19)
d, 2p
where Lcoil is total tube length of the coil and G is the

mass flux.

Because the pressure drop through the coil is fulfilled
by the tested compressor, the higher the pressure drops insi-
de the coil, the lower the COP of compressor. Therefore, the
two-phase flow frictional pressure drop calculated accor-
ding to Egs. 16-19 must be minimal for designing helical coil.

Refrigeration Capacity Calculations of the
Compressor

The mass flow rate of the working fluid is measured by a
mass flowmeter. Thermodynamic properties of the wor-
king fluid (R-404-A) are calculated by using the equations
given by S6zen et.al. [13].

Refrigeration capacity of the compressor is calculated
as follows,

PC'C C
SPT=— e 1)
where M, i, and iy; are mass flow rate and the
enthalpies of the working fluid at inlet and outlet of the

compressor.

The volumetric efficiency of the compressor is calcu-
lated as follows,

n;]r
Txvcom,i

sw

n, = (22)

where Vg, is specific volume of the working fluid at
the compressor inlet.

The isentropic efficiency of the compressor is calcula-
ted as follows,

o —i
77i:mr

com,isen

P

m

com,i

(23)

where i 18 the isentropic enthalpy of working fluid
at the compressor exit, iy,; is the enthalpy of the working

fluid at the compressor inlet, P_ is the electrical power of the



motor. V, is the displacement rate of the compressor and it
is calculated as follows,

CpPe

e " hen

SPT,, =

(24)

AEP.[C

where NCy is number of cylinder (4), DCy is diameter of
cylinder (55mm), H is stroke (39.5mm), n is revolution per
minute (1450 rpm).

Refrigeration coefficient of performance of the comp-
ressor (COPR) is calculated as follows,

Qu
COR, = P, (25)
Where Q, is calculated by using Eq. 21.
Condenser heat capacity is calculated as follows,
ch = rﬁr (icd,e - i|:d,i) (26)

Where i, and i, are enthalpy of working fluid at out-
let and inlet of the condenser.

Subcooler heat rate is calculated as follows,

Qsc = n.’]r (Isc,e - Isc,i)

where i, and i, are the enthalpies of working fluid at

27)

exit and inlet of subcooler.

Motor work rate is calculated as follows,

Wcom = rT-‘Ir (icom,e - icom,i) (28)

Overall efficiency of the compressor is calculated as
follows,

om — com 29

Meoms = 29)

m

where W, is calculated by using Eq. 28, P_ is the mo-
tor power that is measured.

MEASUREMENT, DATA ACQUISITION
AND CONTROL

Working principle and control of the
experimental setup

The automation, control and data acquisition system of
calorimetric experimental setup work on following prin-
ciple: simultaneous data reading from the sensors on the
setup, saving those data on PLC, converting the saved
data to desired units, inserting the converted data to the
mathematical model given n the previous section and sa-
ving results, activating or inactivating required control
functions depending on those saved results, rearranging
analog outputs of some of the control functions and then
saving the yielded raw data, converted data and results
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of calculations on arrays of PLC, importing those data
arrays to a USB file through USB port located on HMI.

Instrumentation

Uninsulated, flat-surface PT100 and PT1000 sensors are
used for temperature measurements to ensure a short
response time and high accuracy. Also, these sensors are
placed into their slots on the experimental setup by app-
lying heat transfer paste. The uncertainty and conversion
accuracy of the PT100 and PT1000 sensors are + 0.1°C, +
0.01°Cand 0.1 °C, 0.01 °C, respectively. Analog signals of
the sensors are transferred to the PLC via PT100/PT1000
data input module of the PLC’s manufacturer.

Pressure transmitters are chosen as 4-20mA output
signal, because of possible static electricity and EMI effects.
Analog signals of the transmitters are transferred to the PLC
via 4-20mA data input module of the PLC’s manufacturer.
Measuring range of the transmitters is chosen in two dif-
ferent types due to pressure level of the system. Meanwhile,

-0.8 to 7 bar measurement range is chosen in low level pres-
sure part of the system, 0 to 30 bar measurement range is
chosen in high level pressure part of the system.

Energy analyzer is used to measure electrical current,
voltage, cos@, frequency, and both real time and total con-
sumption of power. In measurement of the current, the
current transformators are used, which have C1:0.5 accu-
racy class and they are certified by UEDAS laboratory. Data
acquisition between energy analyzer and PLC is done via RS
485/2 port by using MODBUS RTU protocol with 38,600
bps.

Rotational speed of the condenser fans and subcooler
pump are controlled with an AC inventer and the power of
the heaters is controlled by a SRC unit with 50 kW. Both the
inverter and the SRC are controlled by the PLC. Mass flow
rate of the working fluid of R-404A is controlled by using
electronic expansion valve (ExV) that has a DANFOSS®
EKD 316 superheat controller. Data acquisition between the
superheat controller and PLC is done via RS 485/2 port by
using MODBUS RTU protocol with 38,600 bps.

A Coriolis type mass flowmeter is used for measu-
ring mass flow rate of R-404A. Data acquisition between
the flowmeter and PLC is done via RS 485/2 port by using
MODBUS RTU protocol with 38,600 bps. The oil flow rate
is measured by using a mass flowmeter with pulse signal
output that is converted to desired units via high speed HSC
counter placed on the PLC.

A touch-screen with high resolution HMI is used to
start the experimental setup, enter the input parameters,
and monitor tables, graphics and analogue or digital data.
The HMI has a large data saving capacity and it is capable
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Figure 10. Experimental validation of the calorimetric setup: the motor
power consumption.

to import data to USB. Data acquisition between HMI and
the PLC is done via RS 232 port by using MODBUS RTU
protocol with 115,200 bps.

A high speed PLC having a particular MCU that is ca-
pable of doing 32 bite float mathematical operations is pre-
ferred. The PLC has a CPU with 19 ns cycle speed. Analog to
digital conversion of all analogue sensors and transmitters
is done in 69 ms and also finishes all of the communications
via MODBUS RTU protocol in 160 ms. The cycle duration
for the entire programme 97 ms and the programme runs
independent of communication process.

Besides the equipment mentioned above, various relays,
fuses, power contactors, and terminal blocks are used.

RESULTS AND DISCUSSION

The coil, i.e., evaporator, is designed by a code written
according to the flowchart based on the model given
n the previous sections. Considering manufacturing
limitations, inner diameter of coil tube and helix diameter

of the coil are attained asd, = 12 mmand D =125 mm,

helix
respectively. As results, the total tube length of the coil
is calculated 43 m and corresponding pressure drop is
calculated as 18.7 MPa, which is unacceptable. Governing
parameters on the pressure drop are tube diameter, total
tube length and mass flow rate. It is not reasonable to
increase the tube diameter because of manufacturing
limitations. The largest tube diameter that we enable to
manufacture coil is limited to % inch. Therefore, in order
to decrease the pressure drop, the total length of the tube
is divided into 7 parts and 7 identical helical coils are
manufactured. The flow rate for every coil is decreased
by one out of seven in this case. Therefore, decreasing the
tube length and flow rate one out of seven, it is expected
to decrease the pressure drop dramatically because the
tube length and the flow rate for any coil are a multiplier

Table 4. Design results of the coil

Figure 11. Experimental validation of the calorimetric setup:
Refrigeration Capacity

factors as it is seen from Egs. 16 to 19. Thus, running the
code again with this new design approach yields 0.054
MPa of pressure drop that is acceptable. As a result, 7
identical helical coils are manufactured, one of the helical
coils is placed on center and while the rest are placed in
circumference of the tank. A refrigerant distributor is
used to ensure an equal mass flow through each coil.

As it is mentioned before, R-134a as a seconder fluid is
charged into tank with 5.7 bar and 20 °C. A sight glass is
placed on the tank wall at the bottom side for surveillance
if the liquid level of the R-134a above the heaters. Besides,
pressure and temperature inside the tank are measured
with a pressure transmitter and a PT100 sensor to check if
the design conditions are satisfied.

Because the calorimetric experimental setup is our own
product, first of all, experimental validation is necessary. For
this purpose, a H751CC model DORIN® compressor that is
European original trademark is tested via the calorimetric
experimental setup and the measured performance para-
meters are compared with those given in the compressor’s
catalog. Results are given in Fig. 10 to 12.

Fig. 10 shows the comparison of the motor power while
Fig. 11 is showing refrigeration capacity. As it is seen from
those figures, values given in the catalog for both motor po-
wer and refrigeration capacity are in good agreement with
those experimentally measured data by using the setup. Ref-
rigeration COP of the compressor is compared in Fig. 12. As
it is seen from the figure, the deficiency between the mea-
sured values and catalog values for COPR are around 11-15
% . The uncertainty calculated by using the method given
by Kline and McClintock [14] for the COPR is+10.3%. Con-
sidering the uncertainity of +10.3% and the uncertainity of
the catalog’s values, the deficiency in Fig. 3 is in acceptable
limitations. As results Fig. 10 to 12 shows that the validity of

Lcorl As,corl item do d’ D helix APTP m, u od Tev Osv
m m2 mm mm mm bar kg/s W/mK  °C °C w
6.77 0.27 7 12.7 12 125 0.54 0.0434 1338.99 30 5 5428
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Figure 12. Experimental validation of the calorimetric setup:
Refrigeration coefficient of performance

test results from the experimental setup is always reliable.

After validating the experimental setup, the manu-
factured compressor is tested by employing the setup. The
parameters such as refrigeration capacity, motor power and
COPR, which are necessary performance parameters that

Figure 13. The motor power consumption

a compressor catalog must contain, are determined and a
compressor catalog is prepared [15]. The performance pa-
rameters mentioned above are calculated by using the mean
values of 50 measured data saving 30 s time intervals.

Fig. 13 shows the comparison of the motor power of
the manufactured compressor and DORIN compressor.As
seen, the manufactured compressor consumes less power
comparing to DORIN. It is better to compare both of the

Figure 14. Refrigeration Coefficient of Performance

compressors with a dimensionless parameter of COPR. Fig.
14 shows the comparison of COPR of the compressors. As
seen, the COPR of the manufactured compressor is higher
than that of DORIN compressor’s by around 12%. As a re-
sult, performance of the first domestic compressor of Tur-
key is as good as an equivalent European original.
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Symbols and Abbreviations

Symbols Subscripts
q Heat flux [W/m2] a atmosphere
Bo Boiling number c cross-sectional
X Quality cd condenser
H Stroke [m] com compressor
Q Heat rate [W] cy cylinder
i Enthalpy [kJ/kg] e exit
T Temperature [C] ev evaporator
m Mass flow rate [kg/s] i inner, inlet
d,D Diameter [m] [ liquid
L Length [m] lo liquid only
K Heat Fanductian m motor
coefficient [W/mK]
G Mass flux [kg/m2s] 0 outer
Convective heat .
h transfer coefficient [W/ nR r;j‘{/ rg;ge i;‘:gf’)
m2K]
Friction factor s surface
A Area [m2] sc subcooler
v Displacement [m3/s] t tank
yo et g
X, Martinelli number v volumetric
n Rotational speed [rpm] w wall
Abbreviations
cor permance PLC oot contraler
Interaction
Uss Universal Serial Bus HSC High speed
counter
b7 Platinum temperature cPU Central Process
sensor Unit
ExV Electron&‘cl f/);pansion UEDAS Ultg,arng;Z;tric
MODBUS MODBUS Remote
RTU Terminal Unit
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ABSTRACT

n this study, micro-cogeneration application is used to increase the efficiency of Proton

Exchange Membrane Fuel Cell (PEMFC) systems and effect of different operation tem-
peratures on system performance is observed. For this reason, two different PEMFC systems
were comparatively studied operating at 70°C and 160°C, respectively. Micro-cogeneration
system design has done considering experimentally determined current density, power and
temperature values. Since the amount of heat extracted from each PEMFC system is differ-
ent related to the operating temperatures, different heat transfer fluids have been used for
the cooling systems. These systems are designed for utilization of electricity and hot water
for Aulim University Hydrogen Energy Laboratory. Heat loss calculation is made for the
laboratory and thermal energy needed for heating the laboratory is calculated. Parallel to the
design calculations, simple payback times for PEMFCs with micro-cogeneration applications
were determined. LT-PEMFC and HT-PEMFC systems have 402 W and 456 W thermal
powers respectively and 87.4 % and 92.8 % total cogeneration efficiencies were calculated
for each system respectively. For each system maximum water temperatures and flow rates
are calculated as a result of micro-cogeneration application. HT-PEMFC system has found to
be capable of higher amount of heating. Even LT-PEMFC system has a lower thermal power
and efficiency; it is determined to be more economical and has a lower pay pack time then

HT-PEMEC system. For both systems, necessary number of stacks to be used for laboratory
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heating is calculated as four.
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INTRODUCTION

With the increasing population and developing
technology, energy demand is increasing more

and more. Nowadays, most of the energy required is
provided from primary resources which are called as
fossil fuels like petroleum and natural gas and as a
result of the use of these limited and declining reso-
urces, environmental pollution and global warming
occurs. In this extent, use of clean, environmen-
tally friendly, low price, natural renewable energy
resources are spreading. Hydrogen, which is a clean
energy carrier, is one of the most important rene-
wable energy resources. Fuel cell systems are elect-
rochemical systems which use hydrogen energy to
produce electrical energy. Fuel cell technology is re-
liable and is capable of achieving higher efficiencies,
with lower emissions among the renewable energy
technologies. Among all fuel cells, proton exchange
membrane type fuel cells (PEMFC) gain the highest

interest because of their high performances, high po-
wer densities, modular structures, small size and low
operating temperatures [1]. Besides mobile and stati-
onary applications of PEMFC’s in industry and defen-
se sector, recently household or mobile co-generation
applications have become a current issue. PEMFC’s
are classified into two categories; operation tempera-
tures between 60- 80 °C are called low temperature
PEMEFC’s (LT-PEMFC) and operation temperatures
above 100°C are called high temperature PEMFC’s
(HT-PEMEFC) [2]. HT-PEMFCs have high CO toleran-
ces, easy heat removal and have developed electrode
kinetics and they do not need to be humidified [3].
LT-PEMEFCs have low operation temperatures, high
gas impermeability and they are more economical [4].

Heat released during electricity production in
PEMEFC'’s should be removed with the help of cooling
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fluid or air cooling systems for high performance and a stab-
le operation [5]. For especially HT-PEMFCs, where air coo-
ling is less effective, liquid cooling fluid is pumped among
the cell via cooling channels to remove the excess heat [6].
The utilization of removed heat simultaneously with the
electrical energy of the PEMFC system enables to recover
the heat otherwise should be wasted and increase the total
efficiency of the system as to about 85-90%. This way the
system utilizes energy more economically and effectively.
Such applications are named as micro-cogeneration appli-
cations [2]. To supply the necessary thermal load (heating
requirement) of a building or a space, first the heat loss and
the corresponding heat demand should be calculated. Du-
ring calculations, wall structural components, window and
door properties and all relevant dimensions have great im-
portance.

One of the most important issues for operation of fuel
cells is the feasibility of the fuel cell system. Simple payback
time calculation is a simple but effective methodology for
determination of feasibility of a fuel cell system. This met-
hod simply shows how fast the investment pays its initial
cost back and is a means for comparing different systems
but inflation, or changes in electricity and natural gas prices
are not considered [2].

MATERIAL AND METHODS

In this study, comparison of micro-cogeneration appli-
cations of a LT-PEMFC system with 480 W of electrical
power and a HT-PEMFC system with 480 W electrical
power has been done operating on 0.6 V cell voltage.
Different types of membranes are used for the different
systems. The excess heat produced by the fuel cells is
used for heating Hydrogen Energy Laboratory in Ati-
lim University. For that, heat loss calculations have been
done for determination of the necessary heat load of the
laboratory.

To see the economic advantage of micro-cogeneration
system, simple pay back times (SPT) for LT-PEMFC and HT-
PEMEC systems were calculated before and after cogenera-
tion applications.

Schematically representations of LT-PEMFC and HT-
PEMEC systems are shown in Fig. 1. In Figure l.a flow di-
agram of the LT-PEMFC system can be seen where air first
passes through the filter then with the help of the compres-
sor air is flown into the humidifier.

Fig. 1.b shows HT-PEMFC system. In this system, air
firstly passes through the filter, then through the compres-
sor and then to the pre heater. In both systems, hydrogen
is fed to the PEMFC via hydrogen tanks. In HT-PEMFC
system, hydrogen is heated in the pre-heater before being
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Figure 1. a) LT-PEMFC and b) HT-PEMFC micro-cogeneration
applications flow diagrams

fed to the system. Properties of the PEMFC systems can be
seen in Table 1.

Excess heat of the fuel cell system is removed by using
heat transfer oil 32 (Petrol Ofisi) and water in the water
tanks are heated by the heat transfer oil. This heat is used
for space heating purposes and the cooled heat transfer oil
passes through circulation tank equipped with a fan and
pumped back to the cell. All flows are controlled by valves
and control equipment.

Table 1. LT-PEMFC and HT-PEMEC stack properties

PEMFC type  Parameters Value
Current Density (0.6 V/cell) 0.9 Afcm?
Membrane Nafion 212
LT-PEMFC Active Area 150 cm?
Cell number 6
Max. Power @o.6 V/cell 480 W
Current Density (0.6 V/cell)  0.41 A/cm?
Membrane "(’gg?/e"_z ﬁlgﬁdazole
HT-PEMFC Active Area 150 cm?
Cell number 13
Max. Power @o0.6 V/cell 480 W



THEORY AND CALCULATIONS

Assumptions used in the calculations are:

. PEMFC micro-cogeneration systems operate in
steady state conditions.

. The ideal gas principles are applied to gases.

. One-dimensional flow is assumed.

. The kinetic and potential energy changes are
negligible.

. LT-PEMEFC stack consist of Nafion® 212 memb-
rane, HT-PEMFC stack consist of PBI membrane

. Working temperature of the LT-PEMFC stack

is 70°C at 100% humidity and working temperature of the
HT-PEMEFC stack is 160°C with dry gas feed.

PEMEC Stack Calculations

H, flows into the PEMFC at the anode gas inlet. The H,
concentration N, at the inlet depends on the current
density I (A/cm?), stoichiometric ratio H, S, cell active
area A (cm?) and number of cells N_,. The H, concentra-
tion at the anode gas inlet of the PEMFC is calculated by
Eq. 1. F is the Faraday constant.

LA
NHZ = SHZ ﬁ

Air is fed to PEMFC at the anode gas inlet. Oxygen
concentration in air is 21 %. NO, is concentration of oxygen

Ncell (1)

and N is concentration of air. The concentration of O, de-
pends on the current density I, cell active area A, number of
cells N, and stoichiometry of O,. The concentration of O,
and air are calculated as follows:

LA
NO2 = SOZ 'E'Ncell (2)
So, 1A
=% N
air r AF cell (3)

02

The energy balance for a PEMFC stack system is exp-
ressed with the following equation:

zEmass,in - ZEmass,out + Q - Wnet =0

In Equation 4, SE
gasses and XE

“)
_is the total enthalpy of the inlet

assout 15 the total enthalpy of the outlet gasses.
For the low temperature cell, air is humidified at the inlet;
and there is also water vapor among the inlet gases. Q re-
fers to the heat dissipation from the PEMFC stack to the

ambient, W, denotes the net power of the cell stack.

PEMEC Heat Loss Calculations

Maximum heat loss from the cell stack by natural con-
vection and radiation is calculated by Eq. 5.
Ts _To

R

Qloss = (5)
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InEq. 5 Q,, denotes the heat loss, T is the stack sur-
face temperature, T  is the ambient temperature (room
temperature) and R, is the thermal resistance. Heat losses
from the low temperature cells can be neglected but for the
high temperature cells, heat loss is too high to be neglected.
To prevent this much heat loss from the cell surface, HT-
PEMEFC stack is insulated by means of an insulation materi-
al. The optimum thickness of the insulation material which
was chosen to be glass wool is calculated by the following
equation.

_kATA
Qloss
Here, k is the thermal conductivity, AT is the difference

between T, and T, and A is the heat transfer area of the HT-
PEMEFC stack.

AX

©)

Micro- Cogeneration System Calculations

PEMEC System efficiency given in Eq. 9 is the sum of
electrical efficiency of the stack (Eq. 7) and thermal effi-
ciency of the stack (Eq. 8)

P it
= exll 7
T, < LAV @
p m,.C, 4.AT,
T = cooler _ p.cl | (8)
PHZ PHZ
ncogeneration = 77e| + ’7th (9)

In this equation; Ny, is the hydrogen molar flow rate
and LHV is the lower heating value of hydrogen gas (241.83
kJ/mol).

Energy balance in the water tank can be calculated by
Eq. 10.

r‘hclcp,cl ATclA 77 = I’hwcp,wATw (10)

In this equation, M, and M, are mass flow rates of

cooling liquid and heating water respectively. ¢, and ¢,

are constant specific heat values of cooling liquid and hea-
ting water respectively. AT, and AT, are cooling liquid in-
let and exit temperature difference and heating water inlet
and exit temperature difference respectively. n denotes the
PEMEFC system heat exchange effectiveness and in this
study, it is estimated that about 10% of the heat is lost to the
surrounding.

Simple Payback Time Calculations

For application of cogeneration, PEMFC system is es-
timated to be operating 10 hours per day for 6 months.
Electrical production is calculated based on this estima-
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tion. Annual electrical production (AEP) is calculated in
Eq.11.

AEP =8760 x CF X P, (11)

In Eq.11, CF is the capacity factor which is the ratio of
produced power in a specified time to maximum possible
power production of the system operating on its rated po-
wer during same period and P, is the PEMFC system nomi-
nal power. PEMFC systems are estimated to operate at their
rated (maximum) power during the studied time.

Payback time of the PEMFCs is calculated by Equation
12 seen below.
pro_ Pl .
AEP.{CG, - Ch}
T
In this equation; C,_is fuel cell price, C, (TL/kWh) is
the cost of produced electricity. C__is natural gas price in

TL/KWh, 7, is average annual efficiency of the cell stack
system. Since the produced power is constant for PEMFC
system, average annual efficiency is equal to the system effi-
ciency. The cost of the PEMFC is determined upon an amo-
unt of 1000 production annually which decreases the unit
price [4].

Ratio between the heat actually utilized in cogenerati-
on and the heat produced by a PEMFC system is called heat
utilization factor and is very important for SPT calculations
of PEMFC. It can be seen in Eq. 13.

Qcogeneration (13)
Qhea‘n production
Simple payback time of the micro-cogeneration appli-

cation of PEMFCs is calculated by Eq. 14;

CeP
SPT,, = o S (14)
AEP.[ C, —fue'+(’7‘m—1].fhu.fue'

ﬂel ﬂel ﬂheal

where , 1) is the total PEMFC efficiency, f, is the heat
utilization factor and n,  is the natural gas combustion ef-
ficiency.

Calculation of Heat Loss and Necessary Thermal
Load For the Laboratory

Thermal energy needed for heating the laboratory where
micro-cogeneration is applied is calculated using com-
puter software called; NZN. There are 4 different tem-
perature zones in Turkey regarding the average seasonal
temperatures and Ankara is in the 3" temperature zone.

Constructional components of the Hydrogen Energy
Laboratory located at the -1* floor of Atilim University in
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Incek, Ankara can be seen in Table 2. Each component has
different value of thermal conductivity. In Figure 2, Labo-
ratory schematically representation can be seen with the
required dimensions.

Table 2. Constructional components of walls

External wall Internal wall
Ferroconcrete Reinforced concrete wall
Pumice Concrete Rough cast
Rough cast Gypsum plaster
Condensed XPS

Carbon based foam material
Exterior Paint
Stucco

Exterior Paint

Thermal load calculations have been done considering
the temperature differences between the laboratory and
the adjacent rooms, corridors or outside. Also regarding
the directions, external and internal wall areas, doors and
windows play an important role on calculation of heat loss
through a room. Besides that, thickness of constructional
components of walls has a great impact on the thermal re-
sistance thus the heat loss as well.

All important properties of constructional compo-
nents are given in Table 3. For the calculations of areas of
the wall, doors and windows are excluded for a more precise
solution of thermal energy needed for heating the laboratory.

RESULTS AND DISCUSSION

PEMEC Results

Firstly, for performance characteristics LT-PEMFC
and HT-PEMFC systems were studied and relevant re-
sults were given in Fig. 3a and 3b respectively. For both
systems, design power value of 480 W at 0.6 V cell voltage
have successfully obtained.

Figure 2. Hydrogen Energy Laboratory schematically representation
with dimensions in meters



Table 3. Properties of Constructional Components

C ténstructional Direction® Thickness Length Width Number Neg if::;’:f;;em Exclud:':d ?:517122
omponent (m) (m) (m) “0) area (m?)
External window (S, ) NW 0.010 1.44 1.43 3 -12
External Wall (E ) NW 0.300 2.85 5.16 1 -12 S, 2.89
Inner door (l2) w 0.042 2.12 0.86 1 18
Inner door (I 2) S 0.042 2.31 1.38 1 18
Internal Wall (I, z) w 0.170 2.85 8.36 1 18 la 2.2
Internal Wall (1 2) S 0.210 2.85 5.16 1 18 l2 3.19
nternal Wall (1, 3) E 0.210 2.85 836 1 18
Roof SE 0.500 5.16 8.36 1 18
Floor NW 0.500 5.16 8.36 1 18

The higher current densities and power values can be
achieved by using lower cell voltages. However, when wor-
king with the HT-PEMFC system in low voltage regions, the
water generated on the cathode side causes the acid leaching
in the membrane and performance loss in long term ope-
ration.

In addition to this, although the membrane used in the
LT-PEMEFC system is different, the water formed on the cat-
hode side of the cells is returned to the membrane and can
cause the electrodes and the membrane to be drowned by
water due to excessive moisture. When all of these is taken
into consideration, it has been chosen as a 0.6 V operating
voltage per cell in order to provide long term performance.

Design parameters and experimental results of low
temperature and high temperature PEMFC systems can be
seen in Table 4. Because of the property of the membrane
used for low temperature PEMFC, air with 100% humidity
is fed to the system. For high temperature PEMFC on the ot-
her hand, to prevent acid loss in the PBI membrane, and also
because of the nature of high temperature, dried gases are
fed to the system. Thermal power outputs for LT-PEMFC
and HT-PEMEFC systems are found to be 402 W and 456 W
respectively.

Table 4. LT-PEMFC and HT-PEMFC design parameters

. Gas
PEMFC H, flow  Airflow humidifying Thermal
Type r[ate rc;te ratio output
(slpm)*  V(slpm) (%) W)
LT-PEMFC 5.1 30.3 100 402
HT-PEMFC 6.7 30.3 o 456
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Figure 3. a) LT-PEMFC and b) HT-PEMFC systems performance curves

Micro-Cogeneration Application Results

For micro-cogeneration application of PEMFCs, as heat
transfer fluid deionized water is used in LT-PEMFC
system and heat transfer oil is used for cooling HT-
PEMEFC system.

In Table 5, physical properties, temperature differences
and mass flow rates of cooling fluid and water can be seen
for both systems. Because of high operation temperature
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Table 5. Micro-cogeneration Application Results of PEMFC’s

AT "
PEMFC . m
C, . (Kifkg.C) o) = nel 7 n ATwC0) My (kg/s)
Type P (kg/s) th cogen w (kg
LT-PEMFC 4.187 6 0.016 47.8 40 87.4 40 0.0022
HT-PEMFC 2.400 10 0.019 47.8 45 92.8 40 0.0025

*PEMFC cooling liquid inlet and exit temperature difference

> Heating water inlet and exit temperature difference for winter month average

Table 6. Thermal energy needed for heating the laboratory

Constructional Component Heat Dissipation Calculation TOU.ZI heat
requirement
Total heat Temperature
Heat Dissipation*  Calculated area transfer ild
. f difference
Constructional Width (cm) coefficient
Component ath (c
q, U DT q,
W) (m?) (W/m?K) (°0) W)
Room
Location Boz - -1 - Temperature:

22°C-
Sw - 441 6.18 2.100 34
Ew - 216 1.82 0.538 34
Idz - 15 1.82 2.000 4
Id2 - 26 3.19 2.000 4
Iwi 0.2 153 21.63 1.770 4
w2 0.2 82 11.52 1.770 4
w3 0.2 240 23.83 2.513 4
Roof 0.5 22 43.14 0.128 4
Floor 0.5 67 43.14 0.390 4

TOTAL 1262 66.27 1578*

* Calculation of the amount of heat requirement of the laboratory not including direction, location, etc. >Calculation of the amount of heat require-

ment of the laboratory including direction, location, etc.

of HT-PEMEFC, to prevent heat loss, stack was insulated by
glass wool of 1 cm thickness.

In Fig. 4, maximum water temperature-flowrate grap-
hics of both PEMFC systems can be seen. In both systems,
water is heated by means of a radiator (heat exchanger).

Figure 4. LT-PEMFC and HT-PEMFC cogeneration systems, water
flowrate-water temperature graph
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When examined, it can be concluded that for same tempe-
rature difference, HT-PEMFC system is capable of heating a
higher amount of water per unit time.

Determination of Heating Load of the Laboratory

After all values are inputted to NZN software program,
thermal energy needed for heating the laboratory is cal-
culated and details can be seen in Table 6 below.

For heating the laboratory, necessary number of PEM
fuel cells for HT-PEMFC system is calculates as 4 and total
thermal power is determined as 1820 W. For LT-PEMFC co-
generation application, again a total of 4 cells are to be used
but total thermal power is determined to be 1608 W. During
the year, operational capacity of the systems can be arran-
ged by changing the flow rate for cold months. In Table 7,
maximum water temperature values for different flow rates
are given for both systems.



Table 7. Flow rates required for water heating for both systems

LT-PEMFC HT-PEMFC
Water Water Water Water Water Water
flow flow flow flow
temperature temperature

(°C) rate rate (°C) rate rate

(kg/s) (t/m) (kg/s) (t/m)
40 0.035 0.25 40 0.0039 0.28
45 0.0029 0.21 45 0.0033 0.24
50 0.0025 0.18 50 0.0028 0.20
55 0.0022 0.16 55 0.0025 0.18
60 0.0019 0.14 60 0.0022 0.16

Table 8. Simple pay back times for LT- PEMFC and HT -PEMFC
systems.

SPT SPT,
PEMFC type S (vear) (year)p
LT-PEMFC  0.596 3.3 2.4
HT-PEMFC  0.848 7 5.1

Pay Back Time Calculation Results

Simple pay back times for PEMFC systems and micro-co-
generation application of the systems are given in Table 8.
Even though HT-PEMFC cogeneration system is more ef-
ficient, LT-PEMFC and its equipment are cheaper which
makes this system more economical and advantageous
with a SPT of 2.4 years.

RESULTS

In this study, effects of different operation temperatu-
res on PEMFC system micro-cogeneration applications
are examined. Firstly design of the LT-PEMFC and HT-
PEMEC systems has been done and these systems have
been experimentally tested. As heat transfer fluid deioni-
zed water is used in LT-PEMFC system and heat transfer
oil is used for cooling HT-PEMFC system because of high
oxidation durability.

LT-PEMFC and HT-PEMEC systems have 402 W and
456 W thermal powers respectively and by using this excess
heat of the PEMFC systems simultaneously with electricity
production, 87.4 % and 92.8 % total cogeneration efficiencies
are calculated for LT-PEMFC and HT-PEMFC system res-
pectively. For each system maximum water temperatures
and flow rates are calculated as a result of micro-cogenerati-
on application and HT-PEMFC system is found to be capab-
le of higher amount of heating. Although LT-PEMFC system
has a lower thermal power and efficiency, it is determined
to be more economical and has a lower pay pack time then
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HT-PEMFC system. For both systems, necessary number of
cells to be used for laboratory heating is calculated as four
and both systems are found technically convenient for mic-
ro-cogeneration applications.
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SYMBOLS
A Cell area [cm?]
Cp Specific heats [J/gK]
C, Cost of fuel cell power system per
kW of nominal power [$/kW]
CF Capacity factor
C, Cost of electricity [$/kW]
(O Cost of hydrogen [$/kW]
Cial Cost of natural gas [$/kW]
E Enthalpy [J/s]
f.. Heat utilization factor
F Faraday constant [96485 A.s/mol]
I Current density [A/cm?]
m Mass flow rate [g/s]
n Rates of consumed and generated
gases [mol/s]
N_, Number of cell
Q Heat dissipation [W]
P, Fuel cell system nominal power [W]
Io, Oxygen volume in air
R, Thermal resistance K/ W]
S Stoichiometric ratio
T Temperature [°C or K]
W, Net power [W]
n Water heating efficiency
Ny Electrical efficiency of fuel cell
Nee Average annual efficiency
Moot Total fuel cell efficiency
Mieat Efficiency of conventional heat gene
ration
AEP Annual electric production
Ah Low heating value of H2 gas
my, Mass flow rate of cooling liquid
Mw Mass flow rate of city water
Coa Specific heat of cooling liquid
Cw Specific heat of city water
AT, Inlet and outlet temperature differen
ce of cooling liquid
AT, Inlet and outlet temperature differen

ce of city water
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ABSTRACT

n this study, a heat exchanger system capable of working on tree-shaped three-level paral-
lel and counter flow basis was designed and manufactured based on the branched Fractal
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like flow channel structure. A similar phylum of heat exchanger on discs onto one surface
of the lower and upper plates and both surfaces of middle plate, 156 Branched-micro chan-
nels with cylindrical sections were opened in three levels symmetrically with each other at
different levels and diameters. According to the parallel and counter flow type based open
circuit and closed circuit principle, the fluid enters the system at equal thermal capacity
ratios from the axial or radial connection points and discharges. In the open circuit operat-
ing conditions, the heating water is in the temperature range of 35-45°C and the flow rate is
2,0-4,0 It / min. Similarly, in the closed circuit operating conditions, the heating water is in
temperature range of 45-60°C and the flow rate is 2,0-4,0 It/ min. During the experimen-
tal work, the temperature and hydrodynamic characteristics of the system are controlled
through software written in the MATLAB R2013b package program. Experimental and
numerical analyzes were carried out using ANSYS-Fluent ready packet programs. In the
analysis, in the increasing flow rate, positions of some external and lateral channels are
determined as cause of the decreasing in level of velocity. The result, requirement of des-
ignation as the bifurcation geometry divides the mass flow rate equally for each level of
branching, is obtained. The results show that increase in level of branches is not important
on the fluid channels which includes this kind (fractal) branch channel with tree-shaped.
The results also show that, in the branched model heat exchanger, for opened and closed
circuits, parallel flow (increasing branching levels, heating unit and cooling unit) is more
efficient than the counter flow (increasing branching levels heating unit and decreasing

branching level cooling unit) conditions.

Keywords:
Fractal Theory; Constructal Theory; MATLAB; ANSYS; Tree-Shaped Heat Exchanger; Parallel and Counter Flow;
Branching Micro-Channel

INTRODUCTION

he cooling problem faced during use of electro-  racteristic of such heat sinks is to maximize the ability

nic systems of industrial applications, which are  of heat rejection by minimizing volume and mass of the

designed in small size with high-performance and
require high-technology, has gradually increased up
to today.

Especially micro-channel heat sinks with high heat
flux and an expanded surface, having an effective coo-
ling mechanism, have gained importance. General cha-

expanded surfaces. For higher heat transfer coefficients
and minimum volume, a large surface area per unit vo-
lume provides an advantage in such channel geomet-
ries. The literature has various studies on thermal and
hydrodynamic behaviours of micro-channels used as a
cooling system.


http://orcid.org/0000-0003-1890-772X

A. B. Colak et al. / Hittite ] Sci Eng, 2018, 5 (Special Issue: Selected Papers from the 21*t National Thermal Sciences and Technology Congress) 33-49

A great number of scientific studies on micro-chan-
nel heat sinks have been carried out by researchers such
as Tuckerman and Pease (1981), Vafai and Lu (1999), Peter-
son (1999), Stief et al. (1999), Chong et al. (2002), Lee et al.
(2008), Moreno et al. (2015), Yang et al. (2014), Hernando
et al. (2009), Bier et al. (1993). These researchers carried out
thermal and flow analyses with heat exchangers designed in
different geometries and with different flows in their studies.
They examined optimization of single and double layered
counter-flow micro-channel heat sink, and attempted to
determine the optimum design parameters by carrying out
thermal performance and temperature distribution analy-
ses for micro-channel types that they have designed.

FRACTAL AND CONSTRUCTAL
THEORY

In the cooling technology, the systems called fractal
channel network, which is a symmetrical geometric
structure that appears similar to itself at an infinitely
little ratio and has major physical and mathematical cha-
racteristics of a non-uniform and fractured flow environ-
ment at the largest and smallest scale, have gained impor-
tance in theoretical and experimental studies in terms of
applied engineering.

Fractal-like channel network is a new structure that
can be assimilated to many geometric forms in the natu-
re with its decreasing diameters from large to small. The
purpose here is to obtain an appropriate surface tempera-
ture distribution without increasing the pressure drop. In
the literature, the study regarding two-phase flows in the
channel structures developed as similar to above mentioned
structures was carried out by Daniels et al (2005).

As similar to such structures, channels known as cons-
tructal structures were also developed for the same purpo-
ses. Constructal theory is a physics law which summarizes
a phenomenon existing in engineering and the nature. To
express more clearly, constructal structure is a complex
structure consisting of a large number of elements, and the
theory defining this structure is called constructal theory.
This theory is based on behaviour of various structures and
forms in the nature, which are produced to obtain an opti-
mum performance.

In the literature, most of the studies conducted on this
subject are theoretical and number of experimental studi-
es is quite low. With regard to thermodynamic optimizati-
on theory of such flow systems; researchers such as Bejan
(1996, 1997, 2002, 2007), Wechsatol et al. (2002); Bonjour et
al. (2003); Silva et al. (2004), Murray (1926) and Cohn (1954),
Lee and Lin (1995, 1997), Lorenzini and Rocha (2006), Xia
et al. (2015), Chen and Cheng (2002), Chen and Cheng
(2005), Silva and Bejan (2006), Zimparov et al. (2006), Xu et
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al. (2006), Kwak et al. (2009), Chen et al. (2010), Heymann
et al. (2010), Zhang et al. (2013), Salakij et al. (2013), Xu et
al. (2015), Escher et al. (2009), Ghodoossi (2005), Andhare
et al. (2016), Hong et al. (2007), Meyer et al. (2005), Kim et
al. (2014), Kuen Tae Park et al. (2014) etc. developed models
in their studies for estimation of pressure drops and surface
temperatures in fractal-like flow channels as well as dia-
meters and lengths of the channels. They analytically and
numerically studied thermal performance of a dendritic
constructal heat exchanger with small-scale crossflows and
larger-scale counter flows.

In their studies, they compared dendritically designed
fins of Y-type, T-type and H-type and numerically perfor-
med their optimal solutions that minimize their thermal
resistances and increase their optimal performances. Dend-
ritic branching-channel heat exchangers are more advanta-
geous in terms of pressure drop when compared to other
types of heat exchangers. They can also be manufactured in
very small sizes, which is quite important in terms of their
usability for advanced technologies such as MEMS.

In this study, a heat exchanger comprised of 3 discs
with engraved branch-like cylindrical section channels was
designed and manufactured, and thermal and hydrodyna-
mic behaviours of the heat exchanger were experimentally
and numerically examined by means of a test mechanism.
They conducted an experimental study where pressure drop
and flow energy were minimized in the test system. In addi-
tion to the experimental study; temperature, rate and pres-
sure distributions were numerically researched through
ANSYS packaged software.

MATERIALS AND METHOD

Test System

In this study, schematic drawing of the test mechanism
for dendritic branching-channel heat exchanger is given
in Fig. 1. The test zone of the test mechanism for the
dendritic branching-channel heat exchanger is compri-
sed of two heating units, two circulation pumps, cross
flow cooling radiators, a switchboard, a computer com-
munication unit and measuring equipment. Assembly
drawing of the test mechanism equipment is shown in Fi-
gure 5. Heating and cooling sides of the dendritic branc-
hing-channel heat exchanger, which are main compo-
nents of the experiment system, have been designed and
manufactured to be operated with water.

Since the thermal efficiency is higher, the lower branc-
hed plate was used for heating process, while the upper
branched plate was used for cooling process. The experi-
ment system was so designed that the heating side can be



Figure 1. Schematic drawing of the test system
operated as closed circuit and the cooling side can be ope-

rated as both closed and open circuits, and tests were per-
formed.

Figure 2. Closed circuit operation of the test system
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Schematic drawings for closed and open circuit opera-
tions are given in Fig. 2 and 3. In order to enable fluid circu-
lation in heating and cooling units, two circulation pumps
with the same power was used one for each fluid circuit.

Figure 3. Open circuit operation of the test system
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Figure 4. Components of the test system; (1) Flowmeter (2) Test Zone
(3) PT100 Temperature Transmitter (4) Expansion Tank (Heating Side)
(5)Expansion Tank (Cooling Side) (6,19) Circulation Pump (7) Hydro-
meter (8) Pressure Gauge (9) Heating Tank (10) Cooling Radiator (11)
Cooling Fan (12) Switchboard (13) Electronic System Panel (14) Pressu-
re Transmitter (15) Bypass Valve (16) Filling Valve (17) Power Connec-
tion (18) Collector

Both circuits were set with float flowmeters to measure the
amount of the fluid. In addition, 2 sleeve-type resistance he-
aters were used in order to heat the fluid used in the heating
side.

It has two electrically operated heaters, each of which
is situated into an individual small-volume tank, with the
power of 1 kW and 1.5 kW; and the fluid is transmitted into
the system after consecutively passing through these two
heaters.

The heaters were not controlled by a separate ther-
mostat; instead, they were precisely set through MATLAB
software, which allows operation of the test system and
receiving the test data, and controlled through contactor
groups. The experiment system was controlled and stabili-
zed beforehand through the pre-heating software prepared
in MATLAB software package, and tests were started after
pre-heating process.

Heat Transfer Process

In this study, the fluid in the heating side (hot water) cir-
culates through the test system on a closed circuit basis
and the fluid in the cooling side (cold water) circulates
through the system on both open circuit and closed cir-
cuit bases. Under the closed circuit operating conditions,
the fluid exiting from the test zone as heated is cooled by
the radiators, then pressurized by the circulation pump
and returned to the test zone. Under the open circuit
conditions, the fluid entering the cooling unit is taken
from the mains system, and pressure of the mains is used
for circulation in the system. The heated fluid exiting
from the test zone leaves the system after its temperature
is measured. Heat transfer values of the fluids entering
into and exiting from the heating and cooling sides du-
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Figure 5. Test zone of the test system

ring the tests were individually calculated. In calculation,
heat transfer values for entry and exit are averaged and
the following equation is used,

Qmean - 2

@

In this equation, Q, is the heat transfer value for entry
into the system and Q, is the heat transfer value for exit
from the system. Heat balance of the system is given with
the equation below.

Qtop = Qtransm + con + Qrad. + Qlusses (2)

The heat loss in the test zone due to radiation is abo-
ut 5% of the heat received from the fluid entering into the
dendritic branching-channel heat exchanger. Since this va-
lue can be omitted when compared to the heat transfer va-
lue at the fluid inlet, and the equation is rearranged as below;

Q[Op = Qtransm + QCOH + Q'OSSES (3)

The heat transfer to the system due to the hot fluid pas-
sing through between the lower and middle plates is calcu-
lated with the following equation.

Qg = mhcp (T1 _Tz) )

In this equation, T, temperature is the inlet tempera-
ture of the hot fluid entering into the dendritic branching-
channel heat exchanger. T, temperature is the outlet tempe-
rature of the hot fluid exiting from the collector. The heat
transfer from the system due to the cold fluid passing thro-
ugh between the upper and middle plates is calculated with
the following equation.



Qr = mcCp (T4 _T3) (5)

In this equation, T, temperature is the inlet temperatu-
re of the cold fluid entering into the heat exchanger. T, tem-
perature is the outlet temperature of the cold fluid exiting
from the collector. Similarly, the heat loss can be calculated
as below,

Q%thermal difference — 1- & x100
Q

R.S. Andhare et al. (2016) stated that this thermal dif-
ference can be at 10% level; and this ratio was calculated in
our studies and given as a diagram in Fig. 17.

©)

Reynolds (Re) Prandtl (Pr) and Nusselt (Nu)
Numbers

In calculation of the flow and the heat transfer, the flow
inside a cylindrical section pipe and relevant pure num-
bers are given with the equations below.

_ pVD,
Y7

Prandtl number, which is the ratio of momentum diffu-
sion to thermal diffusion in the thermal and hydrodynamic
boundary layers, was calculated with the following equation;

Re @)

c
pr=t ot

o K ®)

In this equation, (v) is kinematic viscosity, () is thermal
diffusivity, (c,) specific heat, and () is dynamic viscosity. Se-
parate Nusselt numbers for fully developed and developing
flows are given in the following equation, for a cylindrical
section pipe with a diameter of D,, according to (k) heat

transfer coefficient and k heat convection coefficient.

©)

In the dendritic branching-channel heat exchanger test
mechanism, thermally and hydrodynamically developing
laminar flow conditions have been applied to the flow in the
heat exchanger up to a flow rate of 4.0 /min at branching
level 0. Thermally and hydrodynamically developing flow
conditions have been applied to all ranges of flow rate at
branching levels 1 and 2.

Nusselt correlations required for this study depending
on the Reynolds number, the flow regime and the thermal
conditions are given below.

Branching and Branch Levels Measurement
Details

Design specifics of the dendritic branching-channel heat
exchanger are given in Fig. 6. In this type of heat exchan-
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gers; N number of branching means number of the branc-
hes to be developed by the current channel at the next
level, and k branching level means the number of branc-
hing points starting from the fluid inlet. For the heat exc-
hanger modelled in this study, N=3 and k=2, i.e. k=0, k=1,
k=2. As it is seen in Figure 6, D, D, and D, and L,L, and
L, indicate channel diameters and lengths for three diffe-
rent levels from level zero to level two, respectively. As it
is shown in Fig. 8; starting from the inlet point, the fluid
splits into 12 branches at level 0, and then it splits again
into 3 at level 1 thus creating 36 branches. At level 3, the

Table 1. Nu number correlations for developing flows (Stephan,Preusser)

Reynolds Number Flow Regime Thermal Conditions
Thermally and
Re<2300 Hydrodynamically Constant heat flux
Developing Flow
1.33
RePrD
0,086 [?J
Nu = 4.364 + o5
ReD )"
1+0.1Pr| —
L
Thermally and
Re<2300 Hydrodynamically Constant Surface
. Temperature
Developing Flow
133
RePrD
0,0677 [T
Nu = 3.657 + 53
ReD )"
1+0.1Pr (T]

fluid splits into 3 again, thus creating 108 branches. The
fluid arrives the collecting channel after branching level
2 and leaves the heat exchanger by passing through the 12
discharge points located there.

Technical details of the plates of the dendritic branc-
hing-channel heat exchanger are given in Fig. 6, Fig. 7 and
Fig. 8. On the plate, there are 12 branches at level 0, 36 branc-
hes at level 1 and 108 branches at level 2. The symmetrical
branching spreading on the disc-shaped plate is produced
from aluminum material according to the technical details
thereof given in Table 2.

Total area of the branching spreading on the heat exc-
hanger at level N is calculated separately for each level with
the following equation.

A =zxN xD,, xL, (10)
N, =12 (3k) In this equation, (N,) is the number of the
branches at level k, and , D, is hydraulic diameter of the

branch at level. (L), is the length of the branch at level k.
According to the equation 10, relevant areas at level 0, level 1
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Figure 6. Branching details of the dendritic branching-channel heat
exchanger

andlevel2are A =2,601 x10®m? A =0,0113 m?, A,=0,04033
m?  respectively.  Total

A=A +A +A =0,05423 m’
op 0 1 2 .

t

area is calculated as

Total Heat Transfer Coefficient (U)

Heat is transferred from resistances between fluid-wall-

fluid due to (T, -T,) temperature differences. When equ-

al surface areas are considered, total heat transfer coeffi-

cient (U) is obtained with the following equation,
11t 1

U_hh+k+hc (11)

U is total heat transfer coefficient, 1/h is convection
resistances, and t/k is transfer resistance. Heat transfer va-
lues were calculated separately on the basis of mass flows,
inlet and outlet temperatures and thermal capacities of both
fluids. Heat transfer from hot fluids is found by using the
equation below,

Q,= mhcp (Tn,i _Tn,o) (12)

Figure 7. Upper and lower plate details of the dendritic branching-
channel heat exchanger
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Figure 8. Technical drawing of branching details of the dendritic
branching-channel heat exchanger

Similarly, heat transfer to cold fluid is calculated by
using the following equation,

Qc = mccp (Tc,i _Tc,o)

Coefficient for total heat transfer between the hot fluid
and the inner surface of the plate is found through the equ-

13)

ation below,

_ Q
V- A\ (Th,i _Tc,i)_(Th.o _Tc,u) (14)
* In (Th,i _Tc,i)
(Th,o _Tc,u)

In these equations, Q, is heat transfer from the hot flu-
id, T,; is temperature of the hot fluid entering into the hea-
ting side of the heat exchanger, T, is temperature of the
cooled fluid exiting from the heating side of the heat exc-
hanger, T,; is temperature of the fluid entering into the co-
oling side of the heat exchanger, T, is temperature of the
heated fluid exiting from the cooling side of the heat exc-
hanger, and A,, is total surface area of the branching sprea-
ding on the heat exchanger.

Log Mean Temperature Difference (LMTD)

In the thermal analysis of the heat exchanger, the Log
Mean Temperature Difference (LMTD) method and the

Table 2. Geometric properties of the fractal channels

g I e
Level Branch Diameter
k N, Dh‘k(mm) Lk(mm)
0 12 6.00 11.50
1 36 5.00 20.00
5 108 3.17 37-50




& -NTU method were used. In the log mean temperature
difference method, heat transfer value of the heat exc-
hanger is calculated with the equation given below.

Q =UAAT,, (15)

Log mean temperature difference in the equation abo-
ve is given with the following equation,

T = ATl - ATZ _ (Th,i _Tc,i ) - (Th.o _Tc,o)
Im — -
|n[AT1J In[Th,i _Tc,i ]
ATZ Th,o _Tc,o

For log mean temperature difference in a parallel flow
heat exchanger, AT, and AT, temperature differences at in-

(16)

let and outlet points are calculated as below,

AT, =T, -T.; (17)and AT,=T,,-T., (18)

In these equations, T, is inlet temperature of the hot

hii

fluid entering into the heat exchanger, T, is inlet tempera-

ture of the cold fluid entering into the heat exchanger, T, , is
outlet temperature of the hot fluid exiting from the heat exc-

hanger, and T, is outlet temperature of the cold fluid exi-

ting from the heat exchanger.

For log mean temperature difference in a counter-flow
heat exchanger, AT, and AT, temperature differences at in-

let and outlet points are calculated as below,

AT, =T,,-T.

c,0 (19) and ATZ :Th‘o _Tc,i (20)

At the same inlet and outlet temperatures of the heat
exchanger, log mean temperature difference was found hig-
her in case of counter-flow when compared to parallel flow.

¢ -NTU Method

Before defining effectiveness for a heat exchanger, the
maximum possible heat transfer value Q,, should be
-T.)

c0

calculated for that heat exchanger. In such case, (T,
maximum heat transfer will occur due to the maximum
difference of temperature obtained between the fluids in
the heat exchanger.

For this, the thermal capacity flow rate C, =mcg,, of
the cold fluid must be lower than the thermal capacity flow
rate C, =rmyc, of the hot fluid (C, <C, ). In this case, it wo-
uld be |dT,|>|dT,|. For r, L -, outlet temperature of the
cold fluid can rise up to inlet temperature of the hot fluid
where C, <C,andT,, =T,;, Q,,. isobtained with the equati-
on below,

max
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Qmax = Cc (Th,i _Tc,i ) 1)

Similarly, if C, <C,, a bigger exchange of heat would
occur in the hot fluid and it can get cooled down to the inlet
temperature of the cold fluid. Where C, <C, and T, =T,,,

Q. 1s given in the following equation.

Qnax =Gy (Th,i _Tc,i) (22)

In these two cases, Q,,, heat transfer value is given ac-
cording to the minimum heat capacity C__in the equation
below.

Qmax = Cmin (Th,i _Tc‘i)

In this equation, C_, thermal capacity flow rate is ac-
cepted equal to the lower one of Cc or C, values. In a heat

(23)

exchanger, the ratio of the actual heat transfer Q value to
the maximum possible heat transfer Q,,, value is defined as
¢ effectiveness, and presented with the following equation.

Q

&E=—ro

Qmax

Effectiveness € can also be calculated on the basis of
temperature difference and thermal capacities through the
equation below.

Gy (Th,i _Th,o)
Cmin (Th,i _Tc,i)

(24)

€ (25)

In this relation, Cmin/CmaX ratio can take C C/Ch or Ch/CC
value, depending on thermal capacity flow rates of the hot
and cold fluids. NTU Number of Transfer Unit is equal to
the ratio of total heat transfer coefficient and heat transfer
surface area to the minimum thermal capacity, and given

with the following equation.

NTU = UA
C

min

Effectiveness-NTU Relations

(26)

C_..=C, let a parallel flow heat exchanger with is consi-
dered. If the effectiveness value ¢ for a parallel flow heat
exchanger is found;

1-ep{-NTU[1+(C,, /C,.) ]}
£ 1+(Coin/ Crae)

min

27)

C...=C_since the same result is obtained for; regardless
of whether the minimum thermal capacity flow rate of fluid
belongs to the hot fluid or the cold fluid, this relation can be
applied to any parallel flow heat exchanger. When C <1, the
effectiveness value for counterflow operating conditions is
given with the equation below,
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Figure 9. Sectional view of parallel flow operation of the dendritic
branching-channel heat exchanger

_ 1-exp{-NTU(1-C,)}
“T12C ep[-NTU(1-C,)] )

In case that C =1, effectiveness value is given with the
following equation,
NTU
E=——
1+ NTU
In this study, tests were conducted by assuming that

(29)

flow rates of both fluids are equal; and thermal capacity flow
rates of both fluids are equal (C_ =C ).

min max

RESULTS

Thermal Transfer Analysis

In this study, while thermal capacity flow rates of the de-
signed dendritic branching-channel heat exchanger at its
upper-middle and lower-middle plates were kept equal,
operation at similar fluid inlet temperatures (closed cir-
cuit) and operation at distinct fluid inlet temperatures
(open circuit) were studied. Performances of parallel flow
and counter-flow configurations were compared. In Fig.
9 and Fig. 10, representative sectional views of the heat
exchanger in cases of parallel flow and counter-flow are
given. Findings obtained from the tests conducted under
operating conditions of the parallel flow closed circuit
are given as a diagram in Fig. 11. In this diagram, change
of the heat transfer value (Q) by the volumetric flow rate
(V) at different temperatures in case of the parallel flow
closed circuit is presented. It is observed that the heat
transfer value increases at the same ratio with each incre-
ase of temperature. For the values lower than 4 liter/mi-
nute volumetric flow rate, laminar flow conditions apply
at branching levels 0, 1 and 2 of the dendritic branching-
channel heat exchanger.

For the volumetric flow rate values over 4 liter/minute,
it was seen in the calculations that the turbulent flow condi-
tions applies at level 0. When the inlet water temperature
(T,;) rises over 60°C, turbulent flow conditions occur in
branches at levels 0 and 1 at a volumetric flow rate of 9,0 li-
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Figure 10. Sectional view of counter-flow operation of the dendritic
branching-channel heat exchanger

ter/minute.

When change of the heat transfer values and the volu-
metric flow rates are compared between the parallel flow
closed circuit given in Fig. 11 and the counter-flow closed
circuit given in Fig. 12, it is seen that the heat transfer value
is higher for the parallel flow at the same volumetric flow
rate. Flow conditions occurring toward increasing branc-
hing levels also increase the amount of the transferred heat
while increasing pressure losses. In the computer-aided
study carried out under this research, it was seen that the
outlet temperature values obtained for both sides as a result
of the analyses performed through ANSYS-Fluent software
package were approximately equal to the outlet temperature
value of the fluid exiting from the system in the tests.

In the diagrams in Fig. 13 and Fig. 14, changes of the
heat transfer values of the parallel flow and counter-flow
open circuits respectively by the volumetric flow rate of the
fluid are separately presented. In these diagrams, it is seen
that the parallel flow open circuit is more effective than the
counterflow.

In the diagram in Fig. 15, the ratio of the heat transfer
value to the inflowing heat value at the same temperature
and flow rate values (45°C, 2.0-4.0 1/min) for the tests con-
ducted in closed and open circuits is presented. Under the
same conditions, this ratio is higher for the open circuit.

Q%thermal difference — 1- [gr J x100 (30)

g

Pressure Losses

In order to find the pressure losses for increasing and
decreasing levels of branching of the dendritic branc-
hing-channel heat exchanger, pressure losses were mea-
sured at flow rates between 2.0-9.0 I/min. For measuring
purpose, pressure transmitters situated at fluid inlet and
collector outlet points of the dendritic branching-chan-
nel heat exchanger were used.

Asit is seen in Fig. 16, Reynolds number in the heat exc-



Figure 11. Change of the heat transfer value by the volumetric flow rate
in the parallel flow closed circuit

hanger consisted of cylindrical section branching increased
by increasing volumetric flow rate, and it caused an increase

Figure 12. Change of the heat transfer value by the volumetric flow rate
in the counterflow closed circuit

also in the pressure losses. The flow is laminar at the flow
rates below 4.0 1/min at all branching levels. In the laminar

flow region, Reynolds numbers range between 200-1950.

After the volumetric flow rate of 4.0 1/min, a transition from

Figure 13. Change of the heat transfer value by the volumetric flow rate
in the parallel flow open circuit
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Figure 14. Change of the heat transfer value by the volumetric flow rate
in the counterflow open circuit

laminar flow to transient region occurs for branching level 0.

Asitis seen in the diagram, the pressure losses towards
increasing branching levels are higher than those towards
decreasing branching levels in case of the laminar flow. It
is seen that a transient flow occurs after 4.0 I/min value at
branching level 0 and the pressure and its losses are almost
equal for the flows toward both ways. At other branching
levels, the flow is laminar for both flow conditions. At
branching levels 1 and 2, the flow rate decreased further.
This result indicates that further branching is not important
in the flow channels with such dendritic branching (frac-
tal) channel structure. This situation shows that, in terms
of shedding light on the limited number of studies carried
out on this subject, and experimental result in this study is
consistent with the theoretical and experimental results in
the literature.

Log Mean Temperature Differences

In order to be able to experimentally calculate the total
heat transfer coefficient (U ) in a heat exchanger, the log
mean temperature (ATLM) difference method is used. In
the experiments carried out for the dendritic branching-

Figure 15. Change of the ratio of the heat transfer value / inflowing heat
value by the volumetric flow rate in cases of closed and open circuits
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channel heat exchanger, changes between the volumetric
flow rates and the log mean temperature differences for
different operating conditions and different situations
are separately presented in the diagrams in Fig. 17-20.
When Fig. 17 and Fig. 18 are compared, the log mean tem-
perature difference is higher in the parallel flow closed
circuit when compared to the counter-flow closed circuit.

Change of Nusselt-Reynolds Numbers

The change of the Nusselt numbers calculated for the he-
ating and cooling sides at a maximum heating water inlet
temperature of 65°C under the operating conditions of
the parallel flow closed circuit by the Reynolds number is
given in Fig. 21. According to the Nu relation given above,
change of the Nusselt numbers for laminar flow at level
1 ad 2 of the dendritic branching-channel heat exchanger
by the Reynolds number under the operating conditions
of parallel flow closed circuit was calculated. Change of

Figure 16. Change of the pressure losses towards increasing and dec-
reasing branching levels by the volumetric flow rate and the Reynold
number in the branches

the Nusselt number and the Reynolds numbers at level 0
is not shown in the diagram because the flow becomes
turbulent flow for the values over 4.0 l/min.

In Fig. 22, Change of the Nusselt numbers calculated
for the heating and cooling units at a maximum heating wa-
ter inlet temperature of 65°C under the operating conditions
of the counter-flow closed circuit by the Reynolds number is
given. As it is seen in all of the three diagrams, the Nusselt
numbers increased as the Reynold number increased.
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Change of Total Heat Transfer Coefficient (U)

In the dendritic branching-channel heat exchanger, flow
in each channel thermally and hydrodynamically re-
develops at each branching level, and the boundary layer
forms again for each level. Channel lengths being too
short which do not allow the flow to fully develop ther-
mally and hydrodynamically, and this causes an increase
in h heat convection coefficient thus causing an increase
in the total heat transfer coefficient.

Figure 17. Change of the log mean temperature difference by the vo-
lumetric flow rate between the heating and cooling units in the parallel
flow closed circuit

In Fig. 23-26, change of the total heat transfer coeffici-
ent U (Wm?.K) by the volumetric flow rate (V) for the pa-
rallel flow and counterflow operating conditions in open
and closed circuits. It is seen in the diagrams given for the
parallel flow and counterflow operations in the closed cir-
cuit that as the volumetric flow rate increases, the total heat
transfer coefficient increases as well. Geometry of the dend-
ritic branching-channel heat exchanger, increasing plate
section towards increasing branching level, further occur-

Figure 18. Change of the log mean temperature difference by the volu-
metric flow rate between the heating and cooling sides in the counter-
flow closed circuit



Figure 19. Change of the log mean temperature difference by the volu-
metric flow rate in the parallel flow closed circuit

rence of swirling flows, and also occurrence of jet flow at
both points under the parallel flow conditions at the point
where the distribution reservoirs are located cause the heat
transfer coefficient to be found higher in case of parallel
flow.

It is seen in the diagrams that the total heat transfer
coefficient takes similar values depending on the tempera-
ture at a heating water inlet temperature of 45°C and a vo-
lumetric flow rate ranging between 2.0-4.0 [/min under the
same operating conditions of the open circuit and closed
circuit during the tests. Likewise, it is seen as a result of the
tests that the most effective variable for change of the total
heat transfer coefficient is the volumetric flow rate and the

Figure 20. Change of the log mean temperature difference by the volu-
metric flow rate in the counter-flow open circuit

temperature range does not have a significant impact. Itis a
known fact that changing the inlet temperature of the hea-
ting unit of the heat exchanger would cause a change in the
physical characteristics of the heating fluid. However, as a
result of the test data it is not as effective as the volumetric
flow rate value. It can be said according to the following four
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Figure 21. Change of the Nu-Re numbers at an inlet temperature of
65°C for the operating conditions of the parallel flow closed circuit

diagrams that the highest total heat transfer coefficient at
the same temperature and flow rates ranging between 2.0-
4.0 I/min for parallel flow and counterflow in cases of the
closed and open circuits is seen in the parallel flow closed
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Figure 22. Change of the Nu-Re numbers at an inlet temperature of
65°C for the operating conditions of the counterflow closed circuit

circuit. It was observed that the total heat transfer coeffici-
ent U (Wi K) showed a greater change in the parallel flow
operation when compared to the counterflow operation at
the same temperature and in the same range of flow rate for

44

closed and open circuits.

Figure 23. Change of the total heat transfer coefficient by the volumet-
ric flow rate in the parallel flow closed circuit

Impact Analysis of Thermal Capacity Rates

In order to evaluate theoreticaland experimental rese-
arch and compare the impacts of thermal capacity rates
on effectiveness, tests were carried out for the thermal
capacity rates of Cr=1, Cr=0.25 and Cr=0.125 and a fluid
inlet temperature of 65°C in the heating unit.

For a thermal capacity rate of Cr=1, fluid flow rates of
the heating and cooling fluids are equal while entering into
the system.

For a thermal capacity value of Cr=0.25, while the he-
ating fluid ranges between 4.00 I/min — 8.00 I/min, the co-
oling fluid ranges between 1.00 1/min — 2.00 I/min. For a
thermal capacity value of Cr=0.125, the heating fluid has a
value of 8.00 I/min and the cooling fluid has a value of 1.00
1/min. Increasing the heating fluid inlet flow rate causes an
increase in the mean temperature of the heated part of the
middle plate and a further heat transfer to the fluid in the

Figure 24. Change of the total heat transfer coefficient by the volumet-
ric flow rate in the counterflow closed circuit



Figure 25. Change of the total heat transfer coefficient by the volumet-
ric flow rate in the parallel flow open circuit

cooling side. In Fig. 27, results of the test, which shows the
impacts of thermal capacity rates on effectiveness, are pre-
sented. As it is seen in the diagram, according to the e-NTU
method for different Cr values, it ranges between e=0.24-
0.58, NTU=0.3-0.81. In addition, a theoretical and expe-
rimental comparison was made according to the e-NTU
method for different Cr values, and it was seen that both
experimental and theoretical results are consistent with the
literature. As a result of the conducted tests, it was conc-
luded that increasing the thermal capacity rates causes an
increase in effectiveness (g).

ANSYS-FLUENT ANALYSES

In this study, the designed dendritic branching-chan-
nel heat exchanger was geometrically modelled in Solid
Works and numerically analyzed in ANSYS-Fluent 16.0
software package. While laminar model was applied in
the tests up to a fluid flow rate of 4.0 I/min, k-¢ turbulen-
ce model was applied in a higher flow rate than 4.0 [/min;
and they were thermally analysed by solving the energy
and Navier-Stokes equations. Upon the designed dendri-
tic branching-channel heat exchanger;

Figure 26. Change of the total heat transfer coefficient by the volumet-
ric flow rate in the counterflow open circuit
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i)  Impacts of Temperature Change,

ii)  Impacts of Flow Rate Change,

iii) Impacts of Operation Regime Change were exa-
mined in ANSYS-FLUENT.

It was seen that results obtained from the analyses per-
formed by using ANSYS-FLUENT software was consistent
with the test results. It was seen in the performed analyses
that, in accordance with the constructal theory, flow rate
of the fluid in sub-branches other than branching level
zero (k=0) was lower when compared to the pipes which
are coaxial with branching level zero. It was observed that
this situation caused a lower flow rate in sub-branches from
branching level one (k=1) and also further decrease of the
rate since branching level two (k=2) was affected by branc-
hing level one.

CONCLUSION

In dendritic branching-channel heat exchangers, it is
possible to achieve higher Nusselt numbers and to incre-
ase the heat transfer rate by carefully calculating channel
sections, channel geometries and channel dimensions.
Hydrodynamical and thermal re-development of the
Nusselt number and heat transfer value in each channel
and at each branching level is an important characteristic
of this geometry. In Fig. 11-14, change of the heat transfer
for parallel flow and counter-flow in the open and closed
circuits by the volumetric flow rate was given, and it was
observed that the heat transfer value increased with inc-
reasing volumetric flow rate.

In Fig. 15, change of the ratio of the heat transfer value
to the inflowing heat by the volumetric flow rate is given,
and since the mean temperature of the test zone in the ex-
periment system was lower in the open circuit, it was deter-
mined that this ratio was higher in the open circuit.

Figure 27. Impacts of the thermal capacity rates on effectiveness
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Figure 28. Rate distributions in the heat exchanger for 2.0 1/min for the
flow towards increasing branching levels

In Fig. 16, change of the pressure losses towards increa-
sing and decreasing branching levels by the volumetric flow
rate and the Reynolds numbers in the branches is presented,
and it is seen that pressure losses increase with increasing
volumetric flow rates and Reynolds numbers in the branc-
hes. This result indicates that an increase in branching level
is not important in the flow channels with such dendritic
branching (fractal) channel structure.

Figure 29. Rate distributions in the heat exchanger for 9.0 1/min for the
flow towards increasing branching levels

In the diagrams in Fig. 17-20, change of the log mean
temperature difference by the volumetric flow rate for pa-
rallel flow and counter-flow operation in open and closed
circuits is given. In case of the closed circuit, the log mean
temperature difference gradually decreases in both flow re-
gimes as the volumetric flow rate increases. In case of the
open circuit, the log mean temperature difference gradually
increases in both flow regimes as the volumetric flow rate

Figure 30. Rate distributions in the heat exchanger for 2.0 1/min for the
flow towards decreasing branching levels

Figure 31. Rate distributions in the heat exchanger for 9.0 1/min for the
flow towards decreasing branching levels

increases. The logmean temperature difference increases
with increasing inlet temperature.

In the diagrams in Fig. 21-22, changes of Nu-Re num-
bers for different inlet temperatures in the heating side un-
der parallel flow and counterflow operating conditions in
closed and open circuits at different levels. As it is seen in
the diagrams, Nusselt numbers increase with increasing
Reynolds numbers, depending on branching levels at var-
ying flow rates and temperatures. Likewise, it is graphically
showed that a greater increase is seen in the Nusselt number
at branching level one. The volumetric flow rate increasing
in the heating and cooling sides caused the Nusselt number
to increase in a decelerating manner; and thus, it caused the
heat convection coefficient, and therefore the heat transfer

Figure 32. Temperature distribution in the heating unit under the pa-
rallel flow closed circuit conditions for a heating fluid inlet temperature
of 65°C and a flow rate of 9.0 I/min

Figure 33. Temperature distribution in the cooling unit under the pa-
rallel flow closed circuit conditions for a heating fluid inlet temperature
of 65°C and a flow rate of 9.0 I/min



Figure 34. Temperature distribution in the heating unit under the
counterflow closed circuit operating conditions for a heating fluid inlet
temperature of 65°C and a flow rate of 9.0 I/min

value Q(Watt), to increase in a decelerating manner with
the volumetric flow rate.

Change of the total heat transfer coefficient (U) by the
volumetric (V) flow rate according to the tests performed
for parallel flow and counterflow under the closed circuit
operating conditions (45, 50, 55, 60 and 65°C) are given in
Figure 23-26 and under the open circuit operating conditi-
ons (35, 37.5, 40, 42.5 and 45°C) are given in Figure 33-34. It
is seen in the diagrams of the experimental results that the
total heat transfer coefficient increased by increasing volu-
metric flow rate under both parallel flow and counterflow
conditions. In case of the parallel flow closed circuit, the
total heat transfer coefficient was higher when compared to

the counterflow. The same can be said for the open circuit
as well.

Since the tests were carried out under Cr=1 conditi-
ons of the dendritic branching-channel heat exchanger, vo-
lumetric flow rates for the fluids circulating in both units
are equal. At a thermal capacity flow rate of Cr=1, it was
seen that the maximum effectiveness coefficient value is
at €=0.30 level. When the thermal capacity flow rates were
changed to Cr=0.125 level, it was seen that £=0.58 and
NTU=0.81 in case of counterflow operation. In the diagram
in Figure 27, the increased inlet flow rate of the heating fluid
increased the mean temperature on the plate and this cau-
sed the effectiveness coefticient to rise.

Figure 35. Temperature distribution in the cooling unit under the
counter-flow closed circuit operating conditions for a heating fluid inlet
temperature of 65°C and a flow rate of 9.0 I/min
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Changes of rate and temperature were analyzed for dif-
ferent flow rate and temperature values in ANSYS, and the
results are given as diagrams in Fig. 31-35.

Symbols

A Heat Transfer Surface Area (m?)

A, Level 0 Branching Heat Transfer Surface Area

A

Level 1 Branching Heat Transfer Surface Area

A, Level 2 Branching Heat Transfer Surface Area
A Level k Channel Surface Area

C, Thermal Capacity Flow Rate of Hot Fluid (W/K)

C. Thermal Capacity Flow Rate of Cold Fluid (W/K)
Crex Maximum Thermal Capacity Flow Rate (W/K)
Cpin  Minimum Thermal Capacity Flow Rate (W/K)
C. Ratio of Thermal Capacity Flow Rates

D Pipe Diameter (m)

D, Level k Branch Hydraulic Diameter (m)

D, Hydraulic Diameter (m)

AP Pressure Difference (Pa)

AT Temperature Difference (K)

& Effectiveness

k  Thermal Conductivity Coefficient (W/mK)
L. Level k Branch Length (m)

L Length (m)

LMTD Log Mean Temperature Difference (°C)
m  Volumetric Flow Rate (kg/s)

m, Hot Fluid Flow Rate (kg/s)

m, Cold Fluid Flow Rate (kg/s)

MEMS  Micro Electromechanical Systems
N, Number of Channels
N Number of Branches
Nu  Nusselt Number

NTU Number of Transfer Units
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p Density

Q From Hot Fluid to Cold Fluid Heat Transfer Value
(W)
% difference between the Heat Entering

Q%lhermal difference

into the Experiment System and the Heat Received from the
System

Q, Heat Received from the Experiment System (W)

Q, Heat Entering into the Experiment System (W)

Qusses  Heat Loss (W)

Maximum Possible Heat Transfer from Hot Flu-

Qmax

id to Cold Fluid (W/)

Quen  Mean of the Heat Entering into the Experiment

System and the Heat Received from the System

Q.. Heat Transferred through Convection (W)
Total of Convection, Radiation and Lost Heat Va-

Qtop

lues (W)

Q.s. Heat Transferred through Radiation (W)

Re Reynolds Number

T Temperature (°C)

T,; Inlet Temperature of the Hot Fluid Entering into
the Heat Exchanger (K)
Ty Outlet Temperature of the Hot Fluid Coming out

of the Heat Exchanger (K)

T.; Inlet Temperature of the Cold Fluid Entering into
the Heat Exchanger (K)

T., Outlet Temperature of the Cold Fluid Coming out

of the Heat Exchanger (K)

U  Total Heat Transfer Coefficient (W/m2.K)

4 Dynamic Viscosity (Pa.s)

<

Viscosity

<

Velocity (m/s)
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ABSTRACT

Cogeneration is known as the generation of heat energy and electricity at same time by
using the fuel's energy. There are various cogeneration systems, and steam injection is
made into combustion chamber to increase the efficiency of the cycle and to reduce nitro-
gen oxide emissions. The most fundamental thermodynamic, operational, economical and
thermo-economic factors must be considered when choosing the appropriate cogeneration
system and designing the system. For the thermodynamic factors, such as the amount of
fuel to be consumed, the electric heat rate, the artificial thermal efficiency, the fuel energy
gain rate must be found for the unit amount of electric power to be obtained. The cost and
availability of the fuel to be used must also be estimated by considering the problems will be
affected by repair maintenance and economic fluctuations. In economic factors, the annual
cash flow of the system and the amortization itself are calculated. In the thermo-economic
factors, the investment costs depend on the exergy efficiency and the exergy of the products
of the devices and the fuel required to operate are calculated. In this study, the analysis of
steam injection into cogeneration systems according to performance and evaluation criteria
was done using energy, exergy and economic methods. To calculate the energy and exergy
values of the flows, a program was written by the authors in the FORTRAN programming

language and the results obtained by running them were used. The results obtained were
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compared with the literature values and correctness was observed.
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INTRODUCTION

As is known, the usage of electric energy continues
to increase in our country and in the world. In-
dustrial establishments set up cogeneration facilities
to meet both electricity and heat energy needs, and
provide a more efficient use of fuels. Thus, energy
consumption reduces their costs and they are also
avoided of electricity interruptions. Small-scale co-
generation facilities, however, are also widely used
in small businesses, university campuses, hotels, and
district heating systems.

In the cogeneration plants, electrical energy and
heat energy are produced at the same time so that hig-
her efficiencies can be obtained. The energy efficiency
of such plants is approaching 90%. If these plants are
used especially for heating of the houses, cooling water
can be produced by operating an absorption cooling

group with the help of exhaust heat even outside the
heating season. In this regard, the production is direc-
ted to three purposes, so three generation is the issue
and the annual usage period of the cogeneration plant is
increasing [1, 15, 19]. When these advantages are evalu-
ated, more economical energy production can be saved.
In addition, less pollution is created and the amount of
CO, released to the atmosphere is lower. Different coge-
neration systems are available. These can be classified
as steam turbines, gas turbines, internal combustion di-
esel or gas engines and fuel cells. Different methods are
proposed and used in the design stage and usage stage
to increase the efficiency of the selected cogeneration
plants according to the usage purposes.

Steam injection into the cycle’s combustion cham-
ber has continued to be implemented since in the 1950s
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with the aim of reducing the outlet temperature and increa-
sing the work force achieved, and now reducing NOx and its
compounds to minimum levels. Studies of exergy analysis
in this area have been started by many researchers since the
1980s [24].

The concept of thermoeconomics was first introdu-
ced in the 1960s and later developed by C. Frangopoulos,
G.Tsatsaronis, A. Valero and M.Spakovsky, especially in the
1990s [17, 20, 22]. By describing a recuperative gas turbine
cogeneration system called the CGAM problem (consisting
of the initials of their names), as a simple and defined op-
timization problem, they propose their own optimization
methods by comparing their respective solution paths. This
system has a steam capacity of 30 MW electricity and satu-
rated steam at 14 kg/s, 2 MPa, and each researcher's optimi-
zation method gave similar results.

Lazzeratto and Tsatsaronis developed cost equations,
that are named SPECO / AVCO-specific cost / avarege cost
approach [12, 13, 21, 23]. Kim et al., proposed Modified pro-
ductive structure analysis (MOPSA), and Rosen and Dincer,
proposed Exergy cost energy mass analysis (EXCEM) met-
hods [16]. According to El-Sayed and Gaggioli, thermoeco-
nomics implements two basic methods [6]. These are integ-
ral calculation methods and algebraic method. The algeb-
raic method always uses the cost equations of the devices,
and gives information on the average cost. In the integral
calculation method, flow costs are calculated for each flow
and device using differential equations and marginal costs
are found. The Lagrange multipliers method is used most
frequently [23]. The definition of cost equations for devices
in the algebraic method is not objective.

The method of integral calculus is also subjective. Be-
cause, it is based on the Lagrange multipliers technique and
is based on the definition of the mathematical function of
each device, and when the isolation of the devices is not
successful, there would be major errors in the iterative steps.
For the solution of this problem, C. Frangopoulos proposed
the thermoeconomic functional approach in his doctoral
dissertation in 1983. Accordingly, a function and a product
are defined for each device, to eliminate the need of a cost
equation [7].

Cerqueira and Nebra compared the CGAM cycle by
using the four thermoeconomic analyzes. According to this,
the thermoeconomic functional approach gives a result in
the middle among others (7.1 $ / GJ), and the exergetic costs
method gives the most expensive power cost (8.2 $ / GJ).
The exhaust gas cost is taken as zero at the exergy cost. The
result is that all the irreversibilities are found in the heat exc-
hanger [3]. Kwak et al. applied MOPSA and SPECO / AVCO
methods to solve the CGAM problem, and compared these
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findings with the findings of Torres et al. [10]. According
to Torres et al.,, for per the unit cost, $ 742 $ / GJ for their
method, 8.46 $ / GJ for the MOPSA and 7.80 $ / GJ for the
SPECO / AVCO methods.

According to Boyce, steam injected into the combusti-
on chamber injects about 2-3% of the air mass for reducing
and controlling NOx, which increases the electric power
obtained by about 3-5%. When steam mass injected into the
combustion chamber about 5% of the air mass, the electri-
city efficiency increases in the sample cycle 8.3% and if this
steam is produced from the exhaust of the turbine, the elect-
ricity efficiency is increased by 19%. According to the same
article, if the amount of water or steam is about 12% of the
amount of air, the electric power obtained increases by abo-
ut 25% [2]. Kehlhofet et al., draws curves showing the effect
of the amount of injected steam on relative work and relative
efficiency, where the amount of work obtained is 14% when
the steam fuel ratio is 1.5 [9]. According to Wang and Chiou,
the amount of steam to be injected can be up to 20% of the
mass of the compressor inlet air [24]. The energy efficiency
does not change when the compression ratio in the steam
injection cycle increases from 5 to 20 in the study. In addi-
tion, the same researchers analyzed the use of regenerati-
on and steam injection methods to increase the efficiency
of a simple gas turbine power generation system based in
Taiwan. All the findings of Wang and Chiou are consistent
with the findings in this study.

In this study, the sample, the air preheated and the air
fuel preheated cogeneration systems are analyzed by using
the first and second laws of thermodynamics, and the re-
quired income methods. The cost of the main product is
calculated in four steps in the economic analysis with the
required income method. These are cost accounting and
forecasting of the total investment, determination of econo-
mic, financial, labor and market input parameters for the de-
tailed cost account, calculation of total income needed and
calculation of product cost with these values.

In the calculations the compression ratios, the comp-
ressor and turbine isentropic efficiencies the combustion
chamber outlet temperatures, the change in air flow, fuel
flow and the recuperator outlet temperatures are taken into
consideratin. Thus, the effects of steam injection into these
three different cycles, design differences and the effect of
each added device on optimum values are also investigated.
The thermoeconomic analysis of the sample, air, and fuel air
preheated cycles, for the injection of steam into their com-
bustion chamber, for the different air fuel and compression
ratios are done, and the performance curves obtained and
compared. For this, two separate studies have been carried
out, namely the performance of all the systems and the per-
formance of each device that constitutes the systems. The



effects of various air fuel and compressor compression rati-
os on the power, the efficiency, the cost of obtained products,
the artificial thermal efficiency, the fuel energy gain, the
electric heat ratios and fuel consumption have been drawn
and related curves are plotted.

Many advanced computer programs exist in the mar-
ket to be used in performing the analyze described in this
study and can be grouped into two groups, one approac-
hing solving sequential modules and equations systems.
In sequential module approach programs, the devices are
combined by selecting from the menu, the input values are
given and the program is executed and results are obtained.
These are ready-made visual programs, such as ASPEN
PLUS, PROCESS, CHEMCAD programs are such prog-
rams. The SPEED UP and the EESP programs are solving
the equations of the systems of by establishing a mathema-
tical model of each device so that the mathematical model
of the system is revealed as hundreds of equations (or set of
equations) and solved for the common variables. Here, as a
two-tuple synthesis, mathematical and economic models of
systems with separate sequential modules are developed in
the FORTRAN programming language, executed, and the
results obtained are discussed.

MATERIALS AND METHODS

In conventional systems, heat is generated at two sepa-
rate sites to produce power and heat. In the cogenerati-
on system, heat is generated by a single heat generation
system. Electric energy is generated by the energy carrier
fluid and the remaining energy is used for the production
of heat (steam or hot water). The obtained total energy
of the conventional system is around 50%, while the ef-
ficiency of the cogeneration plant is around 80-90%. In
addition, by installing a cogeneration plant, the operating
and initial investment costs of the system can be signi-
ficantly reduced [25]. In gas turbine cogeneration plants,
the main machine is the gas turbine.

As can be seen in Figure 1, after the high-pressure air
from the compressor is burned with methane gas in the
combustion chamber, and after that some of the energy of
the exhaust gases are converted to electrical energy in the
gas turbine. After that the resulting high-temperature exha-
ust gases are released by leaving a large portion of the rema-
ining energy in the heat exchanger to the water [1, 18]. The
obtained hot water is used for steam heating, drying, mee-
ting the process requirement, generating steam by using ste-
am turbine, absorbing cooling and similar processes. Diffe-
rent cycles are obtained by adding other devices to the main
machine such as recuperator, steam injector, heat exchanger,
absorption cooling, and steam turbine [1].
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In Figure 1 steam injection of a) air preheated, b) air-
fuel preheated, and c) sample cycles are shown. Cogenerati-
on plants consist of different devices, in which temperature,
pressure, chemical composition change. There is also a che-
mical reaction in the combustion chamber. The assumpti-
ons made in the analysis of the systems in this thesis are as
follows [1].

Figure 1. Steam injection of a. air preheated, b. air-fuel preheated, and
¢. sample cycles.
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Table 1. Mass, energy and enropy equations of each devices of the air preheated cycle [4, 5].

Devices Mass equations Energy equations Enropy equations
Compressor iy, =, mh, +W, =m,h, S, —M;S, + S =0

, =M, . . R . i} . . X g
Recuperator . . mZhZ + m5h5 = m3h3 + mehe mzsz + m535 - m353 - msse + Sgen,R =0

m; =mg

Combustion ) . . . . . . . . R i . . 2
chamber My + My, + My, =m,  mghy +mghg +mygh, —0.02m LHV =m,h, M,S; + MyeSyo + MyaS —M,S, + S, cc =0
Turbine m, =m m,h, =W, + W, + mghg m,s, —MgS; + Sy, 1 =0
Heat M, =, . R . . R R . . :
exchanger - mehe + mahs = m7h7 + m9h9 MgSg + MgSg — M, S; —MyS, + Sgen,HE =0

8~ 'l

h=f(T)
s=f (Ti' P.)

All cycle

air’ air

iy hy, + M, LHV gy, = Qs oo —

=0

meg.‘nulheg.uut _WT ~ Mgeam (hN‘in - hsteam,uut)

QLOSS,CC =0.02m; LHV,,,

The cogeneration system operates in a steady state regi-

me, the ideal gas mixture laws are valid for air and exhaust,
methane is chosen as fuel and it is accepted as ideal gas, the
combustion is complete, there is no NOx formation and the
heat loss in the combustion chamber is 2% of the upper heat
value of the fuel.

There is no heat loss in other devices and kinetic and

potential energy effects are not considered. In addition, the
environmental conditions are taken as follows; T, =298.15
Kand P, =1.013 bar, pressure loss for combustion chamber,
recuperator and heat exchanger 5% and capacity for comp-
ressor m, = 914 kg / s, heat exchanger m = 14 kg /s satura-
ted vapor pressure 20 bar, gas turbine net electric power 30
MW, combustion chamber fuel mass m, = 1.64 kg /s metha-
ne. The thermodynamic model and calculation procedure

Table 2. Exergy and exergy efficiency equations of each devices of the air preheated cycle [11, 14].

Devices Exergy equations Exergy efficiency
e g E,. —E
Compressor ED,C =E +W,-E, Nore = oc —Fic
X W,
Recuperator ED.R - Ez + E5 — E3 — Ee Hoir = E.O,air,R - EAI‘air,R
EO, eg,R EI,eg,R
Combustion . . . . . E
chamber Epcc =Es +Eyp+E3—E, Mexce = =
EI,CC + EFueI
. . . . . . W o +W
Turbine Eor =E, —Es —W, -W, I “retT T Ve
EI,T - EO,T
Heat . . . . . £ o
exchanger Eowe =E—E +E-E Nex.he = —SteamHE__Water HE I.Ewater'HE
El‘eg.HE - EO‘equE
E=E, +E,
Ep=m(h—h-T,(s-s,))
All cycle

E, = Mﬂ{Zxkék““ +RT, ZXkInxk}

_ WneI,T + (ESteam,HE - EVValEr,HE)
r]ex - E

Fuel
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are given in Table 1 and Table 2 for the air preheated cycle.
The combustion equation is taken as follows.

— 0.7748N, +0.20590, + 0.0003CO, +
ACH, + N
0.019H,0

(14 2)[ Xy, N, + X0,0; + Xc0,CO, + X, ,0H,0 |

The cost of the main product is calculated in four steps
in the economic analysis with the required income method.
These are cost accounting and forecasting of the total in-
vestment, determination of economic, financial, labor and
market input parameters for the detailed cost account, cal-
culation of the total income needed and calculation of the
product cost with these values. The CEPCI equipment in-
dex (CHEMICAL ENGINEERING PLANT COST INDEX)
was used to find the current values of past device prices.

Ceo = C, (2016CEPCI EQ.IN./1994CEPCI EQ.IN.) (1)

There are three methods used for cost estimation of the
purchased equipment: cost indices, cost estimating charts,
and calculation effect of size on equipment. The last one is
used in this study. For the overall system operating at steady
state the cost balance is given as

Creffyear = Cref (E / Eref )a

net

)

4 _ 5 Cl 5 OM
CP,tot - Cf,tot + Z + Z

tot tot

®)

In this equation, Z is non exergy related cost rate, C is
cost rate, fis fuel, Cl is capital investment, P is product, OM
is operating and maintenance and tot is total 1, 26, 27]. The
details of the calculation can be found in literatur [1, 8].

RESULTS AND DISCUSSION

Table 3 shows the net work, net heat energy, loss of energy,
compressor work, air and exhaust mole numbers, com-
bustion chamber outlet temperature, for the air prehe-
ated cogeneration cycles. Also energy efficiency and
energy balances are given.

Accordingly, as the amount of steam injected increa-
ses, the net work, the energy withdrawn from the boiler, the
net heat energy, energy efficiency and combustion chamber
outlet temperature are decreases for the sample, the air and
the fuel air preheated cogeneration cycles.
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In Figure 2, it can be seen that increasing the injected
steam flow increases the electrical power of the systems.
The increases the injected steam increase the flow rate en-
tering the turbine, and the work obtained from the turbine
are increased.

Figure 2. Variations of electric power of the cycles with steam injected
mass flow. (m, =1,64 kg/s, m  =91,3 kg/s, n =0,86, T,=298,15 K,

fuel air’
T, ,.=850K T  =48557K,T =426K).

rec,out egzhaust

isc™ Misr’

In steam injected cycles, increasing the compressor
compression ratio increases, the amount of the electricity.
In some of the cycles, the curves are cut off at certain mass
flow, since the heat energy required for the operation is not
provided.

Figure 3 shows the change in the electric heat energy
ratio of the systems with the injected steam flow at different
compressor compression ratios. As the injected steam flow
increases, the heat power decreases rapidly and the electric
power increases, so the electric heat energy rate increases
rapidly. It is understood that the compression ratio is very
effective in the ratio of electric heat energy to the air and the
fuel air preheated cogeneration cycles.

Figure 3. Variations of electric to heat ratio of the cycles with steam
injected mass flow. (m, =164 kg/s, m =91,3 kg/s, 1 =0,86,
T=298,15K, T, =850K, T =48557K,T =426 K).

recout steam egzhaust

isc= Mgt
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Table 3. Variations of steam injection mass flow with some parameters and the energy balance of the steam injected sample, air preheated and fuel air
preheated cycles.

HHV Sample cycle (m_=91.3 kg/s)
Steam(Kg/s) ~ Fuel En.(kW) W (kW) Q,, (kw) a,,(kw) fc . WCkw) CC outlet I.Law
055 **(kW) temp.(K) Efficiency
o 91011 25166 42339 24369 1820 29675 1303 0,7415
1 91011 26513 38325 27046 1820 29675 1287 0,71216
2 91011 27908 34256 29727 1820 29675 1271 0,68281
3 91011 29342 30148 32408 1820 29675 1256 0,65347
4 91011 30809 26008 35090 1820 29675 1242 0,62412
5 91011 32300 21844 37771 1820 29675 1228 0,59477
6 91011 33809 17662 40453 1820 29675 1214 0,56542
Inlet En.=Outlet En. - Air En.(2663 kW) Egzhaust Mol N. Air Mol N.
o 91011=91031 3,2891 3,1869
1 91011=91040 3,34463 3,1869
2 91011=91048 3,40014 3,1869
3 91011=91056 3,45565 3,1869
4 91011=91064 3,511216 3,1869
5 91011=91072 3,56667 3,1869
6 91011=91080 3,62218 3,1869
HHV Air preheated cycle (m  =91.3 kg/s)
Steam(Kg/s) ~ FuelEn.(kW) W, (kW) Q_(kw) Q,,.(kw) fgs SEEW) WC(kW) tCe C,;:th L_ chvlve ey
o 91011 29977 37526 24369 1820 29675 1519 0,74145
1 91011 30863 33967 27051 1820 29675 1498 0,7121
2 91011 31870 30286 29732 1820 29675 1479 0,6828
3 91011 32982 26501 32414 1820 29675 1460 0,6534
4 91011 34186 22624 35095 1820 29675 1442 0,6241
5 91011 35469 18667 37777 1820 29675 1424 0,5947
6 91011 36821 14643 40458 1820 29675 1407 0,5654
Inlet En.=Outlet En. - Air En.(2663 kW) Egzhaust Mol N. Air Mol N.
o 91011=91029 3,28912 3,186897
1 91011=91038 3,34463 3,186897
2 91011=91046 3,40014 3,186897
3 91011=91054% 3,45565 3,186897
4 91011=91062 3,51116 3,186897
5 91011=91070 3,56667 3,186897
6 91011=91078 3,62218 3,186897
HHV Fuel air preheated cycle (m =91.3 kg/s)
Steam(Kg/s) ~ Fuel En.(kW) W, (kW) Q, (kW) Q,,(kw) fgss“ qwy  Weow) tCe C,::Zf)t L_ ;zcvl'; oy
o 91011 30519 36984 24370 1820 29675 1542 0,7414
1 91011 31342 33487 27051 1820 29675 1521 0,7121
2 91011 32295 29861 29732 1820 29675 1501 0,68276
3 91011 33361 26122 32414 1820 29675 1481 0,65341
4 91011 34526 22283 35095 1820 29675 1463 0,62406
5 91011 35777 18359 37777 1820 29675 1445 0,59471
6 91011 37103 14359 40458 1820 29675 1428 0,56536
Inlet En.=Outlet En. - Air En.(2663 kW) Egzhaust Mol N. Air Mol N.
o 91011=91030 3,2891 3,1869
1 91011=91037 3,34463 3,1869
2 91011=91046 3,40014 3,1869
3 91011=91054 3,45565 3,1869
4 91011=91062 3,51116 3,1869
5 91011=91070 3,56667 3,1869
6 91011=91078 3,62218 3,1869

*91,9 of the inlet air is accepted as steam and the steam in the egzhaust is accepted as condensed (HHV) so that the condensation energy of the steam in the
air is taken into consideration.
**Combustion chambers heat loss is taken as % 2 of the HHV of the fuel.
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In Figure 4, variations of the exergy efficiency of the
cycles with injected steam rate are given. For the air and
the fuel air preheated cogeneration cycles, as the injected
steam flow increases, the exergy efficiency is decreases. In
the case of the sample cycle, higher efficiency is obtained
because higher temperature is reached at high compressi-
on ratios and efficiency decreases as the amount of injected
steam increases.

Figure 4. Variations of the exergy efficiency of the cycles with injected
steam rate. (mml=1,64 kg/s, m =91,3 kg/s, n,=NisT=0,86, T =298,15 K,
T =850K, T, =48557K,T , =426K).

rec,out egzhaust

As can be seen in Figure 5, as the injected steam flow
increases, the obtained work increases, but reduces the arti-
ficial thermal efficiency of the systems.

Figure 5. Variations of artificial thermal efficiency with injected steam
rate. (ATE=W/(Q, .-Q,./n,)) (m, =164 kg/s,n, =n,,=0,86,T  =850K,
T, =48557K, T =426 K, T =298,15 K).

steam egzhaust

recout

Figure 6 shows that as the injected steam flow increases
at different compression ratios, the fuel energy gain rate of
the systems decreases. That is why the heat energy obtained
is thrown into the combustion chamber in the form of va-
por. Decreasing the compression ratios also decreases the
fuel-to-energy ratio.

In Figure 7, the variations of the cost of electricity pro-
duced by the systems at different compression ratios with
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Figure 6. Variations fuel energy gain rate with injected steam rate of
the compression rates. (FESR:(Q/ncc*'W/TkrQ,n,,c.,g,)/(Q/ch*'W/'L]))
(mm1=1,64 kg/s, m =913 kg/s, N, c=N=0,86, T =298,15 K, T, =850 K,

T, =48557K, T =426 K).

steam egzhaust

rec,out

the injected steam flow are given. Here too, curves are ob-
tained for the operating conditions in which the cycles can
run, and curves are cut off if they cannot. The cost of elect-
ricity generated by the cycles increases as the amount of in-
jected steam increases. The amount of increase is similar in
character.

Figure 7. Variations of the cost of electricity with injected steam rate.

(m, =1,64 kg/s, m =91,3 kg/s, N, c=N,=0,86, T =298,15 K, Tmom:SSO K,
T, =48557K, T =426K).

steam egrhaust
CONCLUSION

Various cogeneration systems exist and in gas turbine
cogeneration plants steam injection is made in the com-
bustion chamber to increase the efficiency of the cycle
and reduce nitrogen oxide emissions. As the amount of
steam injected into the the sample, the air and the fuel
air preheated cogeneration cycles increases, the net work,
the energy withdrawn from the boiler and the number
of moles exhausted increases, and the net heat energy,
energy consumption and combustion chamber output
temperature are decreases. Only a fraction of the heat
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energy obtained from the exhaust gas emitted from the
injected steam turbine is produced in the waste heat re-
covery device and then exhausted to the surroundings at
426 K. This reduces the amount of heat generated while
increasing the amount of electricity generated.

At different compression ratios, it is found for all the
cycles that increasing the amount of injected steam increa-
ses the electricity obtained. Since the injection of the steam
obtained in the waste heat recovery device into the combus-
tion chamber increases the flow rate entering the turbine,
the work obtained from the turbine is increased. In some
of the cycles, the curves are cut off at certain debts, since
the heat energy required for the operation of the waste heat
recovery apparatus is not provided.

As the injected steam flow increases, the heat power
decreases rapidly and the electric power increases, so the
electric heat energy rate increases rapidly. It is understood
that the compression ratio is very effective in the ratio of
electric heat energy to air and fuel air preheated cogenera-
tion cycles.

In the air and the fuel air preheated cogeneration cycles,
as the injected steam flow increases, the exergy efficiency is
reduced. In the case of the sample cycle, higher efficiency
is obtained because higher temperature is reached at high
compression ratios and efficiency decreases as the amount
of injected steam increases. But the sample cycle is worse
than the other ones in all conditions.

As the amount of injected steam increases, the amo-
unt of fuel consumed for the work increases rapidly, which
reduces the artificial thermal efficiency of the systems. As
the injected steam flow increases at different compression
ratios, the fuel energy gain rate of the systems decreases.
The reason of that is the heat energy obtained is thrown
into the combustion chamber in the form of vapor. Redu-
ced compression ratios also reduce the fuel-to-energy ratio.
Curves are obtained for the operating conditions in which
the cycles can run, and curves are cut off if they cannot. The
cost of electricity generated by cycles increases as the amo-
unt of injected steam increases. The amount of increase is
similar in character.
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ABSTRACT

W ithin the broad range of sustainability and decarbonization efforts, energy and ex-

ergy-rational cities are becoming universally important. Within this context, both o oo ndence to: Birol Kilks,
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Etimesgut, Ankara, TURKEY
E-mail: bkilkis@baskent.edu.tr

ORC systems, which are touted as primarily useful for utilizing low-enthalpy geothermal
resources and heat pumps, which are considered as the primary tool for decarbonization
are critically analyzed in this study. In this context, two cases regarding an ORC, which is
used only for power generation without utilizing its waste heat and a heat pump operating
on grid power, were examined and was concluded that they are not exergetically sustain-
able, if they operate as individual systems. This study instead developed an analysis model,
which reveals with case studies and examples that a broad hybridization of combining
ORC technology, heat pumps, absorption units, thermal storage, and other renewable en-
ergy resources, like solar and wind provides sustainable and exergetically rational design
solutions. It is argued and verified that, within practical demand and supply constraints in
the built environment, such hybrid systems lead to 4th generation district energy systems
and beyond, like nearly-zero energy and exergy cities. In order to arrive such conclusions,
new evaluation and rating metrics based on Rational Exergy Management Model were
introduced. A novel nearly-zero energy and exergy design about a 20000-inhabitant town
having geothermal energy potential at a production well-head temperature of 80°C is pre-
sented for a simplified purpose of demonstrating the algorithm of the new model This
design incorporates ground-source heat pumps, waste heat utilization, cogeneration units,
in addition to ORC system. Such an enrichment of the multiple systems even in a simplis-
tic manner in an exergy economy cycle analytically reduces CO, emissions by about 66%,
when compared to a conventional district energy system utilizing natural gas. Yet analyses
have shown that results are sensitive upon design constraints and local conditions and
concludes that the only option of achieving a truly sustainable solution in terms of exergy
towards net-zero status is optimum bundling of the energy resources and systems on a case-

by-case design with the main aim of balancing the supply and demand exergy.

Keywords:
ORC technology; Geothermal energy; Hybrid district energy system; Rational Exergy
Management Model; CO, emissions responsibility; Heat pumps; Cogeneration; Thermal

energy storage

INTRODUCTION

B ased on the Rational Exergy Management Model,
the objective of this study is to develop an analy-
tical tool with new design, evaluation, and rating
metrics for designing and analyzing hybrid energy
systems and resources, including low-enthalpy ge-
othermal energy towards achieving nearly-zero sta-
tus of district energy systems, based on both energy
and exergy performance of new establishments with

district energy systems. The main aim is to achieve
maximum decarbonization efficiency in these estab-
lishments. Another aim is to resolve the conflict bet-
ween decarbonization and high CO, content of the
geothermal reservoirs in Turkey by reducing the unit
CO, emissions per unit exergy output of the hybrid
system, in addition of traditional methods of captu-
ring and use of CO,.
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In Turkey, most of the geothermal energy grabens are
CaCO, based. This means that geothermal wells emit CO,
that needs to be recaptured, which is considered as an ex-
pensive process in the sector. That is why most of the app-
lications in Turkey directly release CO, to the atmosphere,
nearly at a rate of 1 kg Co,/ kW-h. To be precise, this rate,
symbolized by « in Equation 1, is almost equal to coal-based
thermal plants [1]. CO, emissions per unit power generati-
on are 0.034 kg CO,/kW-h for Iceland, 0.33 kg CO,/kW-h
for Italy, and the world average is 0.122 kg CO,/kW-h ac-
cording to the recent studies of the World Bank in 2016 [2].
According to the same report this value, particularly for the
Gediz graben in the Western Anatolia varies between 0.9 kg
CO,/kW-h and 1.3 kg CO,/kW-h. Other publications also
confirm these results [3]. For natural-gas, combined-cycle
power plants this value is around 0.42 kg CO,/kW-h (Based
on an average First-Law Efficiency of 0.47 for the power ge-
neration in the plant and the CO, content of natural gas of
0.2 kg CO,/kW-h lower heating value). This value for coal-
base power plants is around 1.3 kg COz/k\X/—h [4, 5, 6]. In
Equation 1, u is the unit CO, emissions per kW of electrical
power generated, E.

Zco2 {
E

u=4=—_ —

2

Equation 1 reminds us that the unit emission values,

kg CO,/kW } 1)

namely u are based only for power generation and there-
fore is not responsive for low-enthalpy geothermal energy
resources, because their electric power generation capacity
are limited or none and instead, they need to be utilized in
the form of heat, or sometimes in the form of cold through
absorption and most likely, through adsorption cycles. Pro-
bably that is why the waste heat of ORC systems are indeed
wasted without employing it in useful applications in the
field or in the city, because they are not recognized in Equa-
tion 1 nor appreciated in bank loans.

Fig. 1 further illustrates that only-electric ORC systems
for example, may not be rational, especially from an exerge-
tic point of view [7]. Fig. 2 exemplifies this condition better
by comparing the ORC and District Energy bundle [7]. In
this figure, options are either using ORC alone or directly
using the geofluid in district heating. This example shows
that, in many cases of low-enthalpy geothermal sources like
below 100°C, it is better to utilize the geothermal energy as
heat or cold (through absorption or adsorption cycle) rat-
her than trying to generate power with such a low efficiency
around 10% in practical terms. See Fig. 3 for several working
fluids [8].

According to the example given in Fig. 2, exergy of ORC
power output is only 0.08kW/kW while the exergy of the
geofluid, which could be directly used for heating is 0.2 kW/

kW. The latter is definitely higher. A new criterion has been
defined, which is named the Added Value, AV It is a simple

product of the First-Law efficiency, or 77, and the unit

Morc
exergy, €, or €, of the power generation by ORC equipment
or thermal output of the district energy system at a well-

head temperature, T, respectively.

AVE =1lorc X €E * TTorRC ,or (2-3)
283

AV, = XEy = x|1l-—— 2-b

H =7IDE X €W =TIDE [ 273+TKJ (2-b)

Here 77, is the First-Law efficiency of ORC in electric
power generation (¢,~1 kW/kW) for a given well head tem-
perature of the geofluid, T, (See Fig. 3):

forc =aTk +b (2-0)

Here, 283 K is the selected reference temperature, T o
for the ideal Carnot Cycle. Equations 2-a, 2-b, and 2-c may
be simultaneously solved for a critical T, value, namely T’ .

Such a solution is the positive root of the quadratic equation:
273 273 z b
(1——'3]1 [L—E‘J +4><273[ a jx[u—J
_ IDE IDE IDE IDE

IDE
®)
In this Example, T, is around 100°C. Below this cri-
tical temperature ORC system is not feasible. Above the
critical temperature ORC is a better option. An even better
option is to utilize the waste heat from ORC in a low-exergy

district heating system at around for example 40°C.

Figure 1. Exergy Rationality of Utilizing Low-Enthalpy Geothermal
Energy for R123 Working Fluid [7]

Figure 2. ORC and District Energy Dilemma [7]



Figure 3. ORC Efficiencies for different working Fluids [8]

In this research, a new evaluation metric, which relates
the thermal exergy and power exergy outputs of a geother-
mal system, named E, , has been derived from the new exer-
getic approach. The argument of this approach is that the
thermal output exergy (Numerator of Equation 4 must be at
least 25% more than ORC output exergy):

283

[1_(273+TK)]X'7” ,
(aTk +b)x1 g

Exg =

@)

Low-enthalpy geothermal energy has about 30% share
among different heat sources that drive ORC systems for
electricity generation [9]. ORC market is rapidly increasing
but their expansion mainly depends upon economic incen-
tives, tariffs, and several subsidies [9].

Even today ORC market is relying on the economic
benefits of selling the electrical energy based on tariffs and
incentives [10]. There are few studies however, which look
into their actual benefits, risks, and potential disadvanta-
ges from sustainability view at large. One such recent study
has revealed that ORC units may not be ecologically sound
if used in a stand-alone format and just generate electric
power [11]. The same study has shown that ORC systems
need to be bundled with other renewable energy resources,
systems, and energy storage units in order to be environ-
mentally acceptable from the exergy point of view [11]. In
fact, there are few exergy analyses available in the literature
that mainly focus on the operation of the ORC units and
design without having a holistic approach, that is to say, its
connection between the energy source and the demand in
the built environment. In fact, without the Second-Law of
Thermodynamics, it is not possible to identify and quantify
the advantages and disadvantages of using stand-alone ORC
units against different bundling alternatives with renewable
energy systems.

Fig. 1 at the same time indicates that above a certain
well-head temperature, ORC may indeed be a feasible so-
lution, but a better solution is to utilize the so-called waste
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heat. This is nothing but cogeneration and provides the first
signals of hybrid energy systems, moving away from power-
only solutions in order to reduce u. Such an application will
definitely reduce the above mentioned unit CO, emission
values. The remaining problem is how to incorporate the
thermal output into the power-based equation above, be-
cause heat, cold, and power have quite different exergy. At
this point the Second Law comes to the rescue such that the
denominator of Equation 1 is modified in terms of exergy
rather than energy:

> co, > co, i
Uy = e~ hed
T Ee+ Y B D E+ Y Eg ©
The sum of thermal exergy E , includes geothermal
heat converted to cold by absorption or adsorption machi-
nes. The last term in Equation 5 is based on the widely ac-
cepted assumption that electric power has a unit exergy of
1 kW/KW (Actually 0.95 kW/KkW at a reference temperature
of 283K). Therefore, E,, (Electrical Exergy of a given elect-
rical energy) is replaced by E (Electrical Energy). Thanks
to the exergy concept, this equation eliminates the exergy
differences between heat and power, because itself is based
on exergy and lets large heat and or cold energy potential (if
utilized instead of wasted) to be recognized and incorpo-
rated in the same domain of exergy with electric power. By
this new metric, firstly introduced in this article, namely u ,
high CO, emissions from low-enthalpy geothermal energy
sources are automatically reduced below other conventional
power plants, while these power plants generally do not uti-
lize their waste heat. This new metric is an important incen-
tive towards utilizing the waste heat in useful forms of many
different types of applications-not only for geothermal
power plants but also for all types of power plants. This is
large scale cogeneration according to EU Directive 2004/8/
EC [12]. This directive defines the efficiency requirements
according to the First Law of Thermodynamics and calcu-
lates the primary fuel savings. Although heat and power are
discriminated in this equation, it does not recognize the
exergy differences in terms of the temperature of the heat
provided. In order to resolve this issue Kilkis, S. and Kilkis
B. have upgraded the fuel savings equation of the directive
in terms of the Rational Exergy Management Efficiency (See
Equation 9) [13].

Another important point is the fact that, geothermal
potential in terms of thermal quantity, Q that contributes
to the added value potential of the associated systems need
to be recognized and adjusted according to the quality of
geothermal energy potential in terms of exergy, which is de-
fined in terms of the average enthalpy represented by the
average reservoir well-head temperature. A new metric, /
was defined:
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Figure 4. 1 GW Country Club Ratings Based on Reservoir Potential,
Q[14]

Fig. 4 lists several countries with 1 GW installed capa-
city and above. This listing is according to the First Law ran-
king in terms of Q. In this list, Turkey ranks fifth in the
World. However, if for example the estimated average 'FK
value is 107°C (380K) and the geographic area of Turkey is
780,000 km?, then the J value for Turkey is 0.36 kW/km? If
Equation 6 is applied to all countries given in the Table, then
the ranking will definitely shift and the position of Turkey

will be quite different.
283
(1,100 MW x1000 kW/MW ) x| 1- ===
3 Ex _ 380
A 780000
=0.36 kW/km?

Fig. 5 exemplifies the fact that Turkey is one of the co-
untries in the list, which has a majority of geothermal reser-
voirs with low enthalpy. According to Fig. 5, the well-head
temperatures in the province of Ankara ranges between
37°C (310K) and 56°C (329K). This means that the exergy
of the geothermal reservoirs range between (1-283K/310K)
Q and (1-283K/329K)Q, namely 0.087Q and 0.14Q. This me-
ans that the geothermal reservoirs in the province of An-
kara the added value of useful work potential ranges only
between 8.7% and 14% of the thermal reservoir, Q. This is
an important step of evaluating of geothermal reservoirs
in acknowledging the true quality of geothermal reservoirs
instead of the quantity of the reservoirs.

Another metric is related to the investment cost, which
is broken to electric power, heat, and cold power services In
Equation 7, i is the unit investment cost in terms of Turkish
Lira, TL investment per unit design power, unit exergy, he-
ating degree hours (HDC), and cooling degree hours, CDH
(If included in the project). In Equation 7, i is the investment
index. I, 1,, and I . are the original investments in Turkish
Lira, which are attributable to electric power, heating, and
cooling services, respectively to be delivered to human po-
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pulations receiving power, heat, and cold services N, N,
and N, respectively in the district energy system.

Figure 5. Low Enthalpy Geothermal Energy in the Province of Ankara
(15]

i= e +
[Ng x Pz x1x (HDH +CDH) |

In
Ng x Py x 1-ToH |, HDH
Tk
Ic
Toc |, cpH
Tk
Here, P stands for the design capacities of power, heat,

and cold services. HDH and CDH are the heating and co-
oling degree-hour values, respectively. Lower the i value is,

+ )

Nc x Pe x[l—

better the economical investment is. The last term drops
if any cooling service is not provided in the district energy
system. Investment, I is rated also for the quality of the ser-
vices provided in terms of the ideal Carnot Cycle. T, and
T, are the design outdoor temperatures for winter and
summer seasons, respectively. The unit exergy of electricity
is taken 1 kKW/kW.

LITERATURE SURVEY

Current trend is to isolate any unit from the entirety of the
applied system and evaluate it alone. For example, ORC
units are sold based on the simple condition of economy
to the customer or the power company in terms of elect-
ricity prices and subsidies if available and applicable to
that particular system. The same also holds true for heat
pumps [16]. Investment pay backs and bank loans etc. are
always calculated in terms of the simple economy of the
customer or the power company. These approaches do
not reveal the real performance of the unit and real po-
tential contributions and added value to the energy eco-



nomy at large and the environment, when coupled to the
energy input side and the energy supply side (application).

Another current advancement is the development of
geothermal heat pumps in smart cities and communities
[17]. However, this project focuses on shallow geothermal
heat pumps driven by grid electricity. Therefore, this project
needs to be upgraded by novel, integrated solutions, like the
ones presented earlier by the Authors [18,19].

Reza Rowshanzadeh [20] has shown that ORC tech-
nology has a very wide field of applications and gave a case
design for one of the clients of the KTH University in Swe-
den and pointed out the need for an exergy analysis. Sun, W.,
Yue, X, and Wang. Y. have investigated the suitable app-
lication conditions of ORC-ARC (Absorption Refrigeration-
Cycle) and ORC-ERC (Ejector-Refrigeration Cycle) and re-
ported comparative results in terms of their exergy analyses
[21]. In their paper, Marini, A., Alexandru, D., Grosu, L. and
Gheorghian, A. [22] have analyzed an ORC system driven by
solar energy with vacuum-tube collectors, which provides
electrical power for a building. They simulated the perfor-
mance for different working fluids based on the objective
of minimizing the exergy destructions in the system. They
concluded that such an ORC system may be exergetically fe-
asible if a careful optimization is carried out. A recent study
by Kilkis, B. and Kilkis Siir [15] have complemented the idea
that the First Law of thermodynamics is not sufficient to
evaluate ORC systems for best performance and environ-
mental sustainability, especially when different renewable
energy systems and systems are bundled to form a hybrid
system. For example, the electric power input to GSHP is
utilized to supply heat with a given First-Law COP at given
operating conditions. But the input side and the supply side
have different exergy.

THEORY

Review of the Rational Exergy Management
Model

Referring to the Rational Exergy Management Method
(REMM), developed by Siir Kilkis [15, 21], it is possible
to quantify the exergetic advantages that may also be di-
rectly translated to avoidable CO, emission calculations
one may compare direct geothermal heating versus geot-
hermal ORC power generation also. Fig. 6 and 7 show the
so-called Exergy Flow Bars, respectively [23].

In Fig. 6, exergy destruction (g, ) takes place both in
upstream and downstream. Because exergy is also destro-
yed upstream, based on ideal Carnot Cycle, the following
equation is used to calculate the REMM Efficiency, y, [23,
24]:
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Figure 6. Geothermal District Heating
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Figure 7. Power Generation with ORC [23]
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Here, ¢, represents the demand exergy of the district
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heating system between 60°C and 40°C for Low-Exergy bu-
ildings connected to the system. Another feature of REMM
is the ability of identifying the exergetic effect of the final
application. The final application in this case is comfort
heating say for example at 20°C indoor air temperature in
buildings. Then the ¢, term is replaced by (1-283/293). In
this case y, reduces to 0.172.

Fig. 7 shows the Exergy Flow Bar for ORC case for po-
wer generation. The un-utilized ORC outlet heat is taken
to be at about 60°C (333 K). Because practically no exergy
destruction takes place upstream, the following equation is
used this time [23]:
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( 283)
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REMM shows that direct geothermal heating is more
exergy-rational than just power generation with ORC wit-
hout other Geotherm model applications, which are shown
in Fig. 8 and 10.

Optimization Model of Hybrid Thermo Electric
Systems- Exergetic Dilemma

The objective of this study was to develop a compound
optimization model with a single operational variable,
namely the heat supply temperature, 7,  to a heat de-
manding building, which is shown in Fig. 8. According
to this study, T,

given building heat load, Q,, for a required indoor air

must be collectively optimized for a

comfort temperature, 7, which is expressed by Equation
10 (See also Fig. 8). Here, the heating demand is satisfied
by a certain set of heating equipment installed into the
building. The equipment performance is characterized s
and #. The equipment heat output is dependent on 7, .
Because Q,, is a given input parameter in this model, it
is an inequality constraint of optimization. The objecti-
ve of this new optimization problem is to maximize the
total exergy output of the geothermal reservoir at a well
head temperature, T',. Total exergy output is the sum of
the electric power exergy, E,, delivered by the ORC unit
operating at a First-Law Efficiency of 1, (T) and the
thermal exergy supplied to the building, E, . This objec-
tive comprises the following

. ¥, is to be maximized (Equation 10).
. Compound CO, emissions is to minimized (Equ-
ation 12),

. COP and COP,, are to be maximized (Equations
11 and 13)

. Split of the geothermal energy between an ORC
unit (X) to produce electric power at a conversion efficiency,
# e and (1-X) to supply heat to the building via the GSHP.
These individual objectives may be combined to a
grand objective functions with weighing functions to be de-
termined by the designer.

Q= s(Tout _Ta)n (10)
=
COP=a-b(Ty,; -Tk)-5s'|1-—- (11)
Tout
_| o (Q _
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Figure 8. Second Law Model for Low Enthalpy Geothermal Source and
a Temperature-Peaking Ground-Source Heat Pump [25]

Heat Pump Performance

According to Fig. 8, all performance variables are related
to T, . For example, Q,, of a given indoor comfort equip-
ment is directly proportional to 7 , while the Rational
Exergy Management Exergy, y, is inversely proportional
to T, . Furthermore, CO, emissions responsibility of the
geothermal system, which runs on grid power to drive
the circulation pumps has a more complex dependen-
ce on Tout. For example, in order to decrease the diffe-
rence between the inlet and outlet temperatures of the
heat pump volumetric flow rate needs to be higher. This
increases the power need for the circulation pumps and
consequently CO, emissions responsibility increases. But
at the same time COP of the heat pump increases resul-
ting on less power demand for the compressor of the het
pump. On the other hand, if the temperature difference
becomes too small the exergy of the output het at a very
low T, decreases. This whole complexity and the conf-
licting relations show that 7  needs to be optimized.

In this study, the performance of the heat pump is exp-
ressed in terms of COP,.,:

T

(1 Tref }
COP,, =COP x fat —cop x>t/ 13)

gln gin

In Equation 13, ¢, is the unit exergy of electricity supp-
lied to the heat pump by the power plants through the grid
(IkW/kW). It seems that heat pumps play an important role
in such clustered, hybrid renewable energy systems and
equipment. Furthermore, Fig. 8 shows that an exergy base
is crucial.

For a fixed (given) temperature, T at the well head of
the geothermal reservoir, when T, , increases the tempera-
ture difference, AT between the heat pump inlet temperatu-



Figure 9. A Sample Variation of COP and COP,, with Tnm [25]

re (T,) and the outlet temperature (7, )

out’

increases. Consequ-
ently, the COP of the heat pump decreases. But at the same
time, the output unit exergy increases while T,  increases
(See Fig. 8 and Equations 11 and 13). These equations may
be used to determine the maximum COP,, for an optimum
T, . According to Fig. 9, although there is a slight maximum
for cop,,, its value is below 1. This means that COP of
commercial heat pumps available today need to be higher,
in terms of higher a values and smaller b values. Fig. 9 shows

asample variation of 7 [25].

Distance Constraint

Another constraint for district energy systems, DE is the
maximum allowable distance between the geothermal
source and the district location, namely L [26]. Height
of the buildings in a settlement for a given population de-
termines the L . In District Energy (DE) systems, the
hydronic piping, namely the circuit length has an exer-
getic and financial limit. Exergetic limit is the require-
ment that the exergy demand (electric) associated with
the pumping energy consumption must be only a small
portion of the thermal exergy delivered to the district.
Water distribution requires substantial pumping power
and piping network is energy/exergy intensive both in
embedded and operational forms. Depending upon the
amount of thermal power of different forms to be dist-
ributed, there are limits on the maximum piping length.
Equation 5-a was developed for heating.

m 1.3
Liax =8 + (&j x [%} {Q>1000 kW,

1000 AT<30°C}  (14)

W),

Q,, is the useful thermal power to be transmitted (W,
AT is the supply return temperature difference, L, is the
farthest point that a closed thermal circuit may feasibly re-
ach (km), a,is an empirical constant, which is generally ta-
ken 0.6 km. The power m depends on the temperature, thus
exergy of the heat supplied. T is 283.15 K. 333.15 K is the
traditional supply temperature.
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0.33
T,
m=06x| ~— K/
1— Tref
333.15

If cold water is circulated for a cooling demand then:

Q m AT 1.3
L., = i =
max a°+[1000) X[loj

{For heating} ~ (15)

Q>1000 kW,
AT<30°C} (16)
-1,23
1 Tref.
Ty
m=0.6x {For cooling}  (17)

1- Tref
282.65

CIRCULAR GEOTHERMAL SYSTEM
MODEL, GEOTHERM

In order to improve the sustainability awareness in geot-
hermal and ORC industry, a new concept was developed.
This concept comprises the idea of combining ground
heat and geothermal energy in a circular exergy flow. The
concept in heating mode is shown in Fig. 10.

Ground Heat, Geothermal Energy, and
Sustainable Systems

Following from the production well to the re-injection
well, each unit in the circular exergy flow was analyzed
in terms of their expected performance values. Then the
following overall performance results (Total output) were
obtained:

Total Output = (0.62 kW, @55°C+0.34 kW, @90°C
0.04 kW, @35°C (for preheating of DHW)
=1KkW, thermal
+0.348 kW, electric

If the saved natural gas from district heat, which is la-
ter consumed in the poly-generation unit is not considered,
then the gross COP of the circular geothermal loop is 1.348
kW/1 kW of geothermal power input. First-Law COP is gre-
ater than one, because ground heat is utilized in the GSHP
in addition to the geothermal energy. COP = 1.348.

In other words, starting from a unit geothermal power
at 80°C, the circular geotherm provides 0.348 kW of electric
power and 1 kW of thermal power at different supply tem-
peratures. This output favorably compares with 0.08 kW of
electric power supplied by the ORC unit without reject heat
recovery and 1 kW of thermal power at 80°C supply, if the
geothermal power is utilized in the district in the form of
heating only (Table 2). For electricity, €, in may be taken 1
kW/kW. T is the environment reference temperature, in
this case the average ground temperature (283K).
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COPR,, =

0.62x 1—@ +0.34x 1—@ +0.04x l—@ +0.348x% (1)
328 363 308

1x [1— @) +(0.62/0.8)x (1—ﬁj
353 2000

=0.59
If only a simple ORC unit would be used, then COP,,
would be 0.092.

This Circular Geotherm Model comprises the follo-
wing units:

Figure 10. Combined Heat and Power in Circular Geotherm System:
Heating Mode

. Geothermal Well(s),

. ORC,

. GSHP,

. District Energy Distribution and Collection
System,

. Poly-Generation System,

. Biogas System (Optional), and
. Re-injection well(s).

Geothermal heat drives the ORC system. The electric
power generated by the ORC drives the Ground-Source
Heat Pumps (GSHP). Heat generated by the GSHP is uti-
lized in the district. This heat is supplemented by the rec-
laimed reject heat from the ORC system. Buildings in the
district are low-exergy type, which permit low temperature
heating and high temperature cooling (Cooling Mode is not
shown above). For the modeling purposes, the natural gas
saved by replacing the heat provided by the ORC system and
the GSHP, which otherwise would be spent in conventio-
nal boilers for heating purposes, is assumed to be utilized
in a local poly-generation system, which generates both
heat and electric power. Heat generated is of higher exergy
at 90°C and is utilized in the district energy system while
the domestic hot water, preheated by the waste heat from

66

the poly-generation system is temperature peaked. Table 1
shows a summary of the performance and compares with
other systems.

These results further emphasize that, if a composite
index that combines the quantity and quality features of
the systems is used. This composite index being developed
herein is Composite Rationality Index, C,. This index gives

Table 1. Comparison of the Circular Geotherm with Natural Gas and
ORC only Case.

Output
System
Electricity =~ Heat at 9o°C  Heat at 55°C  Heat at 35°C
Circular
Geotherm 0.348 kW, 0.34 kW, 0.62 kW, 0.04 kW,
DH with NG 0.775 kW,,
ORC only 0.08 kW,

equal importance to the First and Second Laws of Ther-
modynamics, namely the First-Law Efficiency and REMM
Efficiency. The same expression may also be repeated for
applications involving COP.

Ce=mxyg or (18)

C, =COP xy, (19)

Practical values of C, in geothermal district energy
applications may vary between 0.15 and 0.60. One finds
the C, value from Equation (18) for geothermal district
heating and ORC power-only options to be 0.19 and 0.019,
respectively. Here, 7, for district heating is taken 0.65 (net
after parasitic losses) and for ORC is taken 0.08, respectively.
This further shows that power-only ORC system may not
be preferable in today’s practical conditions and available
equipment. This methodology, when applied to the Geot-
herm Model, further reveals its advantages. In Fig. 10, minor
exergy destruction in the Circular Geotherm model in hea-
ting are neglected. Then:

(1_ 283)
£ 293
=11~ =2/ (827
Ye=iT% 283
sup 1- —
353

and from Equation 19:

C, =COPxy, =1.348x0.827 =1.114

After comparing this result with geothermal district
heating only case with C, = 0.19, the CO, reduction poten-
tial ratio R from the carbon stock may also be compared ac-
cording to REMM:

R= (2 - CR)districtheating _ 2-0.19
(Z_CR )geolherm 2-1114

This calculation shows a double advantage of po-

=2.04

(20)

tential CO, reduction from the carbon stock in the built
environment.



The major parameter in this achievement is due to
the high C, value obtained in circular geotherm model.
The same comparison with power-only ORC case with C,
= 0.09 shows that Geotherm Model has about 2.15 times
higher potential.

A 353 K (80°C)
Esup
293K
Edes
v E 283 K |

Figure 11. GEOTHERM Case

In Fig. 11, each kW, of geothermal power and each
0.775 kW, of the replaced natural gas from original bo-
ilers of the district returns to the energy stock by 1 kW,
of thermal power and 0.348 kW of electric power. If the
geothermal heat is used just in an ORC system, only 0.08
kW, will be generated and according to the above equati-
on, witha COP,, of 0.092. The Circular Geotherm shown
above makes use of the ground heat through the GSHP
and a complete energy and exergy cycle is obtained, while
all types of waste heat are also utilized. Cycle starts at
geothermal production well head and ends at the rein-
jection well. Thermal storage systems suited to two sets
of exergy is used to match the loads and shave off the
peak loads. A biogas system is an option using municipal
wastes.

Biogas is mixed with natural gas saved from the
boilers. Electric power generated by the poly-generation
system is fed to the district. Optional solar and wind
energy systems in the district contribute to peak loads
with thermal storage. The entire collection of systems
operates in a cascaded form, like a large heat pump. This
system couples and mobilizes ground thermal energy
with geothermal energy. In small applications, the eva-
porator side of the heat pumps may be coupled to PV
systems (if this option is used in district buildings) to
absorb the heat collected by PVs, which further improve
the COP of the GSHP units. However, the flow rate needs
to be dynamically optimized according to instantaneous
solar insolation, heat demand, and other operating con-
ditions, in order to maximize the total exergy output (Po-
wer and heat) of the PVT system [27, 28]. If there are more
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than one system with multiple exergy connections, then
Equation 21 is used [23].

u \
ZZV/Ri—jExi—j I

i=l j=1

ZUZZV:Exi—j Inizj

i-1 j=1

YrR=

For thermal links between two nodes i-j, EXL_/, is the
simple product of Q, and (l-Tm]/Ti) by definition. For po-
wer links if electricity is used in electrical applications
(electric to electric), Yy, May be assumed to be approxi-
mately 1.

Other Features

. The same circular model may be applied to other
sources of continuous heat, like waste heat from

an industrial plant, provided that the supply tempera-
ture is equal to or higher than 80°C,

. It is suitable to 4™ generation district energy
systems (4DE),
. This model represents an integrated, compound

power and heat system at large,

. The model may be applied to a single building and
scaled up to large district energy systems.

. May be combined with hydrogen economy cycle,

. In terms of exergy, the district may be and in fact
should be equipped with exergy meters in order to establish
a fair distribution of costs to individual customers

. The Model is equally applicable to district cooling.
In this case, cold storage and absorption/adsorption units
are also used. See Fig. 12 for a simplified explanation.

EVALUATION AND RATING METRICS

New Metrics

Table 2 lists the new metrics, which were especially de-
veloped in this study for rating low-enthalpy geother-
mal applications. In this table there are thirteen metrics,
which rate different aspects of the geothermal system
from a holistic point of view.

out

T
E+Ey [1—“”]

£ _Extor _ Exe +Exn _
XD = = =

Np Np

o (22)

The number of equivalent dwellings in the district, 7,
is based on hypothetical 100m? flats.

In addition to the above metrics, the following pay-back
periods may also be calculated and used for additional eva-
luation:
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Figure 12. Combined Heat and Power in Circular Geotherm System:
Cooling Mode

Table 2. Metrics for Evaluating Hybrid Geothermal Systems with Low-
Enthalpy Sources.

Comments and

Metric Explanation (Equation Number) Criteria
AV Equations 2-a and 2-b, Added Value Index >0.3
[ Equation 4 >2
u, Equation 5 <o0.1kg CO /kW-h
J Equation 6 Higher is better
i Equation 7 Minimize
Equations 18 and 19 Composite
C . X >1
R Rationality Index
_ Equations 8 and 9, Rational Exergy -
. Maximize
YR Management Efficienc;
Equation 20,”CO_ Reduction Potential
R 2 >1.5
on 22, kjWjnumb
E, Equation 22, k /kW/number of Minimize
residences
Teer Equation 3 Minimize
nZED Nearly-zero Energy District Y.20.80
nZEXD Nearly-zero Energy District Y.zo0.70

. CO, payback according to embedded CO, of ma-
terial and construction,

. Exergy payback according to embedded exergy of
material and construction,

. Energy payback according to embedded energy of
material and construction,

. Investment payback according to the tariffs sub-
jected to the service subscribers in the district.

All pay-back periods are important, yet in low-enthalpy
geothermal systems CO, payback especially in Turkish
geothermal fields with high CaCO, content is critical and
must be prioritized in the rating process. Investment re-
turns are also a crucial, because most of the equipment like
ORC units get larger and costlier due to lower efficiencies.
However, these statements should not mean that exergy
and energy paybacks are less important. They influence
CO, payback and a sustainable economy and grow they are
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also very important. In essence all these payback definitions
must be considered together.

Earlier Metrics

For general geothermal systems, without any distinction
between low or high-enthalpy geothermal systems certa-
in rating parameters were defined. For referencing pur-
poses, they are listed in Table 3.

SAMPLE DESIGN STUDY

A new settlement of 20000 inhabitants in the suburbs
of Ankara has low-enthalpy geothermal sources at 80°C
well-head temperature. The reservoir has sufficient po-
tential to meet the loads. In order to explain the algo-

Table 3. Earlier Metrics Defined by the Authors [29, 30].

Metric Explanation (Equation Number) Definition
U/M, U is the thermal energy claimed
in unit time at maximum sustainable )
. : Geofluid
GE  geothermal fluid flow rate. M is the mass Effectiveness
of geofluid spent in unit time at maximum

sustainable geothermal fluid flow rate.

RDR f(heat extraction rate-natural recharge  Reservoir Decline
rate-re-injection rate). Rate
Amount of equipment oversizing in .
OF order to match supply and demand unit qu/pment
f Oversizing Factor
) exergies. )
Ratio of the district capacity (C ) in
terms of the number of equrvalent‘ Geothermal

GSE residences without temperature peaking System

or equipment oversizing to the district Effectiveness

capacity with both temperature peaking
and equipment oversizing.
cBUC Capital Cost/C, Common-base Unit

Capital Cost

rithm of the new model, biogas system, wind and solar
energy systems, and thermal storage are excluded in this
simplistic conceptual design example. Geothermal wells
supply heat to the ORC system. The ORC system deli-
vers electricity to the ground-source heat pumps, which
generate heat at 55°C to the buildings. In order to bring
the design to a common base of comparing the district
with a natural gas-based central DE system, the natural
gas saved from the district heating system by replacing
it with heat supplied by the heat pumps, CHP system is
included to the calculations. Power and heat at 90°C is
supplied by the CHP system. Power is directly delivered
to the district. Part of the heat is delivered to the absorp-
tion cooling machines (ABS) first in order to satisfy the
coincident cooling loads in the district. Reject heat at
35°C is mixed with the CHP output in order to deliver
the heat to the district at the same temperature with the
GSHP output. This is not the most feasible solution inde-
ed. The Rational Exergy Management Efficiency would
be better if additional useful work was obtained in a pro-
cess like agricultural or industrial drying in the vicinity
of the district for reducing the supply temperature for the



thermal grid in the district and utilizing the reject heat
separately in a low-temperature application like green-
house heating. Inputs for coincident design loads of the
district with estimated respective diversity applications,
are given in Table 4. Fig. 13 gives the sample design that
meets the design loads.

RESULTS AND DISCUSSION

Performance Predictions

wR is calculated from Equation 21 and the correspon-
ding variables are tabulated in Table 5. Results show that
this sample design has a wr value of 0.86. Comparing
this application with a conventional district heating
system with natural gas boilers, with wg value of 0.11,

Table 3. Earlier Metrics Defined by the Authors [29, 30].

Load Capacities
Electrical Load 21000 kW,
Heading Load 52000 kW,

Cooling load (Sensible) 8000 kW,

Figure 13. Conceptual System for the new settlement (X=1)

Table 5. Results for the Sample Design Study. COP=3.5, Q_ /n, ,=34500 kW.

which is calculated from the exergy flow bar shown in Fig.
14. The return water temperature in the district is 343K.

Then, referring to the last term in Equation 20, it is un-
derstood that the sample design has a potential of reducing
CO, emission responsibility by 65.8%:

[(2-0.11)/(2-0.86)-1]x100 =65.8%

Sensitivity Analysis

The effect of the COP value of the GSHP on the overall
performance was analyzed, while the efficiency of the
ORC unit and the capacity and characteristics of the

CHP and ABS units were kept fixed. Fig. 15 shows an

Figure 14. Exergy Flow Bar for District Heating with Central Natural
Gas Boilers

unexpected result that COP increase does not help in inc-
reasing the wr value. In this figure, COP =1 condition
corresponds to ‘no-GSHP" case, where the geothermal
heat is directly used. This result agrees with the argu-
ment shown in Fig. 2. This result actually shows the

Numerator of
Node T. T, Ve Q. /n. [ Equation 21 Notes
T.=283
i+ (K) (K) (kW) (kW) (kw) K
1-2 358 353 0.95 168600 35321.23 3343343
2-3 na na 0.90 9860 8913.44 T,=313K
3-4 na na 1.00 9860 9860.00
45 na 328 0.48 9860 1352.744 649.56
Demand at
5-6 328 323 0.90 34500 4733-232 4269.38 50°C
6-6 dummy o 0.00
7-8 na na 1.00 na 7000 7000.00
9-10 2200 363 0.26 51532 11356.91 2907.37
10-11 363 328 0.62 24907 3417.12 2125.45
12-13 na na 1.00 14000.00 14000.00
13-14 363 0.92 13333 2938.40 2703.33 T.is 15°C
14-14 dummy 0.00
99839.64 85861.96
b2 b3
2Eq. 21/
0.86 JE,.
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strength of the Model such that the optimum result is the
no GSHP case, which could not be concluded from the
First Law. One main reason for this result is the fact that
current ORC technology has very low efficiency. Instead,
low enthalpy geothermal resources may be supported by
solar and wind energy. In this token, PVT systems indeed
cover both CHP and heat pump technology. Therefore,
before envisioning rather conventional technologies like
ORC and classical heat pumps, one need to try solar and
wind technology. This approach will indeed stay in heat
pump technology without ORC units, unless their effici-
encies are substantially improved.

This conclusion however is not universal and shows
that every design, every load, and load distribution as a func-
tion of time during operation is important and the results
are sensitive to these parameters too. For example, if the de-

Figure 15. Sensitivity of WR on the COP Changes. Q, (/n, ,=34500 kW

sign value Q, /n,  is increased to 60000 kW (GSHP heat
load) instead of 34500 kW, then wgr value at a COP value of
3.5 becomes 0.88 instead of 0.86 and the trend shown in Fi-
gure may also reverse. These results show that both the de-
sign, selection, and sizing of the systems and equipment are
quite complex and a thorough analysis is essential on an
hourly basis of the building loads besides developing and
applying an exergy-based load allocation and control soft-
ware.

CONCLUSION

All the above-mentioned case studies and sample calcu-
lations show that ORC, heat pump, district heating and
similar energy conversion and distribution systems alone
and only based on economic decisions may not be effec-
tive in reaching the CO, reduction targets of Paris Ag-
reement. Avoidable CO, emissions, which are mainly a
function of the rational exergy efficiency, namely the v,
term must be minimized first of all by maximizing the
¥, term. Unfortunately, in all CO, mitigation strategies,
only the Firs-Law rules are applied. In addition, hybrid
system designs are quite handful, which has been shown
here that they are a requirement in order to meet the CO,
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emission reduction goals. In order to optimize required
hybrid system alternatives, new objectives need to be re-
cognized and new evaluation metrics need to be defined
based on exergy. COP term for example, needs to be mo-
then shows that first of
all heat pumps need to be re-designed for higher design
COP values.

dified in terms of exergy. COP,,

Using these new objectives and metrics, a careful cir-
cular hybridization may be made with rather engineering
ease, which is only limited by imagination. In this quest heat
pumps also play a major role in the advent of developing
smart (or Rational) cities provided that their COP are high
enough from exergy point of view. This requirement brings
a necessary condition of combining low enthalpy energy re-
sources like geothermal reservoirs and waste heat with low-
exergy/low-energy buildings and district energy systems so
that the temperature difference between the source and the
demand is minimal. This leads to holistic design and analy-
sis approaches like given in Fig. 10 [25].

In conclusion, it seems to be an absolute requirement
that in low enthalpy resource utilization, we need to investi-
gate the most rational way of utilizing low-exergy resources
coupled with low-exergy demands like nZED and nzEXD
(nearly-zero energy and exergy districts, respectively) for fu-
ture settlements and retrofit districts [31]. In the same token,
installation of nZEB and nZEXB (nearly-zero energy and
exergy buildings, respectively) in order to improve the COP
values of heat pumps. Last but not least, thermal energy sto-
rage systems (TES) are also very crucial for shaving off the
peak loads, thus reducing the investment costs attributable
to power, heat, and cold generation and improving the ratio-
nal energy management efficiency [32].

NOMENCLATURE

A Land area of a country, km?

AV Added Value,

a, Constant term in Equation 14, km
a,bs Performance factors of the heat pump
A Added value

CDH Cooling Degree Hour, Kh

C Power-to-heat ratio of CHP

CBUC Capital unit Cost, TL/( kW /number
of equivalent residences)

¢ Unit CO, content of the fuel, based on
lower heating value, kg CO,/kW-h

C, District capacity in terms of the
number of equivalent residences without temperature
peaking or equipment oversizing, number of residences,
kW /number of residences

cor Coefficient of Performance

cor Exergy-Based COP

EX



C, Composite Rationality Index

E Electric power, kW

E, Exergy, kW

E Total exergy delivered in the district

XD
for each dwelling, kW/dwelling

E orE,, Thermal exergy, kW
E orE,, Power exergy, kW
E, Thermal exergy and power exergy

output ratio of a geothermal system

GE Geofluid Effectiveness, kW-h/kg

GSE Geothermal System Effectiveness
HDH Heating Degree Hour, Kh

i Unit investment cost of the geother-
mal system, TL/(person-Kh)

I Investment cost, TL

J Thermal exergy of the geothermal

well output per km? of a country, kW/km2
N Population receiving district energy
service (in the form of heat, cold,

and power individually)

OF Equipment Oversizing Ratio

p Installed power capacity, kW

Q Thermal (in the form of heat or cold)
power, kW

R CO, Reduction Potential Ratio

RDR Reservoir Decline Rate, KW H-h/h

s Equipment performance constant
(Equation 10)

T Temperature, K

u Unit CO, emissions per kW of electri-

cal power generated, E

u, Exergy-based unit CO, emissions per
kW of electrical power generated, E

X Split ratio of the geothermal fluid heat

between ORC and the heat pump

Greek Symbols

€ Unit exergy, kW/kW

v, Rational Exergy Management Effici-
ency

7, First-Law Efficiency

AT Temperature difference, K

Subscripts and Superscripts

a Indoor air design temperature related
variable

boiler BOiler

C Cooling, summer related

D District

DE District energy system

dem Demand

des Destroyed

E Electric

f Fuel

H Heat, heating, winter related

in Inlet to the heat pump

1 First Law

K Geothermal well head

KCR Critical well-head temperature for
equal power and heat exergy

L Maximum allowable distance bet-

max

ween the geothermal source and the district location,

km

n Power of the equipment thermal per-
formance equation (Equation 10)

m Power of Equation 14

in Inlet to the heat pump

orc ORC system

out Outlet from the heat pump

0 Outdoor design condition

ref Reference

sup Supply

T Transmission

70T Total

u, v Summation limits in Equation 21.
Acronyms

ABS Absorption system

CHP Combined Heat and Power

DHC District heating and cooling

DE District energy system

4DE Fourth-generation district energy
system

GSHP Ground-source heat pump

nZED Nearly zero-energy district

nZEB Nearly zero-energy building

nZEXD Nearly zero-exergy district

nZEXB Nearly zero-exergy building

ORC Organic Rankine Cycle system
REMM Rational Exergy Management Model
TES Thermal energy storage

WSHP Water-source heat pump

4
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