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1. Background and Objectives 

Wet clutches are being used more than ever in highway, agricul-

tural, and construction vehicles as well as mining machinery, ma-

rine power and maneuvering systems, textile and packaging ma-

chines, presses, machine tools, and other production machines to 

transfer power and torque. The general advantages of wet clutches 

include a low moment of inertia, small application volumes, high 

power/weight ratio, large torque capacity, high torque in modular 

design, high-temperature capacity, high strength and reliability, 

and excellent controllability [1]. 

Due to its high torque carrying capacity and ease of use, wet 

clutches are preferred in tractor tail shafts in recent years to power 

auxiliary equipment. When wet clutches are compared to dry 

clutches, their dimensions, torque carrying capacities, heat re-

moval, and temperature control make their functional lifetime 

much longer [2]. Their functioning is influenced by variables such 

as the load, transmission fluid temperature, engine torque, and 

power. The fluid pressure must be controlled during engagement 

and disengagement, and the hydraulic system must operate pre-

cisely and swiftly. To use an electro-hydraulic proportional valve 

and to maintain the pressure constant behind the valve, the pressure 

relief valves must work in harmony. The proportional valve must 

be controlled by a controller that exhibits a stable behavior. If the 

specified variables are ignored, the friction elements in the clutch, 

such as the friction discs, wear out quickly due to sliding friction, 

reduce the life span and lead to failure in brief periods (Fig. 1). 

In this paper, the design of a new wet clutch for the actuation of 

the power take-off (PTO) unit in the transmission of an agricultural 

machine is shared. The objective is to design an electro-hydraulic 

system for optimum engagement of the PTO output using a wet 

clutch and to develop a practical and effective method for the de-

sign and analysis of future models. A one-dimensional mathemat-

ical model of the wet clutch and electro-hydraulic control system 

was developed. After modeling the designed concept and a series 

of simulations, the results were verified by a limited number of 

tests. Variations of pressure and shaft speed were investigated in 

terms of the retarding torque. Various actuation cases of the elec-

tro-hydraulic circuit were simulated, and the results are evaluated. 

2. Design of Wet Clutches 

Wet clutch systems are mostly laminated and multi-plate. The total 

area of the friction surface is increased by increasing the number of  
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Fig. 1. A damaged friction disc due to long-term sliding and friction 
 
friction surfaces (pressure plates and clutch discs), thus 

improving the torque capacity to be transferred. Wet clutches 

have a high level of comfort during engaging and disengaging. 

They have a long life compared to the dry clutches due to the 

high number of friction surfaces and active lubrication. The 

transmission fluid reduces the friction coefficient between the 

clutch disc and pressure plates significantly. The transmission 

fluid removes the heat released by friction, and the latter must 

be cooled afterward. The significant advantage of temperature 

control is that variation of the friction coefficient is much less 

compared to the dry clutch. Since they work in oil, spiral, 

oblique, or cross grooves should be opened to prevent the plates 

from sticking together [3]. 

Fig. 2 shows the schematic of a typical multi-plate wet clutch. 

The hydraulic fluid is fed to the piston unit to create pressure in 

the chamber. Thus, the piston applies pressure to the steel plate, 

and all the plates are compressed with the normal force produced 

the cylinder, and the required moment is transferred from the 

input shaft to the output shaft. Return spring pushes the piston 

to the initial position with the fluid evacuation. 

The coefficient of friction in a wet clutch is a function of the 

sliding speed as well as friction disc materials, surface pressure 

and temperature with positive and negative gradients. The curve 

given by Fischer et al. indicates the reduction of friction 

coefficient with increasing temperature [4]. Fortunately, the 

friction coefficient stabilizes at higher temperatures and high 

shear rates. 

When the two common friction disc materials, sintered 

bronze, and paper-based disc, are compared as alternatives, the 

coefficient of friction of the paper-based one increases 

depending on the shear rate, and its performance is stable 

without any decrease concerning speed [4]. The elasticity 

modulus of the friction disc material has a significant influence 

on the pressure distribution on it. At the same time, the shear 

stress on the disc affects mechanical durability, and sintered 

bronze based discs have a longer life in that respect. The friction 

coefficient also depends on the differential speed, and it may 

fluctuate between 0.05 and 0.4 [5]. 
 

 
Fig. 2. Schematic overview of a typical multi-plate wet clutch 

 
A pressure reducing proportional valve (PRPV) is used to 

control the multi-plate wet clutch presented in this article, and 

these valves are controlled by pulse width modulation (PWM). 

The relationships between the actuator and the clutch system 

and between the inlet and the outlets have been analyzed by a 

detailed model based on the valve controlling the wet clutch and 

the flow dynamics in the wet clutch pack. 

In such systems, the predicted dynamic behavior varies 

considerably, mainly due to the detail level of the proportional 

valve model and the temperature-dependent oil viscosity [6, 7]. 

The oil temperature, which is equal to the ambient temperature 

at the initial start of the tractor, may reach 110oC depending on 

the operating conditions, internal combustion engine (ICE) 

speed, and the type of tractor attachment. Therefore, consistent 

oil temperature will bring comfort to the user. The pressure drop 

due to increased temperature is experimentally shown to reduce 

the performance [8]. 

The inspiration for using the pressure reducing control valves 

in wet clutches comes from the fuel injection systems. Using the 

power oriented graph technique, a method similar to the Bond 

graph, the system, and valves were modeled in detail [7]. As a 

result, fast and slow dynamic actuator and valve movements 

were correlated with test results, and it was observed that a small 

mechanical change on the valve had an apparent effect on the 

system performance. In some research, the control strategies 

were based on the non-linear dynamic behavior of multi-plate 

wet clutch groups during commissioning. 

A two level controller is developed to reduce the control 

complexity. Two Level Non-Linear Model Predictive Controller 

(2L-NMPC) and Two Level Iterative Learning Controller (2L-

ILC) methods are implemented for the clutch control. Both 

methods have pros and cons. In terms of convergence time, 2L-

ILC is worse than 2L-NMPC. On the other hand, in terms of 

tracking performance 2L-ILC is proven better [9]. The use of 

iterative learning controllers and non-linear system controllers 

(N-mPC) in wet multi-plate systems was demonstrated 

successfully. 
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The engagement times of the wet multi-plate clutches in 

tractors as well as front and backhoe loaders are optimized by 

adjusting modulation ramps for the forward and reverse travel. 

Mathematical modeling of both the mechanical parts and the 

electro-hydraulic control system is performed to make this 

improvement [10].  

The effects of design parameters on wet-slide forward-

backward shuttle systems on a tractor reveal that gear quality is 

a first-order function of the pressure modulation [11]. The peak 

torque and the normal clutch force increase with increasing 

tractor speed. It is predicted that the 20% faster reverse gear 

gives a better gear shift performance than the forward clutch 

group. The weight of the tractor does not affect the power that 

the unit area of the clutch can transmit, and the damping element 

does not decrease the input torque peak values, but it prevents 

fluctuation of it.  

Various methods are proposed for the control of wet clutches. 

These methods are divided into two groups; model-based and 

model-free. The example of model-based control is Nonlinear 

Model Predictive Control (NMPC), Iterative Learning Control 

(ILC) and Iterative Optimization (IO) and the example of 

model-free control is Genetic-based Machine Learning (GA) 

and Reinforcement Learning (RL). To be compared each other 

in terms of engagement time and jerk; model-based methods 

behave similarly. Among the model-free methods; RL is slightly 

better than GA. Converging time of the Model-based methods is 

shorter than the Model-Free methods. On the other hand, Model-

Free method is appropriate for the more complex mechatronic 

system to optimize parameters [12]. 

Dissipated kinetic and potential energy will be transferred 

into to heat when the clutch activated. Surface of brakes/clutches 

might be damaged if cooling performance is not well enough to 

compensate the dissipated energy. The bidirectional thermal-

structure coupling method can be applied for finding better 

solution of this problem [13]. 

Detailed mathematical model set up for direct acting solenoid 

valve and wet clutch piston to analyze effects of whole system.  

There is contradiction between high flow rate and pressure 

accuracy. Force balancing is proven as the key factor to manage 

this problem [14]. 

All parameters such as load, oil temperature, and amount of 

wear can change over time. That’s why nonlinear behavior is the 

challenging nature of wet clutch control [15]. 

3. Mathematical Model 

Due to the multi-physical nature of the technical problem, the 

model proposed has been developed in the SimCenter Amesim 

software, where complex systems can be modeled in a 

simplified one-dimensional structure [17]. To solve this problem, 

which includes mechanical, hydraulic, and control aspects, all 

sub-parts have been modeled in detail, and dynamic transient 

analyses have been performed. This model simulates the effects 

of the hydraulic fluid pressure and flow rate as a function of time 

(by the controller signal) to the wet clutch behavior. 

3.1 Mechanical System 

The mechanical system is located inside the transmission 

housing (Fig. 2), and it takes the input power from the ICE and 

transfers it to the tail shaft. Mechanical and hydraulic elements 

include the transmission shaft, clutch body, separator disc, 

clutch piston, main disc, transmission fluid, and the flywheel 

(Fig. 3). On the front and back sides of the main disc, the friction 

disc is coated by a friction material. 

The wet clutch is a hydro-mechanical system operating under 

pressure. The rotating piston, piston seals, piston mass, spring 

pushing the piston, and the whole clutch pack are modeled as 

individual units. The mainline pressure is connected to the Port-

P of the proportional valve (Fig. 4). When activation of the wet 

clutch is required, the PWM (pulse width modulation) signal is 

sent to the solenoid valve and utilizing the pilot control volume 

of the valve, and it is possible to pass pressure to Port-2, the user 

output. After the pressure is applied to the clutch cylinder, the 

piston moves and compresses the friction discs onto the thrust 

plates, and the engagement is completed. Since the cylinder is 

on the engine side, it continuously rotates at the same speed as 

the engine. The pressurized oil coming from the PPRV valve 

fills the initially vacant (dead) volume, and the pressure 

increases with time. In the piston model, Track-3 is the path 

through which the hydraulic fluid passes and forms the clutch 

pressure (Fig. 5). From Track-1, the speed determines the 

moment, and from Track-4, the opposite torque is applied. A 

drain hole on the clutch open to ambient is used for lubrication 

and is modeled as a hydraulic damper. Piston seal, piston mass, 

and return spring are included in the model. The effective area 

of the piston determines the net force on the clutch plates; 

therefore, piston inner and the outer regions are factored with 

pressure. The centrifugal force of the pressurized fluid in the 

rotating volume induces an extra force on the piston. Although 

this value corresponds to approximately 1% of the total force, 

adding it to the model improves the accuracy of the model.  

𝑉𝑜𝑖𝑙(𝑡) =  𝑉𝑜𝑖𝑙(0) + ∫ (𝑞1 + 𝑞3)
𝑡

0
𝑑𝑡   (1) 

Where 𝐴𝑃  and 𝑉𝑝𝑣0  refer to the active piston area and the 

cylinder dead volume, respectively. When calculating the piston 

volume, the piston speed 𝑣4 is found by integrating and adding 

to the initial volume. 

𝑉𝑝𝑣(𝑡) =  𝑉𝑝𝑣0 +  ∫ 𝑣4. 𝐴𝑃
𝑡

0
𝑑𝑡   (2) 

Assuming that the volume is constant and the oil 

incompressible, the oil volume is equal to the cylinder volume. 

Therefore, the initial cylinder dead volume 𝑉𝑝𝑣0 is smaller than   
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Fig. 3. 1-D Model of the wet clutch system constructed in Amesim 

 

Fig. 4. Simplified schematic model of the proportional valve 

 

Fig. 5. Detailed piston model 
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the oil volume 𝑉𝑜𝑖𝑙(𝑡), and the total piston volume 𝑉𝑝𝑣(𝑡) must 

be greater than or equal to the oil volume. 

 

𝑉𝑝𝑣0  ≤ 𝑉𝑜𝑖𝑙(𝑡) ≤ 𝑉𝑝𝑣(𝑡)   (3) 

The volume ratio 𝑉𝑓𝑟(𝑡)  is calculated by dividing the 

hydraulic fluid volume by the piston volume. 𝑉𝑓𝑟(𝑡) = 1 

indicates that the piston volume is filled with fluid. 

 

Calculation of the Piston Internal Pressure 

To examine the pressure balance on the inlet and outlet sides 

of the fluid entering the piston, the radial distance between the 

inlet and outlet ports is critical (Fig. 6). The pressure in the 

piston volume (𝑃𝑐ℎ) is initially equal to the atmospheric pressure  

𝑃𝑎𝑚𝑏  since the oil pan is a breathing one, and it will remain so 

until the volume ratio is 𝑉𝑓𝑟=1. 

𝑃𝑐ℎ = 𝑃𝑎𝑚𝑏    (4) 

When 𝑉𝑓𝑟=1, the piston volume is calculated as; 

𝑑

𝑑𝑡
(𝑃𝑐ℎ) =

𝐵(𝑃𝑐ℎ).(𝑞1+𝑞3)

𝑣𝑜𝑙
   (5) 

The centrifugal pressure in the piston is calculated as; 

𝑃𝑐𝑒𝑛𝑡𝑟𝑖(𝑟) =
ρ

2
 . (𝑟2 − 𝑟𝑙𝑒𝑣𝑒𝑙

2 ). ω2   (6) 

where ω  is the angular velocity of the piston, ρ  is the 

volumetric density of the transmission fluid, and rlevel is the 

distance (radius) of the oil level from the center. 

 

Fig. 6. Mechanical Model of Wet Clutch driven by ICE and retarded by the brakes 

 

Calculation of the Piston Force 

The force generated by the pressure on the effective area of 

the piston will be transmitted to the clutch pack to compress the 

clutch plates. The piston force can be calculated in different 

ways depending on the amount of fluid in the chamber and the 

piston position. When 𝑟𝑙𝑒𝑣𝑒𝑙 > 𝑟𝑝, the piston force is 

𝐹𝑝 = 𝐴𝑃. 𝑃𝑐ℎ    (7) 

where 𝐹𝑝 is the piston force, 𝐴𝑃 is the piston area. 

If 𝑟𝑙𝑒𝑣𝑒𝑙  < 𝑟𝑟; 

𝐹𝑝 = 𝐴𝑃. 𝑃𝑐ℎ +  
𝜋.𝜌

4
. 𝜔2. (𝑟𝑝

4 − 𝑟𝑟
4 − 2. 𝑟𝑙𝑒𝑣𝑒𝑙

2 . (𝑟𝑝
2 − 𝑟𝑟

2))  (8) 

Otherwise; 

𝐹𝑝 = 𝐴𝑃. 𝑃𝑐ℎ +  
𝜋.𝜌

4
. 𝜔2. (𝑟𝑝

2 − 𝑟𝑙𝑒𝑣𝑒𝑙
2 )

2
   (9) 

 

Modeling of the Piston Mass based on Damping 

Characteristics 

This piston mass acts on the clutch pack depending on the 

stiffness and damping coefficients. The damping coefficient of 

the wet clutch package, Rpack, is primarily present to find the 

force generated in the piston mass. The damping ratio z is 

expressed by the stiffness coefficient Cpack of the clutch package. 

 

𝑅𝑝𝑎𝑐𝑘 = 2. 𝑍. √𝐶𝑝𝑎𝑐𝑘 . 𝑚𝑎𝑠𝑠     (10) 

In the design, the piston pressure acts on the left side of the 

mass, while the spring force and the clutch pack force and the 

damping response force of the clutch pack are transmitted to the 

right side. Then the following equation is used to calculate the 

net force on the mass. 

𝐹𝑛𝑒𝑡 =  𝐹𝑙𝑒𝑓𝑡 − 𝐹𝑟𝑖𝑔ℎ𝑡 − 𝐹𝑝𝑎𝑐𝑘 − 𝑣1. 𝑅𝑝𝑎𝑐𝑘    (11) 

where 𝑣1 is the piston speed. 

Modeling of the Spring 

The function of the spring in the clutch pack is to ensure that 

the piston returns to its original position when pressure is equal 

to zero. The stiffness of this spring must be optimized for the 

case of high back pressure on the return line as well. A spiral 

spring is used, and the coefficient k is calculated as follows: 

𝑘 =
𝐺.𝑑4

8𝐷3𝑛𝑎
   (12) 

where na is the number of coils, G is the shear modulus of the 

steel, D is the coil diameter, and d is the wire diameter of the 

spring. The spring force can be calculated as; 

𝐹𝑦𝑎𝑦 = 𝑘. 𝑥𝑐𝑜𝑚𝑝   (13) 
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Clutch Model 

The clutch is physically made up of thrust plates and friction 

discs. According to the Coulomb friction model, the torque 

value of the clutch is modeled depending on the temperature 

variation. In this model, the input signal is transmitted as the 

piston output force. The piston force is transmitted as a normal 

force on the wet clutch pack. The limiting torque value that can 

be carried by the clutch pack, 𝑇𝑚𝑎𝑥 , can be calculated as: 

 

𝑇𝑚𝑎𝑥 = µ. 𝐹𝑡𝑜𝑡𝑎𝑙 . 𝑅𝑒𝑓𝑓 . 𝑛𝑝   (14) 

where µ is the friction coefficient, 𝐹𝑡𝑜𝑡𝑎𝑙 is the total normal 

force, 𝑅𝑒𝑓𝑓 is the effective clutch disc radius, and 𝑛𝑝 is the 

total number of friction surfaces. 

The following relation is proposed by many references to predict 

the effective clutch disc radius: 

𝑅𝑒𝑓𝑓 =
2

3

(𝑅𝑖𝑛
3 −𝑅𝑜𝑢𝑡

3 )

(𝑅𝑖𝑛
2 −𝑅𝑜𝑢𝑡

2 )
   (15) 

Here, 𝑅𝑖𝑛  and 𝑅𝑜𝑢𝑡  are the inside and outside radii of the 

friction discs, respectively. 

The friction coefficient µ may be taken as constant, or it may 

be defined more accurately as a function of temperature and 

slipping (relative) velocity. In the proposed model, the 

coefficient of friction µ  is modeled as a function of the 

temperature difference. The temperature difference 𝑑𝑇  is 

calculated by transferring the mechanical power while the power 

loss rate ( 𝑃𝐿,𝑝𝑒𝑟 ) briefly indicates the loss as a percentage. 

Multiplication of angular velocities of the clutches and the 

product of the transmitted torque (𝑇1(𝜔1 + 𝜔3)) gives the total 

power loss. 

𝑑𝑇 =
𝑃𝐿,𝑝𝑒𝑟.(𝑇1(𝜔1+𝜔3)+ℎ.(20−𝑡𝑒𝑚𝑝)

𝑚.𝐶𝑝
   (16) 

where h is the heat transfer coefficient, 𝑚 is the mass, and 𝐶𝑝 

is the heat capacitance. 

Depending on the temperature variation, the dynamic 

coefficient of friction µ (T) is supplied to the model from 

tabulated empirical data (Table 1). 

 

Table 1. Variation of the friction coefficient as a function of 

temperature 

Temperature, 𝑇 ◦C Friction Coefficient, µ 

0 0.2 

50 0.35 

100 0.45 

150 0.38 

200 0.35 

250 0.34 

300 0.38 

370 0.15 

 

The mechanical power generated by the ICE is connected to 

the pressure disc side of the wet clutch pack by the input shaft 

(Fig. 6). The friction plates are connected to the output shaft. A 

brake unit is added on the output shaft side, to generate braking 

torque and also to simulate the operation of the ICE under 

different loads. 

 

3.2 Hydraulic System 

The transmission fluid in the tractor gearbox is circulated 

within the hydraulic control system as well. Since the breather 

is located on the transmission housing, the pressure in the oil 

sump is assigned to the global variable Pamb; and, it is initially 

taken as 10-4 mBars. 

The pump used in the proposed design is a fixed displacement 

external gear pump. The rotor displacement must be multiplied 

by the speed of the pump gear to achieve the nominal flow rate 

of a gear pump. 

 

𝑞𝑛𝑜𝑚 =  
∆ 𝑥 𝑆𝑝𝑒𝑒𝑑

1000
  (lpm)   (17) 

The performance test results of the gear pump used in the system 

are shown in Table 2. 

A check-valve is added to the model to ensure the safety of 

the pump by preventing damage by counter pressure. While the 

check-valve is modeled, force balance and flow fluid flow 

balance are taken into consideration. When calculating the force 

balance and how far the slide of the check-valve travels, the 

hydraulic damper area opens with the distance it moves, and the 

flow equation is calculated. 

 

Table 2. Test data of the gear pump 

Parameter Unit Value 

Displacement cc 8 

Rotational speed rpm 1500 

Fluid flow rate (Unloaded ) @ 30 bar lpm 11,84 

Fluid flow rate (Loaded ) @176 bar lpm 11,53 

Volumetric efficiency, ηv % 97,38 

Mechanical efficiency ηm % 90,97 

Total efficiency, ηt % 88,59 

 

The opening pressure of the forced spring in the check-valve in 

the closing direction shows a hysteretic behavior. 

 

The plunger position of the valve 𝑥𝑣 is calculated using the 

following equation: 

𝑥𝑣 =
𝑝𝑖𝑛−𝑝𝑜𝑢𝑡− 𝑝𝑐𝑟𝑎𝑐𝑘

𝑘𝑉𝑦𝑎𝑦
   (18) 

where 𝑝𝑖𝑛  is check-valve inlet pressure, 𝑝𝑜𝑢𝑡 is check-valve 

outlet pressure,  𝑝𝑐𝑟𝑎𝑐𝑘  is check-valve opening pressure, 

and 𝑘𝑉𝑦𝑎𝑦 is the stiffness coefficient of the spring used in the 
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check-valve. Then the flow rate through the valve is calculated 

as follows: 

𝑞𝑜𝑢𝑡 = 𝑥𝑣 . 𝑎𝑚𝑎𝑥   (19) 

where 𝑎𝑚𝑎𝑥  is the area corresponding to the given flow 

pressure drop in the model. 

The task of the valve is to maintain constant pressure on the 

line. Port-P of the valve is pressurized by the pre-tensioned 

spring. Different approaches can be adopted to model the 

opening dynamics of the valve at Port-D, the user port. Static, 

1st order and 2nd order dynamic forms are possible. In the first-

order system between the pressure and flow, the time constant 

needs to be defined. In the 2nd order model, the natural 

frequency and damping ratio of the valve are needed. Especially 

in valves with low frequency and high flow rate, a second-order 

analysis is more representative. However, depending on the 

rotational speed of the pump, the valve may resonate. 

Consequently, because the flow rate is relatively low in this 

case, a 1st order model is preferred, finding the time constant 

being more convenient. 

Pressure reducing proportional valves (PPRV) have various 

applications, including cases in which load-dependent control is 

required, and the modulation ramp must be precisely adjusted. 

The hydraulic-pilot actuated valve controls the internal pressure 

dynamically by feeding the pressure on the user side back into 

the valve. Due to its dynamic response in wet clutch 

applications, it is possible to ramp the hydraulic pressure gently 

after the control volume is filled quickly by feeding a high peak 

current. 

The working principle of the proportional valve can be 

explained as follows: In the absence of current on the valve 

solenoid, Port-P is closed, and the passage of the fluid to Port-C 

is blocked. The fluid in Port C can freely return to the T-line 

(tank line). When the electrical current is on and increased, the 

valve slider P opens Port-C gradually, the pressure increases 

proportionally as the slider opens. When the slider starts to 

move, port-T closes, and the pressure is only transmitted to port-

C. When the valve slider remains constant at the desired 

pressure, the pilot pressure on the user's side generates a force 

opposite to the solenoid valve (electromagnetic) force as a 

support to the spring side, and the valve is maintained in balance. 

The repeatability of the solenoid valve controlled by PWM is 

excellent. On the other hand, the hysteresis can be observed. The 

solenoid valve needs to be controlled with a current of 1500 mA 

to achieve approximately 23 bars on the user-side Port-C. 

 

3.3 Control System 

Simulation trials at different rates were carried out to find the 

optimum ramp of the control signal for the valve. The simulated 

ramping times include 5, 6, 7, 8, 9, 10 seconds. The control 

signal ramp determines the time angular velocities of the wet 

clutch discs and plates are equalized such that the required 

comfort level and durability are optimized. Every signal has the 

same fill-up characteristic. The time at which the first filling 

signal is received and the time needed for the signal ramp to 

reach the desired current value are the analyzed variables. 

 

4. Simulation Results 

Using the system model explained above, and the variables 

listed in Table 3, the engagement process at 300 N-m load was 

simulated for 40 seconds (Fig. 7). Accordingly, the output shaft 

reaches the target speed in 10 seconds. Input and output shaft 

velocities, clutch and mainline pressures, piston force, 

displacement, speed and acceleration, centrifugal force on the 

piston, spring force on the clutch, stiffness and damping 

coefficients, Coulomb friction coefficient, the fluid flow and 

pressure changes at the proportional valve ports are predicted as 

functions of time. 

Variation of the piston force follows the trend of piston 

pressure and stabilizes at 26,5 kN in 13 seconds and with a 

steady oscillation of +/- 0.5 kN. That is, the piston force reaches 

steady state 3 seconds after the output shaft angular velocity. 

 

 

Fig. 7. Variation of the input and predicted output shaft speeds versus 

time 

 

 

Fig. 8. Predicted variation of the clutch and mainline pressure (left 

axis) and the piston force (right axis) 
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Table 3. List of simulation variables 

Description Unit Value 

Moment of inertia - discs side kgm2 0.1 

Initial linear velocity of the piston m/s 0 

Clutch pack damping ratio  0.25 

Piston mass with 1/3 return spring-mass kg 0.552 

Leakage flow - active side lpm 1 

Piston seal thickness at inside diameter 

- active side 

mm 2.3 

Piston seal thickness at the 

outer diameter - active side 

mm 3 

Index of hydraulic fluid  0 

Piston inside diameter - active side mm 50.825 

Initial rotary speed port 3 – plates side rpm 0 

Initial rotary speed port 2 – discs side rpm 1000 

Piston outside diameter – active side mm 135.38 

Piston outside diameter mm 135.38 

Ambient pressure bar 0.0001 

Fluid entry diameter – active Side mm 60.27 

Moment of inertia - plates side kgm2 0.001+1 

Piston inside diameter mm 50.76 

Initial linear displacement of the piston mm 0 

Initial pressure-active side bar 0.0001 

Initial speed rpm 1900 

Initial torque Nm 300 

 

Fig. 9 shows the predicted fluid flow rates at the piston entry 

and exit ports.  These curves are almost symmetrical at +5 and 

-5 lpm; however, the flow rate at the exit is much less 

oscillatory. The PWM controlled proportional valve is 

responsible for the apparent oscillations of the inlet flow rate. 

The dampened oscillations on the exit side are due to the mass 

and friction damping characteristics of the mechanical elements 

of the clutch. The piston displacement, which is an integrated 

quantity shown on the same plot, gives a flat curve after about 

13 seconds without any variation.  

Fig. 10 shows the simulated variation of piston speed and 

acceleration as functions of time.  These curves are 

supplementary to the piston displacement curve above, and they 

show that the PWM control produces a very oscillatory piston 

acceleration behavior. However, being integrated over time, 

much smaller oscillations are seen on piston velocity, and almost 

no oscillations exist in displacement.  These curves prove the 

consistency of the mathematical model and show the readiness 

of the system for experimental validation. 

 

 

Fig. 9. Simulated behavior of the fluid flow rate (left axis) and piston 

displacement (right axis) vs. time 

 

 
Fig. 10. Simulated variation of piston speed and acceleration vs. time 

 

As shown in Fig. 11, the average fluid flow rate at Port-T 

(tank line) becomes approximately equal to 0 (-0/+0.8) lpm in 

13 seconds, because the tank is a breathing one. The flow rate 

on the user line (Port-A) and the flow rate on the piston line 

(Port-P) are 5.5 (-1.5/+0) and -5.5 (-0/+0.7) lpm.  The timing 

of the oscillations are coincident such that summing the 

oscillations at Port-T and Port-P, the ones at Port-A are 

balanced. Since the valve slider is in motion due to a continuous 

PWM signal, the flow also oscillates with the same 

characteristic as the pressure (Fig. 8). 

The initial temperature of the fluid in the hydraulic system is 

taken as 40oC in both simulations and tests. The behavior of the 

hydraulic control elements and the clutch pack at 60, 80, and 

100oC are also simulated. As the output of simulations, the 

piston pressure and speed versus time are examined. Fig. 12 

shows that as the temperature increases, the clutch pressure at 

steady-state increases slightly. It is seen that the pressure that 

stabilizes at steady-state is approximately 21.5 bars at 40oC 

while it reaches 22.5 bars at 100oC. 

 

5. Experimental Verification 

5.1 Test Method and Set-up 

The effect of hydraulic fluid temperature on the behavior of the 

wet multi-plate clutch is observed on the input shaft and output 
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Fig. 11. Simulated variation of fluid flow rate at the valve ports vs. 

time 

 

Fig. 12. Simulated variation of the clutch pressure at various 

temperature levels 

 

shaft speeds, the hydraulic mainline pressure, and the pressure 

of the hydraulic oil in the hydraulic clutch pack. The tractor was 

loaded with a tail dynamometer under 300 and 600 N-m torque 

at 1,900 rpm (Fig. 13). After selecting the parameters to be 

measured, and the measurement points, instrumentation of the 

hydraulic and mechanical components was completed. A data 

acquisition system (IMC Cronoflex), with frequency data 

ranging from 2 kHz to 1 Hz was used. The engine rotational 

speed was recorded from the alternator side by counting 

impulses. 

A speed sensor measured PTO speed with a unique gear 

geometry mounted on the shank, and the impulses were 

converted and recorded (Fig. 14). Pressure was measured at 

three different points on the mainline, at the clutch, and after the 

control valve (Fig. 15), and a PT-100 sensor measured the fluid 

temperature in the oil pan. 
 
5.2 Test Results 

Tests were started at 1,900 rpm engine speed, and after loading 

at 300 and 600 N-m torque, steady-state was reached at 1,700 

and 1,600 rpm, respectively. The recorded data was processed 

through necessary filtering operations and cleaned from noise 

 

Fig. 13. Test set-up: tractor tail-shaft connection of the dynamometer 

  

Fig. 14. The motor speed sensor (upper) and the tail shaft speed sensor 

(lower) 

 

Fig. 15. Connection of the pressure sensor 

 

(Fig. 16). When the hydraulic pressure is applied to the clutch 

body, the output shaft speed increases parallel to the increase in 

the pressure, and the output shaft speed gets equal to the input 

shaft speed. 

The behavior of the ICE cannot be simulated precisely. 

Because of that, a difference in steady-state speed between 

measured (Fig. 16) and simulated (Fig. 7) results can be 

observed. 

The clutch and mainline pressures (after the pressure control 

valve) versus time are shown in Fig. 17. The pressure curves in 

the 300 and 600 N-m tests have similar characteristics. When 

the valve is opened by the control signal to deliver oil to the 

clutch body, the fluid quickly fills all hydraulic oil lines, pistons, 

and actuators. Thus it overcomes the inertia and activates wet 

grip in 10 seconds. Next, an instantaneous decrease of 2 bars is 
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Fig. 16. The input and output shaft speeds (under 300 and 600 N-m 

torque) 

 

measured, as a new volume is formed for the pressurized oil 

when the mainline pressure signals the controller. The 10-

second signal is applied, and the proportional valve slider moves 

to allow the pressure to pass quickly to the opposite side, then 

closing the user side to increase the pressure through the 

programmed modulation ramp. Meanwhile, the oil temperature 

remains constant at 36.5o and 45oC, during loading at 300 and 

600 N-m, respectively. 

When the test and simulation results of the clutch pressure 

ramp are compared as in Fig. 18, the output curve of the highest 

pressure curve after the triggering is found steeper in the simu-

lation than the measured one. Besides, reaching the maximum 

pressure during the test takes about 3 seconds longer than simu-

lation, and the average clutch pressure is 2.5 bar (~10%) under-

predicted. The predicted oscillations after 13 seconds show a si-

nusoidal nature, while the measure oscillations indicate behav-

ior of a more complex system. These insignificant differences 

may be due to the simplifications in the 1-D model. Yet, the 

comparison proves the strength of the system model in the de-

sign and tune-up of new wet clutch applications. 

 

 

Fig. 17. Behavior of pressure and temperature vs. time under 300 (left) and 600 N-m load (right) 

 

A pressure relief valve is used to maintain the mainline pressure. 

There is a difference of 0.3 bars between the simulation and the 

test results. The over-prediction is approximately 1%. Besides, the 

mathematical model is stiffer than the experimental set-up, giving 

relatively less oscillations. These minor differences are primarily 

due to the fluid and other pressure losses cannot be modeled pre-

cisely (Fig. 19). It is seen that the downward trends in the simula-

tion and test results are similar due to the transfer of oil to the wet 

clutch volume, which is a new control volume at the mainline pres-

sure after the 5th second of the signal for the proportional valve to 

be activated. 

 

6. Conclusions 

In this article, the control of a wet clutch pack using a proportional 

valve in the power take-off unit of an agricultural tractor is inves-

tigated. Simulations using a one-dimensional mathematical model 

led to an optimized system validated on an instrumented test trac-

tor. The validity of the model is discussed by comparing the simu-

lation and test results. 

Variables, including the piston speed, input, and output oil flow 

rate, which are difficult to be measured accurately, are interpreted 

only using the simulation results. Among the measured parameters, 

the clutch pressure increase due to the intended modulation ramp 

was predicted within 10%, and the mainline pressure drop was pre-

dicted within 1%. These results enable much less trial-and-error on 

new designs of the drive-train, wet clutch, and controller. Indeed, 

the model can be improved further by including the ICE so that the 

loss of tail shaft and hydraulic pump speed could be predicted more 

accurately under loading. Pressure drop on the hydraulic circuit 
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may also be predicted better by including geometric details of the 

tubing, hoses, and fittings. In the system, the dither frequency is 

provided by the electronic control card, and stable triggering of the 

valve during the long-term operation is crucial for valve reliability. 

Detailing the controller, proportional valve, leakage, hysteresis, 

valve response models, valve reliability analyses can be performed 

more accurately. 

 

Fig. 18. Measured and predicted clutch pressure vs. time. 

 

Fig. 19. Measured and predicted mainline pressure vs. time. 
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